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ABSTRACT 

Hydrogen Combustion versus Diesel Isobaric Combustion in the Double Compression-

Expansion Engine 

Rafig Babayev 

 

This thesis aims to contribute to the research and development of a new highly efficient 

split-cycle engine concept – the double compression-expansion engine (DCEE) – by 

expanding the knowledge of combustion processes suitable for this and, potentially, other 

modern engines, via experimental and computational studies. In this work, first, the 

importance of continued improvement of internal combustion engines is demonstrated by 

comparing the life-cycle CO2 emissions of different modes of transport, including walking 

and bicycling. Then, an isobaric combustion concept is proposed for use in modern high-

pressure combustion engines, such as the DCEE. Isobaric combustion is compared to 

conventional diesel combustion at different pressure levels, fueling, and EGR rates, and 

shown to reduce cylinder wall heat transfer losses by 20 %, simultaneously improving the 

NOx emissions by a factor of two. An in-situ injection rate measurement technique is 

developed and applied to improve the understanding of the complex injection strategies 

required for isobaric combustion. It is also shown that isobaric combustion is possible to 

achieve with a single fuel injector, but using multiple injectors may offer additional 

benefits of even lower heat losses, better heat release control, and improved soot and NOx 

trade-off. 

Then, an alternative combustion system to the diesel isobaric is proposed – a hydrogen 

direct-injection (DI) compression-ignition (CI) combustion concept, which has the 

advantage of ideally eliminated CO2 and soot emissions. DICI H2 combustion is found to 
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differ significantly from conventional diesel, most importantly, in terms of the injected and 

retained momentum, and in-cylinder flow patterns and fuel-air mixing. Thus, a completely 

different optimization path must be taken for H2 engines, which involves maximizing the 

free-jet mixing phase of combustion while minimizing the momentum-dominated global 

mixing phase. This is achieved computationally in this work by adapting the combustion 

chamber shape to the H2 jets and modifying the injector nozzle, which proved effective. 

Finally, hydrogen combustion is computationally compared to diesel in the context of the 

DCEE on the basis of thermodynamic system parameters and detailed energy breakdown, 

and proved superior. Brake thermal efficiencies in the range of 56 % are demonstrated for 

the entire DCEE powertrain fueled with hydrogen. 
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DISSERTATION OVERVIEW AND OBJECTIVES 

This Ph.D. dissertation proposes and explores different combustion concepts and systems 

for the use in the next generation high-efficiency and low-to-zero emission internal 

combustion engines. These include the isobaric combustion concept, multiple fuel injector 

systems, and high-pressure compression-ignition hydrogen combustion implemented in a 

new split-cycle engine concept– the double compression-expansion engine. The 

dissertation starts with providing the motivation for continued research of internal 

combustion engines for use in vehicles, demonstrating that alternative transport modes are 

not necessarily more environmentally friendly. Then, the work explores two initially 

parallel paths to clean and efficient combustion engines: (1) isobaric combustion with 

multiple fuel injectors, (2) compression-ignition hydrogen combustion. In the first part, 

isobaric combustion is studied experimentally on an engine test rig, an in-situ injector 

characterization technique is developed and implemented to study the complex injection 

strategies required for isobaric combustion, and a multiple fuel injector system is 

investigated computationally to show why it should be combined with the isobaric 

combustion concept. In the second part of the dissertation, a high-pressure direct-injection 

compression-ignition hydrogen combustion concept is introduced and studied 

computationally. It is then implemented in the double compression-expansion engine to 

show how it can achieve brake thermal efficiencies of around 56%. Finally, this dissertation 

provides the scientific background for a successful combination of the two paths that may 

eventually lead to the development of a high-efficiency and zero-emission production 

engine, which may be able to compete with alternative clean propulsion technologies in 

the future. 
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The key high-level objectives of the dissertation are the following: 

 Investigate how to achieve isobaric combustion at a wide range of boundary conditions, 

and how it can improve engine efficiency and engine-out emissions; 

 Investigate how a multiple fuel injector system and isobaric combustion concepts can 

supplement each other for additional improvements in the engine efficiency and 

emissions; 

 Investigate how hydrogen fuel should be used in the more efficient compression-

ignition engines, enabling their CO2-free operation; 

 Lay the foundations for an implementation of the hydrogen isobaric combustion 

concept with multiple fuel injectors per cylinder in the highly efficient and potentially 

emission-free double compression-expansion engine. 
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1. INTRODUCTION 

1.1. Outline of the dissertation 

This dissertation starts with providing motivation for continued research of clean internal 

combustion engines for transport, by comparing greenhouse gas (GHG) emissions 

associated with alternative modes of transport with those attributed to driving a car. This 

analysis is conducted in Section 2. Then, in Section 3, the development of an in-situ 

injection rate measurement technique is presented and discussed. This technique allows 

less complicated (compared to the conventional Bosch long tube method) and more 

accurate measurements of complex injection strategies, which will be required to achieve 

isobaric combustion with a standard single-injector fuel system. Subsequently, 

experimental studies of the isobaric combustion concept are discussed in Section 4, where 

isobaric combustion is first compared to the conventional diesel combustion (CDC) and 

practical challenges associated with the former are addressed. Injection strategies enabling 

isobaric combustion are studied (including the use of the aforementioned in-situ injector 

characterization technique), the means of achieving isobaric cycles at different engine load 

conditions are presented and the effects of simplifying the injection strategy are discussed. 

This is all accompanied by a comparison with the CDC in terms of thermodynamic cycle 

parameters and engine-out emissions. Then, in Section 5, computational fluid dynamics 

(CFD) modeling of isobaric combustion is developed and presented, which can be used for 

detailed computational investigations. In Section 6, the multiple fuel injector concept is 

studied to show its advantages and limitations compared to a single fuel injector, and how 

this concept can be improved when used in combination with isobaric combustion. Section 

7 introduces the use of hydrogen fuel for CI engines to completely eliminate GHG 
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emissions and achieve high thermal efficiencies. A new hydrogen pilot-assisted ignition 

strategy is proposed, and the hydrogen CI engine is compared to the diesel CI engines to 

highlight their distinct differences with far-reaching implications. In Section 8, the 

conventional combustion system is redesigned for an effective use with hydrogen direct-

injection CI mode, also highlighting its intrinsic challenges. Subsequently, in Section 9, 

the hydrogen CI combustion is integrated computationally into the double compression-

expansion engine system to demonstrate its feasibility and possibility of efficient operation. 

The summary of this dissertation is given in Section 11, where the outcomes of this work 

are linked and epitomized in a potential path to the next-generation high-efficiency and 

zero-emission automotive propulsion system. Finally, the dissertation is concluded with a 

“future work” section and a summary of all papers authored during the Ph.D. 

 

1.2. Motorized versus other modes of transport 

Vehicles powered by internal combustion engines have long been associated with 

greenhouse gas emissions. It has been a subject undergoing intense study and a multitude 

of articles have been published encouraging the governments to ban ICE powered vehicles 

in favor of other means of transportation, such as battery-electric vehicles (BEVs), 

bicycles, or even walking/running [1-3]. However, the issue of environmental degradation 

due to anthropogenic causes is much more profound and has to be studied more thoroughly. 

In particular, the life-cycle GHG emissions of food needed to replenish calories burned 

while walking, running, bicycling and driving a car are rarely taken into account. This 

creates the misconception of the environmental consequences of different activities. The 

most typical assumption made when studying the benefits of human-powered modes of 
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transportation is that they are almost or completely emission-free [4-6]. The benefits used 

to be described mainly in terms of the local emissions, such as carbon monoxide (CO), 

nitrogen oxides (NOx), and volatile organic compounds (VOCs). With the developments 

in engines and after-treatment system technologies in the automotive industry, the focus 

was shifted towards GHG emissions, the dominant of which is carbon dioxide (CO2).  This 

study is aimed to put the GHG emissions attributed to the motorized and active transport 

into perspective, by comparing the amount of CO2e emitted per kilometer traveled 

walking, running, bicycling and driving a car. This is achieved by taking into account the 

energy expended by the human body performing the aforementioned activities, estimating 

the amount of food in the form of caloric content of different diets that need to be consumed 

in order to compensate for the energy loss associated with these activities, and the amount 

of GHG emitted in the production of the foods comprising the diets. The latter is calculated 

based on the Life Cycle Assessment (LCA) of the food. The caloric content of food in this 

study is taken from the USDA National Nutrient Database [7], which uses the Atwater 

Specific Factor System. This system already includes all the losses and inefficiencies 

associated with transformation of the total energy stored in the food into the form of energy 

used by human body to generate mechanical work. The details are given in Section 2.4. 

The analysis described above enables the estimation of the amount of GHG (CO2e) emitted 

per distance traveled for different means of transport, which allows a direct comparison of 

the emissions attributed to walking, running, and bicycling with the emissions associated 

with driving a car, ICE powered or hybrid. The car emissions, in turn, are calculated based 

on the Well-to-Wheels (WTW) analysis, which can be assumed equivalent to LCA of foods 

in the context of the current study. This assumption is further justified in Section 2.1. 
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As will be discussed in detail in Section 2, the results of this analysis suggest that the GHG 

emissions from the modes of transport considered in this study are comparable, and in 

many situations, driving a vehicle with hybrid and even conventional powertrains may be 

more environmentally friendly than opting for other transportation methods. 

 

1.3. Double compression-expansion engine 

Transport sector was responsible for about 27% of greenhouse gas (GHG) emissions from 

the EU in 2017 (including aviation and shipping) [1]. 72% of these emissions were from 

road transport, which is dominated by vehicles with internal combustion engines. As 

mentioned in Section 1.2 and further elaborated in Section 2, alternative transport modes 

are not expected to significantly reduce the life-cycle GHG emissions from the transport 

sector. Heavy-duty (HD) diesel vehicles are responsible for about a quarter of CO2 

emissions from the transportation sector in the EU [3]. Owing to an anticipated 45% 

increase in demand for HD vehicles by 2040 [4] the CO2 emissions from HD vehicles is 

only expected to increase in the near future. As a response to this pressing issue, in 2019 

the European Commission has set the first EU-wide CO2 emission standards for HD 

vehicles [5]. The targets of the new regulations are a 15% reduction in the fleet-wide 

average CO2 emissions by 2025, and a 30% reduction by 2030, compared to the EU average 

in the reference period between July 1st 2019 and June 30th 2020. 

Incremental improvements in engine efficiency might not be sufficient to meet the ever 

more strict regulatory targets mentioned above. Thus, a lot of research efforts nowadays 

are focused on designing new engine concepts fundamentally superior to conventional 
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engines in terms of efficiency. Split-cycle engine configurations have been proven 

advantageous owing to the additional degrees of freedom that they offer for optimization 

[8-12]. One of the most recent and successful designs that may help automakers to meet 

the new targets is the double compression-expansion engine (DCEE), also known as the 8-

stroke engine [13, 14]. The layout of this engine concept is illustrated in Figure 1.1. This 

engine consists of three types of cylinders, two of which operate at relatively low pressures, 

while the third one operates at extremely high pressures. First, fresh air is compressed in 

the compressor unit, after which the air is transferred through a low-pressure (LP) tank into 

the combustor unit. The combustor unit is essentially a combustion cylinder of a 

conventional CI engine with the only exception of a lower compression ratio. In the 

combustor, the air is compressed again up to the pressures close to 300 bar, after which 

fuel injection and combustion occur. The combustor unit also accommodates the first stage 

of the expansion process. The size of the combustor unit is limited as much as possible to 

reduce heat transfer and mechanical losses. After the first stage of expansion in the 

combustor is over, the exhaust gases are further transferred through the high-pressure (HP) 

tank into the dedicated expander unit. There, the second stage of expansion is performed, 

in the end of which the gases are at near-atmospheric pressures. The expander cylinder has 

a notably large displacement and expansion ratio which enables a more efficient work 

extraction from a large amount of exhaust gas at relatively low pressures, while limiting 

the friction loss. After the final expansion is over, the gases are discharged into the 

atmosphere. Figure 1.2 to Figure 1.4 illustrate the operating principle of the DCEE with a 

help of P-V diagrams. 
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Figure 1.1. The DCEE concept layout [14]. 

 

Figure 1.2. P-V diagram showing the operation of the compressor unit of the DCEE. 
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Figure 1.3. P-V diagram showing the operation of the combustor unit of the DCEE. 

 

 

Figure 1.4. P-V diagram showing the operation of the expander unit of the DCEE. 

Numerous studies have shown that the DCEE is capable of achieving brake thermal 

efficiency of 56% at higher load conditions (see Figure 1.5) [13-17]. More recent 
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developments have hinted even higher numbers, close to 60%. This is significantly higher 

than the thermal efficiency of even the best modern conventional powertrains, which makes 

the DCEE a highly attractive option for automakers in their pursuit of lower fleet-wide 

average CO2 emissions. 

 

Figure 1.5. DCEE versus CI diesel engine in terms of fuel energy utilization [13]. 

1.4. Isobaric combustion 

The DCEE relies on a high effective compression ratio to achieve extreme efficiencies, and 

thus, it is expected to operate at remarkably high peak motored pressures (PMP) of 250–

300 bar. However, this effectively means that there is no room for further pressure rise due 

to combustion. Most diesel engines rarely reach cylinder pressures higher than 200 bar. 

Operating at 250–300 bar requires certain modifications, whereas pressures higher than 

this are not yet achievable considering cost and friction loss standpoints. The solution is to 
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implement a constant pressure (isobaric) cycle instead of striving for constant volume 

cycles. One of the main advantages of the DCEE is its ability to use the exhaust gases of 

the combustor unit to generate extra useful work. Hence, the exhaust “loss” of the 

combustor unit cannot be considered as a loss in a conventional sense. However, the 

combustor unit’s heat transfer loss is unrecoverable, thus most attempts to further increase 

the DCEE thermal efficiency are focused on reducing heat transfer losses. As will be shown 

in Section 4.3, isobaric combustion strategy is capable of achieving simultaneous 

reductions in the heat transfer losses and NOx emissions. The gross indicated efficiency 

will also be shown comparable to the conventional diesel combustion (CDC) with only a 

marginal penalty on soot emissions. The ideal thermodynamic cycle of the entire DCEE 

system utilizing isobaric combustion is a Brayton cycle. This is illustrated in Figure 1.6. 

 

Figure 1.6. The ideal thermodynamic cycle of the entire DCEE system. 

It was shown by Okamoto and Uchida [18] that achieving cycles close to isobaric is 

possible using three injectors. They were able to realize several different combustion 

cycles, which were classified according to different pressure ratios (rp = peak cylinder 
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pressure / compression pressure), starting from more isochoric combustion (rp = 1.77) and 

reaching close to isobaric conditions (rp = 1.18). In this thesis, the pressure ratio is further 

decreased down to 1.00, meaning heat addition is entirely isobaric. Furthermore, it will be 

shown that to achieve the heat release rate shapes necessary for the isobaric combustion 

cycle, three injectors are not necessary. A single conventional centrally mounted injector 

utilizing multiple consecutive injections can achieve similar shapes for the heat release rate 

as a system of multiple injectors can. Even though, for a given compression ratio, the ideal 

thermodynamic efficiency of an isobaric cycle is lower than that of the isochoric or mixed 

cycles, it will be shown in Section 4.1.3 by means of simple intuitive calculations, that 

under realistic boundary conditions, even idealized mixed and constant pressure cycles can 

have very similar results in terms of the thermodynamic efficiency. Furthermore, the 

detailed experimental results in Section 4.3 prove that at some conditions, the efficiency of 

the isobaric combustion cycle can exceed that of the mixed cycle because of second order 

effects, and simultaneously, an improvement in the emissions values can be achieved. 

One of the challenges associated with isobaric combustion cycle is the need for multiple 

injections with relatively short delay between the successive injections. This is required for 

a fine control of the shape of heat release. In this work, a solenoid-valve injector is used to 

achieve isobaric combustion. The solenoid-valve injectors have relatively low needle 

speeds, thus very short separations between injections lead to instabilities in the fuel 

injection system (see Section 4.4). Moreover, most modern injection systems are designed 

for only one main injection event along with several pilot or post injections to help reduce 

the NOx and soot emissions. The effect of using multiple main injections with short shot-

to-shot separations on the injection system stability and wear has not been explored yet. 
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Taking the aforementioned issues into account, it is necessary to study a number of 

alternative injection strategies that lead to cycles close to isobaric, which is one of the 

targets of this work. 

As mentioned above, isobaric combustion requires complex injection strategies with short 

delays between injections. These short closely-phased injections translate into a highly 

transient injection process with potentially unpredictable hydraulic effects. Thus, it was 

decided to study the injection strategies of interest using injection rate measurement 

techniques, also known as the injector characterization. The most commonly used 

technique for injection rate measurements is the Bosch long tube method which relies on 

recording the pressure waves during an injection event [19]. However, with this method, 

the injector is mounted on a dedicated test rig, which cannot fully reproduce real-engine 

operating conditions. There are certain acoustic effects induced by an injection event and 

a subsequent propagation of pressure waves into the rail and back to the injector. These 

effects can only be captured if the measurements are performed on the actual engine. 

Hence, an in-situ technique was developed and implemented, that enables injector 

characterization at near real-engine conditions. The cost and complexity of experiments 

with this method are also significantly reduced compared to traditional techniques. The 

details of the developed method are discussed in Section 3. 

To enhance our understanding of the split injection strategies needed for isobaric 

combustion, the spray momentum analysis is performed in the present work (see Sections 

3.3, 4.5.3, and 4.6.1) by applying the aforementioned in-situ technique. The injection rate 

was estimated for all studied cases which helped to better understand the trends in the heat 

release rate and the pollutants formation. 



39 
 

It is also necessary to investigate the effect of different load conditions on the isobaric 

combustion cycle, as well as the means of achieving them. Simply increasing the injection 

duration to achieve higher engine loads is not feasible under the constraints of an isobaric 

heat addition, as discussed in Section 4.4. This thesis also presents a strategy that can be 

employed to achieve different engine loads. 

The following two studies are performed at 150 bar PCP: 

1. Variation of load (1.3 – 20 bar IMEPg) by increasing the number of injections (1-5) 

and their duration, when needed. This is discussed in Section 4.5. 

2. Variation of the number of injections (1-4) at a constant medium load (11.2 bar 

IMEPg), discussed in Section 4.6. 

The analysis is focused on the heat release rate shape, efficiency and emissions. 

 

1.5. Multiple fuel injectors concept 

As discussed in Section 1.4, the isobaric combustion concept requires complex split main 

injection strategies with short shot-to-shot separations. This puts great burden on the 

conventional fuel injection systems. Moreover, late injections at higher loads struggle with 

keeping the pressure constant due to faster expansion and heat losses (see Section 4.4). 

Furthermore, the multiple injections inevitably lead to liquid fuel injection into hot pockets 

of combustion products. This results in faster evaporation, less time for mixing, and 

consequently, more fuel-rich regions. As a result, soot emissions tend to increase, as will 

be shown in Sections 4.3.1.2, 4.3.2.2, 4.5.4, and 4.6.2. 
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The aforementioned issues may be solved by installing more than one injector per cylinder. 

Multiple fuel injector concepts have been studied before both computationally and 

experimentally. Some concepts focus on alleviating the drawbacks of pilot injections (such 

as elevated soot emissions) by equipping the engine with an additional common-rail fuel 

injector per cylinder, thus spatially separating the pilot from the main injection [20, 21]. In 

2016, Okamoto and Uchida introduced a split fuel injector concept capable of spatially 

separating main injections too, equipping the engine with two additional side injectors per 

cylinder (see Figure 1.7) [18]. They showed experimentally that heat release rate profile 

can be more easily controlled with multiple injectors. Moreover, a simultaneous reduction 

in both NOx and soot emissions was achieved with this system, which was explained by 

lower combustion temperatures and local equivalence ratios. 

 

Figure 1.7. Layout of the DI system comprised of one central injector and two side 

injectors mounted at the bowl rim [18]. 
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Nyrenstedt et al. [22] then studies this concept with the aid of RANS simulations and 

reported 13% lower heat transfer losses compared to a conventional single-injector system. 

The reduction was achieved when using two side injectors placed and the rim of the piston 

bowl. With this configuration, high temperature zones could be kept further away from the 

cylinder walls, thus reducing heat flux to them. In principle, the mechanism of heat loss 

and NOx emissions reduction is similar for the multiple-fuel-injector and isobaric 

combustion concepts. 

This thesis extends the concept with two side fuel injectors to more relevant engine 

operating conditions. As briefly mentioned previously, the DCEE achieves its peak system 

efficiency at 56 bar FuelMEP for combustor unit, which approaches the maximum load 

capabilities of diesel engines. Also, this operating point requires 36.4% EGR to keep NOx 

emissions and heat losses under control [14]. These requirements challenge the side-

injector concept, pushing it to the limits in terms of its mixture formation characteristics. 

This work will assess potential of an engine equipped with side fuel injectors under high-

load high-EGR conditions relevant for many modern engines, including the DCEE. This is 

presented in Section 6.  

 

1.6. Hydrogen engines 

With conventional hydrocarbon fuels, the most obvious path to lower CO2 (GHG) 

emissions is through improvements in energy conversion efficiency. All previously 

mentioned technologies and strategies (the DCEE, isobaric combustion, multiple fuel 

injectors), in one way or another, aim to improve the energy conversion efficiency of 

powertrains. With combustion hydrogen engines, on the other hand, GHG emissions are 
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not a concern since no CO2 is generated by their operation. Hence, hydrogen engines seem 

to be the ultimate solution to engine-out CO2 emissions.  

However, the cost of operation becomes the major concern with hydrogen engines, 

considering the current high price of H2 production and distribution. For example, the cost 

of H2 production from renewable sources in 2018 was between 25 and 63 USD/kJ, while 

the cost of diesel production was between 11 and 14 USD/kJ in the US [23, 24]. This is an 

especially crucial factor for the commercial transport sector, where the issue is further 

exacerbated by the fact that hydrogen powertrains themselves are usually more expensive 

than conventional powertrains. 

In light of the EU’s efforts to decarbonize its economy set out in the European Green Deal 

[25], hydrogen has recently become a highly attractive energy carrier, especially for sectors 

where alternatives might not be feasible or cost-effective. These include long-term and 

large-scale storage, energy-intensive industrial applications, and heavy-duty and long-

range transport. In this context, on July 8th, 2020, the European Commission initiated a 

new dedicated strategy on hydrogen in Europe [26], simultaneously launching the 

European Clean Hydrogen Alliance [27], aiming to assist in large-scale deployment of 

hydrogen technologies and infrastructures by 2030. In June 2020, the German government 

announced investment of 10.2 billion USD in a nation-wide strategy to promote hydrogen 

technologies [28]. One of its key targets is to enhance the hydrogen transport and 

distribution infrastructure in Germany, as well as to involve other countries in this 

endeavor. Thus, hydrogen is currently viewed as the most promising clean energy carrier 

of the future, and the hydrogen infrastructure – historically, one of the biggest limiting 

factors for development of hydrogen technologies – is now rapidly expanding in many 
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counties, both in the EU and outside. This sparked research interest in the energy 

conversion technologies that are capable of using hydrogen as the fuel. Among these are 

hydrogen internal combustion engines (ICE) and, more recently, hydrogen fuel cells. 

One of the most promising technologies that may potentially pose a strong competition to 

combustion engine, is the proton-exchange membrane (PEM) fuel cell, taking into account 

its high thermodynamic efficiency and zero emissions. However, fuel cell systems also 

face serious challenges in the heavy-duty (HD) truck applications, such as fuel cell stack 

durability, cooling power requirements, braking power requirements, and cost of 

manufacturing. Tackling these issues is difficult and costly, which makes hydrogen-fueled 

ICEs a very appealing option that most HD vehicle manufacturers will consider in the 

coming years. As a result, hydrogen ICEs are expected to strongly compete with alternative 

powertrain technologies, at least during the transition to decarbonized economies, and 

probably even after. Hence, it is crucial to investigate different hydrogen combustion 

processes to identify the most promising ones, and further develop them, which is the main 

focus of this work. 

This work aims to highlight and analyze a direct-injection (DI) compression-ignition (CI) 

hydrogen combustion concept (non-premixed) using computational fluid dynamics (CFD) 

simulations. The DICI H2 combustion concept is one the most promising technologies that 

is expected to be widely used in the next generation high-efficiency and CO2-free hydrogen 

internal combustion engines. The efficiency analysis is done in the context of the DCEE.  

Basic thermodynamic considerations are discussed in Section 7.1 to assess the pros and 

cons of the DICI H2 combustion engine versus the conventional spark-ignited (SI) 

hydrogen engines. In Section 7.2, a number of modeling challenges associated with 
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gaseous hydrogen jet injection and combustion processes are described and addressed, and 

the best modeling strategies are identified and validated with the experimental data. 

Subsequently, validation of full 3D engine simulations is carried out against diesel engine 

experiments in Section 7.3. The performance of the detailed hydrogen kinetic model used 

in the simulations is also assessed and discussed in Section 7.4. After the systematic 

validations of the model, a comprehensive analysis of the DICI H2 combustion concept is 

carried out, including a comparison with the conventional diesel combustion (CDC), which 

identifies key differences and implications for future developments (Sections 7.6 and 7.7). 

This work also proposes and describes a single-fuel pilot-assisted ignition process, which 

enables a completely CO2-free operation of hydrogen CI engines (Section 7.5). Finally, the 

DICI H2 combustion concept is assessed in terms of energy losses and thermodynamic 

efficiency (Section 7.9). 
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2. MOTORIZED VERSUS OTHER MODES OF TRANSPORT: A 

LOOK INTO THE GLOBAL WARMING IMPLICATIONS 

In this chapter, a methodology for a valid comparison between the GHG emissions from 

different modes of transport is developed. It is subsequently used to show that driving 

vehicles with hybrid and even conventional powertrains may, in many situations, inflict 

less impact on the environment than opting for other modes of transport. This chapter 

provides motivation for continued research of engines for transport purposes. 

2.1. Background 

To make a valid comparison between the emissions of human-powered transportation 

methods and the emissions concomitant with driving a car, the WTW emission values are 

taken for a vehicle with conventional powertrain (Opel Astra) and a hybrid vehicle (Toyota 

Prius). WTW analysis evaluates: (1) GHG emissions, (2) Energy efficiency, (3) Industrial 

costs of different powertrains and fuels for automotive vehicles. It can further be split into 

two categories: (a) Well-to-Tank (WTT) analysis, and (b) Tank-to-Wheels (TTW) analysis. 

The WTT analysis estimates the energy required and GHGs emitted to deliver fuel to the 

on-board fuel tank of a vehicle. It covers all processes involved, including extracting, 

capturing or growing the primary fuel, its transportation, refinement into the road fuel, 

distribution and refueling of vehicles. Production costs and fuel availability are taken into 

account as well. 

The TTW analysis estimates the energy required and GHGs emitted during the 

transformation of the fuel energy into mechanical energy in a vehicle in accordance with a 
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reference driving cycle, which is the New European Driving Cycle (NEDC) [29] in this 

study. 

Particular emphasis should be put on the fact that WTW analysis is not the same as LCA 

of a vehicle, since it neglects the energy expenditure and GHG emissions associated with 

production of vehicles as well as construction of the factories and facilities involved, but 

focuses mainly on automotive fuels and powertrains. In the context of this study the LCA 

of foods and WTW analysis of vehicles are directly compared based on the fact that food 

can be viewed as a ”fuel” for a ”powertrain” that is human body. The final WTW GHG 

emissions obtained from this analysis are 151 gCO2e/km for a vehicle with a conventional 

powertrain (Opel Astra in this case) [30], 16% of which come from WTT emissions. For 

comparison, Toyota Prius is estimated to have WTW GHG emissions about 95 gCO2e/km, 

which is 37% lower than that of Opel Astra [31]. WTT emissions of Prius still constitute 

about 16% of the total WTW emissions. The calculations are based on an adapted 

procedure suggested by the European Commission-Joint Research Center [32, 33]. This 

procedure is presented in Appendix A1. It should also be noted that the dietary CO2 

emissions of the driver and the passengers were added to the WTW emissions of the vehicle 

itself. 

The following three countries are analyzed separately: (1) Sweden, (2) UK, (3) USA. The 

reason lies mainly in the drastically different GHG emissions associated with food 

production in different countries. The countries are selected based on the availability and 

reliability of the data needed for the analysis. It was also decided to develop different 

procedures of estimating GHG emissions of walking, bicycling, running and driving a car 

depending on the country it is applicable to. The reason for that was the scarcity of certain 
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data for individual countries. On the other hand, this decision helped diversify the analysis. 

Methods used in this study are described in Section 2.2. 

To accurately estimate the GHG emissions of an automobile with passengers the mass of 

the passengers is also considered. As the number of passengers increases the vehicle 

becomes heavier leading to a higher fuel consumption, which, in turn, results in higher 

CO2 emissions. The relation between fuel consumption and the mass added to the vehicle 

was studied by Pagerit et al. at Argonne National Laboratory [34]. According to this study 

10% increase in vehicle mass leads to 4.1% increase in fuel consumption (on a L/100km 

basis), while 20% increase in vehicle mass leads to 8.2 % increase in fuel consumption. 

The values were given for a midsize vehicle with conventional powertrain under the UDDS 

cycle (the driving cycle effect was minimal). In this study, the increase in the percentage 

of vehicle mass with every passenger added is calculated assuming the vehicle mass with 

a driver is 1544 kg and the mass of each passenger is 71 kg. The number of passengers is 

varied from 1 to 4. Then, the percentage increase in fuel consumption is obtained based on 

the values suggested by Pagerit et al. using linear interpolation, since the relation is 

approximately linear. 

Another aspect that influences the GHG emissions of a vehicle is the cold start. The vehicle 

fuel consumption, and hence, GHG emissions are higher when the engine is cold, due to 

higher friction losses and changes in equivalence ratio. The NEDC procedure begins with 

a cold start, hence, in the beginning of the test cycle when the engine is still warming up, 

the emissions are higher than usual. This introduces a non-linearity to the results. This 

effect was assumed negligible in this study. The NEDC covers approximately 11 km, 
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consequently, the emission values presented are expected to be slightly underestimated if 

one drives a distance shorter than that. The opposite also applies. 

In this study, the carbon dioxide emissions attributed to breathing are also evaluated. The 

methods and results are presented in Appendix A2. The respiratory carbon dioxide is 

proven to be significant, adding 10-30% to the total emissions of a person commuting. 

However, it was decided not to add it to the total GHG emissions when making the 

comparison. The reason for that is the fact that people are a part of the natural carbon cycle, 

and the CO2 we expel will later be used by plants to produce oxygen. This is, however, not 

the case for the industrialized food production, which causes liberation of far more carbon 

than the environment can effectively process. 

Finally, given all the background information needed for comparison, the details of the 

methodology used to estimate the GHG emissions attributed to walking, running and 

bicycling are described in the subsequent section. 

2.2. Methodology 

The methodology used in the current study to estimate the GHG emissions of different 

means of transportation is summarized in Figure 2.1. Each step of the method is explained 

in the subsequent sections, starting from the “Energy Expenditure”, followed by the “Food 

Energy Content”, and finalized with the “Food Production GHGs” section. The ”Energy 

Expenditure” (Section 2.3) is applicable to all three countries, while the ”Food Energy 

Content” (Section 2.4) reports values for Sweden in kWh/kgfood, and for the US in 

kWh/day, as per the methodology described in Figure 2.1. The “Food Production GHGs” 
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(Section 2.5) contains the values for Sweden in gCO2e/kgfood, the US in gCO2e/day, and 

the UK in gCO2e/kWh. 

 

Figure 2.1. The flowchart of estimating GHG emissions of different transportation 

modes. 

2.3. Energy expenditure 

The first step in the calculation of GHG emissions of humans during different activities is 

the identification of the energy expenditure of the activities. The reported data varied 

substantially depending on the data source. To ensure the accuracy of the study, several 

different sources are analyzed to obtain the mean values and the Standard Error (SE). The 

data points are presented in Figure 2.2 as diamonds. Mean and SE are illustrated in the 

form of horizontal lines and error bars, respectively. 
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Figure 2.2. Energy expenditure of different activities in Wh/km. The horizontal lines 

indicate mean values, and the error bars indicate standard error. The diamonds 

represent data points [35-43]. 

The values summarized in this study were reported by several authors and were estimated 

using different techniques. Some are based on recording the time spent in each of the 

various activities and measuring their energy cost by indirect calorimetry [35]. Others are 

based on the measurement of peak aerobic power (VȮ2peak) and converting it to kilojoules 

assuming that 1 mL of oxygen consumed produces 20.1 joules of energy [36, 38, 44-47]. 

There is a multitude of models used to predict VȮ2peak. Some of them are listed in 
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Appendix A3. VȮ2peak can then be multiplied by the amount of energy produced per ml 

of oxygen consumed by the human body and the body weight to get the energy expenditure 

per unit time. For this study, these values were divided by the speed to obtain the energy 

consumption per unit distance. 

Another way of estimating the energy consumption of humans during different activities 

extensively used in this study is the method developed by the University of Colorado 

Hospital [37]. The prediction is made by using the following equation: 

 𝐸𝑛𝑒𝑟𝑔𝑦𝐶𝑜𝑛𝑠. [
𝑘𝑐𝑎𝑙

𝑚𝑖𝑛
] = 0.0175 × 𝑀𝐸𝑇 × 𝑊 (2.1) 

where W - body mass [kg],  

MET - metabolic equivalent of task. 

Metabolic equivalent represents the amount of energy expended and oxygen consumed 

while performing a specific activity. One MET is equivalent to the amount of energy 

expended while sitting still. During exercise, the MET level increases as the result of higher 

energy and oxygen demand of the working muscles. METs are retrieved from the charts 

by different sources, including Jette et al. [39] as well as the University of Colorado 

Hospital [37]. 

The human energy expenditure is usually recorded at steady state, hence, the speed 

variations during walking, running, and bicycling are not taken into account. The average 

walking, running, and bicycling speeds are assumed to be 4.8 km/h, 9.7 km/h, and 16.0 

km/h, respectively. These are the average values taken from the sources of the energy 

expenditure data. The car speed is assumed to be 60 km/h. As seen from Figure 2, running 
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is the most energy-intensive activity out of all physical activities considered. Next comes 

walking, then bicycling. It can also be observed that the least energy-intensive activities 

considered are driving a car and sitting still (as a passenger), accounting for only 3.6% and 

2% of the energy consumption of running, respectively. 

2.4. Food energy content 

The analysis of food energy content was done for 3 countries and several different diets. 

Details are described below: 

1. Swedish diets: 

(a) Beef-only diet 

(b) Diet A 

(c) Diet B 

(d) Diet C 

2. The US standard diet 

3. The UK diets: 

(a) Beef-only diet 

(b) Vegetarian diet 

(c) Medium-meat diet 

(d) High-meat diet 
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It should be noted that, even though the assumption of a regular diet consisting only of beef 

is not reasonable, the beef-only diet is still considered in this article to account for all 

occasions when a person opts to replenish the calories lost commuting by eating meat. In 

addition, analyzing this diet helps to show the crucial role of meat in the total emissions of 

regular diets. 

2.4.1. Sweden 

Table 2.1 lists the constituents of the three Swedish diets and their caloric ratings. 

Table 2.1. The composition of the diets A, B and C, the mass and caloric content of each 

constituent [7, 48]. 

Diet composition 
Edible 
weight 

[kg] 

Caloric 
content 

[kcal/100g] 

Diet A 

Carrots: domestic, fresh, raw 0.10 41 

Whole wheat: domestic, cooked 0.10 62 

Soybeans: overseas by boat, cooked 0.25 141 

Apples: domestic, fresh, raw 0.10 52 

Diet B 

Green beans: EU, boiled 0.10 35 

Potatoes: cooked 0.30 166 

Pork meat: cooked 0.10 273 

Orange: overseas by boat 0.10 47 

Diet C 

Vegetables: frozen, cooked 0.10 60 

Rice: overseas by boat, cooked 0.20 130 

Beef: domestic, fresh, cooked 0.10 206 

Tropical fruits: by plane, raw 0.10 86 
 

Meal A has a total of 1.07 kWh/kg energy, Meal B - 1.65 kWh/kg and Meal C - 1.42 

kWh/kg, while beef has 2.18 kWh/kg [7]. For comparison, the energy content of gasoline 
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is 12.22 kWh/kg and diesel - 12 kWh/kg [49]. Losses during all stages of the food 

production, including preparation and consumption, were taken into account. 

The caloric contents of the foods are taken from the USDA National Nutrient Database [7]. 

These values were estimated using the Atwater specific factor system [50], which is a 

refinement based on a reexamination of the Atwater general factor system introduced in 

1896 by W.O. Atwater and his colleagues at the United States Department of Agriculture 

(USDA). The original system was based on the estimation of the heat of combustion of 

carbohydrates, proteins, and fats using bomb calorimetry. This was then adjusted for losses 

in digestion, absorption, and urinary excretion. It yielded a single factor for each substrate: 

4 kcal/g for proteins, 9 kcal/g for fats and 4 kcal/g for carbohydrates. This method has been 

widely used due to its apparent simplicity. The refined Atwater specific factor system 

introduced by Merrill and Watt in 1955 [50] instead of using average factors, derived 

different factors for proteins, fats, and carbohydrates, depending on the foods in which they 

are found. Both methods are based on Metabolizable Energy (ME), which is defined as 

follows: 

 𝑀𝐸 = 𝐺𝐸 − (𝐹𝐸 + 𝐺𝑎𝐸 + 𝑈𝐸 + 𝑆𝐸) (2.2) 

where GE - Gross energy of food, 

FE - Faecal energy, 

GaE - Combustible gas (from fermentation), UE - Urinary energy, 

SE - Surface energy. 



55 
 

The complete human body energy balance is presented in the schematics given in Appendix 

A4 [51]. 

It should be noted that the Atwater system has been criticized in the literature for its 

inaccuracy in predicting the caloric content of certain foods [52], however, no real 

alternatives have been proposed. There are few other systems in the literature, such as Net 

Metabolizable Energy System which is based on NME rather than ME. NME values 

resulted from further accounting for heat generated due to microbial fermentation, as well 

as obligatory thermogenesis, which is the energy that cannot be used for the production of 

the Adenosine Triphosphate (ATP), i.e. the molecule known for storing and transporting 

chemical energy. However, in the current study, the Atwater specific factor system is used 

as the most standardized and widely used system available for the time being, while still 

offering a reasonable accuracy. 

2.4.2. USA 

The analysis for the US is done only for a standard US diet. Average caloric intake in the 

US, including losses, is estimated to be 2534 calories or 2.95 kWh per day. It was obtained 

from the Loss-Adjusted Food Availability dataset in the USDA Food Availability (Per 

Capita) Data System [53]. As was described in Section 2.2, the GHG emissions of this diet 

is given in the next section, which then will be divided by the average daily energy 

consumption to obtain the average amount of CO2e emitted per kWh of food energy. This 

can be coupled with the energy expenditure of the transportation methods to arrive at GHG 

emissions per distance. 
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2.5. Food production GHGs 

The life-cycle greenhouse gas emissions estimation is quite a challenging task. 

Methodologies for estimating the carbon footprint have many issues and are still evolving 

[54]. They are based on Life Cycle Assessment (LCA) guidelines such as ISO 14040 [55] 

and PAS2050 [56]. These are usually used in conjunction with procedures recommended 

by the Intergovernmental Panel on Climate Change (IPCC) [57]. 

CO2 is not the only gas causing the global warming. Gases like methane and nitrous oxide 

are also considered to be GHGs. It is a common practice to represent the quantities of other 

GHGs in the equivalent quantity of CO2, which is called equivalent carbon dioxide 

(CO2e). This convention was used in the current study. CO2e is a quantity of CO2 that has 

the same global warming potential (GWP) as a given type and amount of greenhouse gas. 

GWP is a measure of the ability of a greenhouse gas to cause radiative forcing, or simply 

how much heat it traps in the atmosphere. 

Depending on the country of origin the amount of CO2e emitted while producing a 

particular type of food can vary substantially. Figure 2.3 puts the amount of CO2e released 

while producing one kilogram of beef in different countries into perspective. 
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Figure 2.3. Amount of GHGs emitted per mass of beef produced in different countries 

[58-62]. 

* California Angus beef; 

** Kobe beef. 

Evidently, the values can differ by a factor of two compelling the analysis to be done on a 

country-by-country basis. The reason behind such dramatic difference lies in many aspects 

of agricultural and beef production systems of different countries. For example, the 

fattening of beef cows in Japan requires much higher energy investments than in Sweden 

(169 MJ/kgbeef [62] vs 25.9 MJ/kgbeef [59], respectively). 
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2.5.1. Sweden 

The CO2e emissions from the Swedish diets are presented in the Figure 2.4 

 

Figure 2.4. CO2e emissions per kg of different diets in Sweden [48, 59]. 

Meal A is the most environmentally friendly out of the three contributing only about 0.8 

kgCO2e/kgfood, Meal B contributes almost three times as much, while Meal C emits almost 

12 times more compared to Meal A [48]. Such a big discrepancy can be explained by the 

fact that some foods are produced domestically, while others are brought from abroad by 

ships and airplanes. Moreover, environmental burdens of production of different foods can 

vary drastically. 
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2.5.2. USA 

Heller et al. [63] claims that the standard American diet including all the losses during food 

production and consumption, emits about 5 kgCO2e per capita per day, 1.4 kgCO2e of 

which comes from food wasted in the production and at the retail. Dividing the amount of 

CO2e per day by the average energy consumption per day gives the average amount of 

CO2e emitted per kWh of food energy for the standard US diet. This value is approximately 

equal to 1.7 kgCO2e/kWh. It is shown later in the article that the environmental impact of 

this diet lies somewhere between that of the Swedish Meal B and the British medium-meat 

diet. 

2.5.3. UK 

As was mentioned previously, the methodology implemented for the UK differs from that 

for Sweden or the US. Instead of considering the GHG per kg of food and caloric content 

of food separately, the amount of CO2e per energy content of food is directly taken from 

the paper by Scarborough et al. [64]. This paper reported the GHG emissions for a number 

of diet types, out of which three most popular were selected: vegetarian (0 gmeat/day), 

medium meat (50-99 gmeat/day), and high meat (≥ 100 gmeat/day) diet. The values for beef-

eaters are obtained in the same way as in the analysis for Sweden, with gCO2e per gbeef  

taken from the paper by Williams et al [58]. In his study, Scarborough estimated the energy 

content of food using a modified Atwater system. The values of the GHG emissions per 

diet type are summarized in Figure 2.5. 
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Figure 2.5. CO2e emissions per energy content of different diets in the UK [58, 64]. 

Again, beef accounted for the highest GHG emissions, and the environmental impact of 

each diet was decreasing with the reduction in the amount of meat in the diet. 

2.6. Comparison of GHG emissions from the different modes of transport 

The results are presented on a country-by-country basis, first, for one and five persons 

separately, then for varying number of persons commuting. The values are grouped 

according to diet type and transportation method. For purposes of comparison, the 

emissions of the vehicles in all three countries are based on the NEDC. 
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2.6.1. Sweden 

Figure 2.6 shows that, if a person decides to eat meat to replace the calories lost commuting, 

the amount of GHGs that this person emits driving a conventional ICE vehicle are two to 

five times lower than those emitted walking, running or bicycling. This difference is even 

bigger when comparing to the more efficient Toyota Prius (HEV). If five people take a car 

(Figure 2.7), the amount of GHGs emitted is up to 22 times less than if they had chosen the 

other means of transportation and compensated for lost calories by eating meat. 

 

Figure 2.6. CO2e emissions of one person per km by diet type and transportation method 

in Sweden. 

When more balanced diets are considered, the results become ambiguous. First, comparing 

environmentally friendly diet A to either conventional vehicle or HEV, it is apparent that, 

irrespective of whether a person was bicycling, walking or running, the CO2e emissions of 

cars are two to seven times higher. However, a more popular diet B has emission levels 
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comparable to that of cars. Even though it is considerably lower than that for ICE cars, it 

turns out to be quite close to the emissions of HEV: bicycling and walking being 60% and 

20% lower, respectively, while running being 14% higher. When five people commute, as 

seen from Figure 7, even the most environmentally friendly diet A emits same or higher 

amount of CO2e as cars, while diet C emits tremendous 2850 gCO2e/km for running - 17 

times more than driving a hybrid car. 

 

Figure 2.7. CO2e emissions of five persons per km by diet type and transportation 

method in Sweden. 

Figure 2.8 presents GHG emissions of different means of transportation as a function of 

the number of people commuting if they choose the balanced diet B. It can be observed 

that the borderline, above which hybrid cars like Prius start having lower CO2 footprint, is 

3 persons.  
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Figure 2.8. CO2e emissions per km by the number of persons and transportation method 

in Sweden for diet B. 

This borderline for less efficient conventional cars is 4 persons. Bicycling is the most eco-

friendly option, being quite far below walking and running. If bicycling is excluded from 

the comparison, the borderline where cars become more eco-friendly is 2 persons traveling. 

If a person is less eco-conscious, meaning one does not pay much attention to the origins 

of the food he/she consumes, the carbon footprint of such a person might easily end up 

close or even above the values reported for diet C (Figure 2.9). As shown previously, even 

if there is only one person in the car the amount of GHGs emitted by this person and a car 

is less than that from one person bicycling. Five people bicycling, on the other hand, are 

emitting 1056 CO2e/km, which is 4.6 and 6.3 times more than a conventional car and a 

hybrid, respectively. The effect of diet C was presented in more details in Figure 2.9 as a 

function of the number of people commuting. 
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Figure 2.9. CO2e emissions per km by the number of persons and transportation method 

in Sweden for diet C. 

It is also interesting to break down the emissions of a car with five people inside by the 

sources. The importance of the choice of food can easily be appreciated based on the 

difference between emission distributions in Figure 2.10 and Figure 2.11. If the driver and 

the passengers ate steak, together they account for almost 40% of the total emissions. 

However, if they choose the environmentally friendly diet A, this fraction is only 4%. 

Another factor to be considered is the mass of the people in the car. The increase in the fuel 

consumption of the car owing to added mass results in 7-8% higher CO2e emissions. 
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Figure 2.10. Emissions distribution for five persons riding a car in Sweden if they choose 

beef diet. 

 

Figure 2.11. Emissions distribution for five persons riding a car in Sweden if they choose 

the environmentally friendly diet A. 
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2.6.2. UK 

The beef eaters in the UK, once again, cause the biggest impact on the environment when 

they run, accounting for almost 624 gCO2e/km, which is 3.6 times more than a 

conventional car and over 5 times more than HEV, as seen from Figure 2.12. Bicycling, as 

previously, while being the least harmful of the physical activities considered, still has 

significantly higher emissions than both the ICE vehicle and the hybrid. 

 

Figure 2.12. CO2e emissions per km by diet type and transportation method in the UK 

for one person commuting. 

Among the more normal diets the most eco-friendly one is the vegetarian diet. It causes 

similar GHG emission for walking and driving a hybrid car, as well as for running and 

driving a conventional car (the latter are only 9% apart). Bicycling, however, is the cleanest 

transportation method and accounts for only 52 gCO2e/km. 
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Medium-meat diet has approximately 50% greater impact than vegetarian, resulting in 

nearly same emissions for walking and driving a normal car. Running has a significantly 

higher impact while bicycling has lower. 

High-meat diet (≥ 100 gmeat/day) has even higher CO2 footprint, resulting in 99 gCO2e/km 

even for the most environmentally friendly method of transport that is bicycling. This is 

very close to the emissions from HEV, though, considerably lower than those of an average 

car. Walking and running result in up to 2.5 times more emissions than cars. 

The results of analysis of five people commuting are unambiguous. 

Figure 2.13 demonstrates that the emissions of five people walking, running and even 

bicycling are drastically higher than those of both conventional vehicles and hybrids. 

 

Figure 2.13. CO2e emissions per km by diet type and transportation method in the UK 

for five persons commuting. 
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Figure 2.14 presents the GHG emissions associated with medium-meat diet as a function 

of the number of people commuting. It can be seen that two or more people commuting in 

the same car emit less CO2e than two or more people walking or running. If the people 

prefer bicycling, however, the borderline shifts to three people traveling. Furthermore, the 

borderline for the UK is one person below than that for Sweden, which is mostly due to 

higher GHG emissions associated with non-meat products in the UK. This comes from the 

fact that the meat production in the UK has lower CO2 footprint than in Sweden, as was 

shown previously in the thesis.  

As an extreme case, five people running were found to be emitting 1045 gCO2e/km, about 

8 times the emissions of the people riding Toyota Prius (HEV). 

 

Figure 2.14. CO2e emissions per km by the number of persons and transportation 

method in the UK for the medium-meat diet. 
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2.6.3. USA 

As was mentioned previously, the analysis for the US differs from that for Sweden and the 

UK. The fundamental difference is that a standard diet is chosen based on the statistical 

analysis of the US market, meaning the use of basic food commodities was estimated by 

tracking their depletion in the marketplace. As a result, instead of calculating emissions for 

several different diets, one common diet prevailing among the US citizens was chosen. The 

resulting emissions are visualized in Figure 2.15. It can be concluded that the standard US 

diet’s CO2 intensity can be positioned in between the Swedish diet B and the British 

medium-meat diet. It should be noted that the dark chequered segments on top of each bar 

of the graph indicate the losses associated with food production and consumption in the 

US and are given as a complementary insight into how much more GHGs are emitted 

because of food waste. It causes roughly 30 % of the total emissions in the case of walking, 

bicycling and running, but is much less significant in case of driving a car - only 1-4%. 

The figure should be compared to the previous figures with the chequered areas included, 

since the CO2 analysis in the context of other countries encompassed such losses. 

The results indicate that the GHG emissions attributed to one person walking in the US are 

almost the same as driving a hybrid vehicle like Toyota Prius, and approximately equal 

103 gCO2e/km. Running emits 43% more CO2, i.e., 147 gCO2e/km, which is very close 

to the emissions of a conventional vehicle. Bicycling is still significantly cleaner, at 54 

gCO2e/km. The borderline above which cars become a better option in terms of emissions 

is three to four persons commuting, if bicycling is included in the comparison, and drops 

down to two persons if bicycling is not an option. 
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Figure 2.15. CO2e emissions per km with the standard diet as a function of the number of 

persons and transportation method in the US. The dark chequered segments on top of 

each bar indicate emissions attributed to the losses in production and consumption of 

food. 

2.7. Summary and conclusions 

This study compares the amount of greenhouse gas emitted per distance traveled walking, 

running, bicycling, and driving a car. The well-to-wheels analysis is employed to estimate 

emissions of vehicles. The active modes of transport are evaluated on the basis of the life 

cycle assessment of food and the estimation of the energy expenditure associated with the 

aforementioned activities. The conclusions of the study are summarized as follows:  

1. If a person has a diet high in meat products (>100g of beef per meal), and/or the 

diet contains many products imported from abroad, it is generally better in terms of GHG 

emissions to take a car than walking, bicycling or running. 
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2. For people choosing only foods with low carbon footprint, as well as vegetarians, 

it is better to walk or take a bicycle than driving a car. Running, depending on 

circumstances, can be either better or worse than driving. 

3. If three or more people commute together, it is generally better in terms of GHG 

emissions to take a car (the threshold may vary from two to four depending on the country). 

4. A person having a diet with a medium amount of meat emits approximately the 

same CO2e/km walking, as driving a hybrid car. Depending on the country this value can 

be either higher or lower. However, if the car has a conventional powertrain, it is better for 

the environment if the person walks or rides a bicycle. For running it is the opposite. 

5. Out of all the human-powered modes of transportation the most environmentally 

friendly one is bicycling, while the least eco-friendly is running. 

6. About 40% of the vehicle CO2 emissions come from the driver and the passengers 

if there are five beef-eaters in the car. If the people are very environmentally conscious, 

this percentage can reduce down to 4%. 

7. Approximately 20% of the GHG emissions of a person are due to respiration. 

However, these emissions should not be considered climate changing as they are a part of 

the natural carbon cycle. 
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3. IN-SITU INJECTION RATE MEASUREMENTS 

As discussed in Section 1.4, it is necessary to characterize the injector in terms of the 

injection rate to gain a better understanding of the heat release rate shape and pollutants 

formation mechanisms. In this chapter, an in-situ injection rate measurement technique is 

developed for a later study of the injection strategies required for isobaric combustion. 

3.1. Experimental setup 

A spray momentum test-bed was built to measure the fuel mass flow rate of the split 

injection strategies used in this study. The injector was characterized in an optical version 

of the same D13C500 engine. In this configuration, the cylinder head is lifted to allow the 

installation of a piston extender, liner and window holder. After dismounting all of these 

parts, a special container was installed under the cylinder head, covering the injector nozzle 

without interfering with the valves. This container is cylindrical in shape, made of 

machined steel, with a rubber o-ring on its top surface and a hole on the side for an AVL 

GU22C pressure sensor. The sensor was installed perpendicularly to the direction of the 

spray at a distance of 5 mm from one of the holes of the nozzle. The setup is illustrated in 

Figure 3.1. Attached on the bottom of the steel container is a plastic flask for collecting the 

injected fuel and weighting it later. 

The injector current and force signal are measured with 0.2 CA˚ resolution through the 

main control and acquisition unit of the engine test-bench. In addition, a National 

Instruments PCI-6036 and a BNC-2110 are triggered by the control system to perform a 

parallel time resolved acquisition at 200 kHz. This installation allows to increase the 
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sampling frequency while keeping the possibility to convert easily from one scale to 

another. 

 

Figure 3.1. Injection rate measurement setup. 

3.2. Signal processing 

The pressure sensor in this setup is used as a force sensor and it has a natural frequency of 

100 kHz. Thus, the recorded signal is low-pass filtered at 7 kHz. The details of the filter 

and an example of the sensor signal before and after filtering are presented in Table 3.1 
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and Figure 3.2, respectively. Note that the injection profile chosen here is an example of 

the injection strategies that will be later used to achieve one of the isobaric combustion 

cycles described in Section 4.5.3. 

Table 3.1. Details of the filter for the pressure sensor. 

Filter type Low-pass 

Windowing option Kaiser-Bessel 

Filter order 4 

Cut-off frequency 7 kHz 

 

 

Figure 3.2. Pressure sensor signal before and after filtering. 
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The filtered signal is then pegged to remove the shift in the signal level. After each 

injection, a drop of the signal below zero was observed. This is a common phenomenon 

called current leakage, and it occurs in the charge amplifier. This phenomenon is usually 

electronically compensated for. However, this compensation is optimized for typical in-

cylinder pressures and was not adapted for the current measurements. Hence, a correction 

was required to accurately capture the peaks in the injection rate and the effective end of 

injection. The following equation is used: 

 Sigcorr[i + 1] = Sigcorr[i] + (Sig[i + 1] − Sig[i]) + CF × Sig[i] (3.1) 

where, i – crank angle event, 

Sig – measured signal, 

Sigcorr – corrected signal, 

CF – compensation factor, which indicates the extent of current bleeding in the system. 

The resultant signal compensated for the charge leakage is presented in Figure 3.3. 
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Figure 3.3. Pressure sensor signal before and after the charge leakage correction. 

Finally, the signal is averaged over 30 cycles. Based on the conservation of momentum, 

the mass flow rate can be calculated using Eq. (3.2) [65, 66]. 

 ṁf = √F ρf Ah (3.2) 

where, 𝐹 – Measured force,  

𝜌𝑓 – Density of the fuel, 

𝐴h – Cross-sectional area of the hole.  

The injection rate is then proportional to the force generated by the projected liquid fuel on 

the sensor during the injection (Eq. (3.3)). 

 ṁf
∗ ~ √F (3.3) 

where, �̇�𝑓
∗ – Non-calibrated fuel mass flow rate. 
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This methodology assumes that the fluid impacting the sensor membrane generates force 

only in the direction of spray injection, the fluid leaving the sensor membrane has zero 

velocity component in the direction of spray injection, air entrainment and its effect on the 

momentum is negligible, and the spray-membrane interaction is quasi-steady in nature. The 

effect of splash back is also assumed negligible as all the fluid is assumed to leave the 

sensor membrane strictly orthogonally to the main spray direction. This assumption is 

supported in [66, 67]. It is also assumed that the spray is entirely captured by the sensor 

membrane. This was ensured by dyeing the sensor membrane with an easily erasable paint 

and verifying that all the removed paint is well within the membrane area. This conclusion 

was also supported by the knowledge of the spray cone angle, as well as a number of 

different CFD simulations on the relevant sprays. 

The measured total mass of fuel injected per cycle in mg is then divided by the integrated 

non-calibrated mass flow rate obtained from the aforementioned procedure to find a 

calibration factor (Eq. (3.4)). 

 
αC =

mf

∫ ṁf
∗  d(deg)

 
(3.4) 

Then, the non-calibrated mass flow rate is converted into a mass flow rate in mg/CA˚ by 

multiplying it by the calibration factor (Eq. (3.5)). 

 ṁf = αC  ×  ṁf
∗ (3.5) 

where, �̇�𝑓 – Calibrated fuel mass flow rate. 



78 
 

It is known that the crank angle speed of 1200 RPM corresponds to 7.2 CA˚/ms. 

Consequently, in order to get the mass flow rate in mg/ms it can be divided by 7.2. 

One of the advantages of the adopted methodology is that all the injected fuel is collected 

in the aforementioned plastic flask and subsequently weighted. Considering that the 

measurements are repeated many times (on average, 100 cycles are recorded), a relatively 

large quantity of fuel is collected, thus the error associated with fuel remains on the walls 

of the container is small. This is also the main error that could be non-negligible, as the cup 

device is well sealed. Because the total amount of injected fuel is measured directly, this 

methodology also does not require the knowledge of the actual area of the injector orifice 

and the coefficient of discharge to calculate the mass injected as a function of time. The 

effects of these parameters are already included in the calibration factor αC. 

3.2.1. Delay in the injection rate measurement 

Since the pressure sensor membrane is located 5 mm away from the nozzle hole it is 

necessary to account for the time required for the spray plume to reach the membrane. 

Otherwise, the measurement results would be delayed from the actual injection rate by the 

amount of time required for the spray to reach the membrane. This is illustrated in Figure 

3.4. It is especially crucial for accurate predictions of the ignition delay in the actual engine. 
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Figure 3.4. Illustration of the injector calibration setup with the 5 mm distance between 

the sensor and the nozzle. 

First, Eq. (3.6) is used to calculate the spray plume velocity: 

 
v =

ṁf

NhρfAhCd
 

(3.6) 

where, 𝑁ℎ – Number of holes in the injector nozzle, 

𝐶𝑑 – Discharge coefficient. 

In this analysis the discharge coefficient is assumed equal to 0.9, which is a typical value 

for high pressure diesel fuel injectors [68]. 

Then, the velocity in m/ CA˚ is integrated and plotted as a function of the crank angle. The 

resultant Figure 3.1 illustrates how long (in CA˚) it takes for the spray plume to travel a 

certain distance. 
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Figure 3.5. Estimation of the delay in the mass flow-rate signal based on the continuity 

equation for mass. 

It should be noted that the injection rate undergoes a gradual increase as the injector needle 

is lifted. As can be seen from Figure 3.5, this results in the injection velocity rise during 

the initial part of injection.  

From Figure 3.5 it can be seen that it takes approximately 0.6 CA˚ for the spray plume to 

travel 5 mm and reach the sensor membrane. Thus, in order to compensate for this delay, 

all spray rate profiles are shifted by 0.6 CA˚ earlier in the cycle. The analysis described 

above assumes negligible drag and gravity effects on the spray within the 5 mm gap 

between the nozzle hole and the sensor. Also, the discharge coefficient is assumed constant 

during the injection. 

The results of the injection rate measurements are presented in Section 3.3. 
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3.3. Measurement results  

In the previous section we discussed the issue of the delay between the actual injection and 

the measured injection rate. This delay was compensated for by offsetting the signal based 

on the simple injection velocity estimation discussed previously. Figure 3.6 shows the rate 

of heat release and the injection rate as a function of crank angle. A dip in the RoHR 

between -1.5 CA˚ and -0.5 CA˚ ATDC can be observed in the figure. The negative RoHR 

is induced by the evaporation of the injected fuel and indicates the actual start of injection. 

Figure 3.6 also shows the injection rate before and after the application of an offset of 0.6 

CA˚ as per previous discussion. As a result of this adjustment, the injection trace starts 

approximately at the same time as the dip in the RoHR trace. This demonstrates that the 

implemented strategy is able to accurately estimate the delay in the measured signal and 

compensate for it. 

 

Figure 3.6. Injection rate signal before and after the delay compensation procedure. 
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The injection rate for a four-injection strategy estimated using the procedure described in 

the previous section is presented in Figure 3.7. This case will later be referred to as the “4 

inj” case. 

 

Figure 3.7. Injector signal and the resulting injection rate for the “4 inj” case. 

These results show that at 150 bar PCP and 10-11 bar IMEPg, the injection strategy 

required to achieve an isobaric combustion cycle (see Section 4.3) does not lead to the 

merging of injections, as was assumed in [69]. However, the required shot-to-shot 

separation between the third and the fourth injections is only 1 CA˚, which is shorter than 

that recommended by the injector manufacturer (1.44 CA˚ at 1200 RPM) [70]. This led to 

instabilities in the system, as was described in [69].  

Figure 3.8 shows the injection rate for the five-injection strategy, later referred to as the “5 

inj” case. From this plot the merger of the fourth and the fifth injections can be observed. 
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Figure 3.8. Injector signal and the resulting injection rate for the “5 inj” case. 

Note that the first injections could not be captured with our setup most likely because of 

the negligible momentum of the spray. This conclusion will also be supported by the 

pollutants formation data, which is presented in Section 4.5.4. A further investigation of 

this phenomenon is planned to be performed in an optical engine. However, for the 

illustration purposes, in this study the injection rate for the first injection was reconstructed 

based on: 

 Estimation of the fuel amount from the heat release trace 

 Assumption of the same �̇�𝑓 distribution (rate shape) as in the second injection 

 Hydraulic delay measured by increasing the sensor amplification gain. 

The injector characterization technique developed and described in this chapter was used 

the experimental and computational studies of isobaric combustion presented in Sections 

4.5, 4.6, and 5.  
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4. ISOBARIC COMBUSTION EXPERIMENTS 

In this chapter, an experimental investigation is conducted to study isobaric combustion 

and compare it with the CDC in terms of different thermodynamic parameters, efficiency, 

and emissions at different pressure levels, fueling and EGR rates. Injection strategies 

enabling isobaric combustion are demonstrated and a load variation scheme is developed. 

Also, the in-situ injector characterization technique (see Section 3) is applied to study the 

injection events. Finally, the complex injection strategies are progressively simplified, 

which allows greater stability of the fuel system, while enabling potentially higher engine 

loads. 

This chapter shows that isobaric combustion is more suitable for the DCEE concept than 

conventional diesel combustion, in addition to enabling lower NOx emission. 

4.1. Concept overview and potential 

4.1.1. Ideal thermodynamic cycle 

Internal combustion engines are often studied on simple idealized models, which offer a 

clear distinction between the effects of different variables. There are two main ideal cycles 

that represent reciprocating engines: the ideal Otto cycle and the ideal Diesel cycle. Both 

these cycles are illustrated on a P–V diagram in Figure 4.1. The main difference between 

these cycles is that in the Otto cycle, heat addition is isochoric (constant volume), whereas 

in the Diesel cycle, the heat addition is isobaric (constant pressure). 

Real diesel engines operating with conventional injection strategies can be approximated 

by the ideal mixed cycle (diagram B in Figure 4.1), which is a combination of the isochoric 
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and isobaric cycles [71]. There are also other names for it, such as the dual cycle, Sabathe 

cycle, Seiliger cycle, or a combination of these. 

 

Figure 4.1. P–V diagram of an isochoric (A), mixed (B), and isobaric (C) cycle. Arrows 

indicate heat addition and heat rejection. 

The ideal mixed cycle can be broken down into five idealized processes: 

1-2 Isentropic compression 

2-3a Constant-volume heat addition 

3a-3b Constant-pressure heat addition 

3b-4 Isentropic expansion 

4-1 Constant-volume heat rejection 

  

Here, the fuel energy is transferred to the working fluid first isochorically, and then 

isobarically, which is a reasonable approximation to a conventional diesel combustion 

(CDC) cycle. The thermodynamic efficiency of this cycle can be expressed by Eq. (4.1) 

[71]: 

 
𝜂𝑡ℎ = 1 −

1

𝑟𝛾−1
∗ (

𝑟𝑝 ∗ 𝑟𝑐
𝛾

− 1

𝑟𝑝 − 1 + 𝛾 ∗ 𝑟𝑝 ∗ (𝑟𝑐 − 1)
) 

(4.1) 

where rp – Pressure ratio during isochoric heat addition, 
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rc – Cutoff ratio, which is the ratio of the volumes after and before the isobaric heat 

addition, 

r – Compression ratio, which is the ratio of the combustion chamber volume at the start 

and the end of the isentropic compression, 

𝛾 – Specific heat ratio of the working gas. 

An isobaric cycle, which is the focus of the current study, can be represented by the ideal 

Diesel cycle shown in Figure 4.1 (C). 

It consists of the following four idealized processes: 

1-2 Isentropic compression 

2-3 Constant-pressure heat addition 

3-4 Isentropic expansion 

4-1 Constant-volume heat rejection 

 

The heat addition process in this cycle occurs only at constant pressure conditions, which 

makes it a reasonable approximation for the real isobaric combustion cycle. The ideal 

thermodynamic efficiency of the ideal Diesel cycle is the following: 

 
𝜂𝑡ℎ = 1 −

1

𝑟𝛾−1
∗ (

𝑟𝑐
𝛾

− 1

𝛾 ∗ (𝑟𝑐 − 1)
) 

(4.2) 

Eqn. (4.1) and (4.2) are derived from an ideal cycle analysis in which the working fluid is 

an ideal gas with constant heat capacity. These assumptions are needed to make a relatively 

simple comparison of the thermal efficiency of the different ideal cycles. As pointed out 

by Heywood et al., these equations should be used carefully as 𝜂𝑡ℎ is quite sensitive to the 

https://en.wikipedia.org/wiki/Heat_capacity
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values of 𝛾. In the following analysis, we estimate 𝛾 by calculating the slope of the logP–

logV plot in the expansion stroke. 

4.1.2. Real cycle mean effective pressure and efficiency 

This section discusses the efficiency calculations of real cycles. The following calculations 

correspond to the quantities presented in the results section. The exact method of the 

efficiency estimation is presented later in this section, after the definition of all the 

underlying quantities. 

Potentially, the easiest way of understanding the energy flow in the engine is by referring 

to the Sankey diagram, as shown in Figure 4.2. 

The energy flow was expressed in terms of the mean effective pressures (MEPs). The MEP 

is a quantity that represents a constant pressure that must act on the piston during the entire 

power stroke to generate the same amount of work as the actual pressure of the real cycle. 

All MEPs are expressed in units of pressure. In this thesis, the bar was chosen as a unit for 

the MEPs. 
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Figure 4.2. Energy flow in the engine, expressed as the mean effective pressures [49]. 

First, the fuel energy enters the system, and it is represented by FuelMEP as follows: 

 
𝐹𝑢𝑒𝑙𝑀𝐸𝑃 =

𝑚𝑓 ∗ 𝑄𝐿𝐻𝑉

𝑉𝐷
 

(4.3) 

where mf – Mass of fuel injected per cycle, 

QLHV – Lower heating value of the fuel, 

VD – Displacement volume. 

The mass of the fuel injected per cycle was calculated from the measured fuel, flow taking 

into account the engine speed and the fact that the engine is four-stroke. 
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The fuel chemical energy is transformed into thermal energy through the combustion 

process. This process is not perfect; some of the energy is lost owing to incomplete 

combustion, and it can be quantified as CLMEP. The resultant thermal energy entering the 

cycle is expressed by QMEP as follows: 

 𝑄𝑀𝐸𝑃 = 𝐹𝑢𝑒𝑙𝑀𝐸𝑃 ∗ 𝜂𝑐 (4.4) 

 

 𝐶𝐿𝑀𝐸𝑃 = 𝐹𝑢𝑒𝑙𝑀𝐸𝑃 − 𝑄𝑀𝐸𝑃 (4.5) 

where  ηc – Combustion efficiency. 

The combustion efficiency was calculated from the emissions data, based on the following 

equation [49]: 

 
𝜂𝑐 = 1 − [

1 + 𝜆 ∗ 𝐴𝐹𝑠

𝑄𝐿𝐻𝑉 ∗ 𝑀𝑝
∗ ∑(𝑀𝑖 ∗ 𝑥𝑖 ∗ 𝑄𝐿𝐻𝑉𝑖

)] 
(4.6) 

where  𝜆 – Air–fuel equivalence ratio, 

𝐴𝐹𝑠 – Stoichiometric air–fuel ratio, 

𝑀𝑝 – Total molar mass of the exhaust gas, 

𝑀𝑖 – Molar mass of each component in the exhaust gas, 

𝑥𝑖 – Wet molar concentration of each component in the exhaust gas, 

𝑄𝐿𝐻𝑉𝑖
 – Lower heating value of each component in the exhaust gas. 

The air–fuel equivalence ratio 𝜆 was calculated from the emissions according to [49]: 
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 𝜆

=
1

2 (𝑎 +
𝑏
4 −

𝑐
2)

∗ {

𝑎

𝑎 𝑥𝐶𝑎𝐻𝑏𝑂𝑐 + (1 − 𝑥𝐻2𝑂)(𝑥𝐶𝑂
∗ + 𝑥𝐶𝑂2

∗ )

∗ [𝑐 𝑥𝐶𝑎𝐻𝑏𝑂𝑐 + 𝑥𝐻2𝑂 + (1 − 𝑥𝐻2𝑂)(2𝑥𝐶𝑂2
∗ + 𝑥𝐶𝑂

∗ + 2𝑥𝑂2
∗ + 𝑥𝑁𝑂

∗ + 2𝑥𝑁𝑂2
∗ )] − 𝑐

} 

(4.7

) 

where 𝑥𝑖
∗ - Dry concentration of each component in the exhaust gas. 

Subsequently, we consider the heat transfer mean effective pressure, which represents the 

total amount of heat lost to the walls of the combustion chamber via convection and 

radiation. The HTMEP in this study was estimated from the energy balance of the system. 

For the sake of clarity, the EXMEP and IMEPg are defined first, followed by the HTMEP. 

The EXMEP represents the heat lost to the exhaust owing to incomplete extraction of the 

thermal energy of the working fluid by the piston. It is expressed by the following formula: 

 
𝐸𝑋𝑀𝐸𝑃 =

𝐻𝑒𝑥ℎ

𝑉𝐷
 

(4.8) 

where 𝐻𝑒𝑥ℎ is the enthalpy of the exhaust gases, which was calculated using the following 

equation [72]: 

 𝐻𝑒𝑥ℎ = 𝑚𝑒𝑥ℎ ∗ (𝑐𝑝𝑒𝑥ℎ.𝑔𝑎𝑠 @ 𝑇𝑒𝑥ℎ
∗ 𝑇𝑒𝑥ℎ − 𝑐𝑝𝑖𝑛𝑡.𝑔𝑎𝑠 @ 𝑇𝐵𝐷𝐶

∗ 𝑇𝐵𝐷𝐶) (4.9) 

where  mexh – Mass per cycle of the gases in the exhaust, 

𝑐𝑝𝑒𝑥ℎ.𝑔𝑎𝑠 @ 𝑇𝑒𝑥ℎ
 – Specific heat at constant pressure of exhaust gas estimated for the 

temperature measured in the exhaust, 
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Texh – Temperature of the exhaust gases, 

𝑐𝑝𝑖𝑛𝑡.𝑔𝑎𝑠 @ 𝑇𝐵𝐷𝐶
 – Specific heat at constant pressure of the intake gas estimated for the 

temperature at the bottom dead center, 

TBDC – Temperature of the gases at the bottom dead center. 

Here, the temperature at the bottom dead center was assumed to be the same as the 

temperature measured in the intake pipe. The mass of the exhaust gases per cycle, mexh, 

was calculated for the exhaust pipe located immediately after the exhaust manifold by 

summing up the mass of fuel injected and mass of air admitted into the cylinder per cycle. 

This way, the energy balance could be performed for the engine only, eliminating the 

unwanted effects of other test cell components such as the EGR cooler and losses in the 

piping. 

The last important quantity in the context of the DCEE concept is the gross indicated mean 

effective pressure, IMEPg. It represents the work extracted by the piston from the working 

fluid in each cycle. IMEPg was calculated by integrating the pressure trace over the 

compression and expansion stroke as follows: 

 
𝐼𝑀𝐸𝑃𝑔 =

𝑊𝐶𝑜𝑚𝑝 + 𝑊𝐸𝑥𝑝

𝑉𝐷
=

1

𝑉𝐷
∗ ∫ 𝑃𝑑𝑉

540

180

 
(4.10) 

The net indicated mean effective pressure, IMEPn, represents the useful work on the piston; 

however, in contrast to IMEPg, it also takes into account the inlet and exhaust strokes as 

follows: 
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𝐼𝑀𝐸𝑃𝑛 =

𝑊𝐶𝑜𝑚𝑝 + 𝑊𝐸𝑥𝑝 + 𝑊𝐸𝑥ℎ + 𝑊𝐼𝑛𝑙

𝑉𝐷
=

1

𝑉𝐷
∗ ∫ 𝑃𝑑𝑉

720

0

 
(4.11) 

This parameter was also calculated, even though it plays a less significant role in the 

context of DCEE, because the gas exchange loop is significantly different in the presence 

of the second stage of expansion. 

 𝑃𝑀𝐸𝑃 = 𝐼𝑀𝐸𝑃𝑛 − 𝐼𝑀𝐸𝑃𝑔 (4.12) 

where PMEP – Pumping mean effective pressure. 

At this point, all the energy losses in the process of converting the chemical energy of the 

fuel into the gross indicated work on the piston are known, except for the heat transfer 

losses to the walls, which can be estimated by performing the energy balance as follows: 

 𝐻𝑇𝑀𝐸𝑃 = 𝐹𝑢𝑒𝑙𝑀𝐸𝑃 − 𝐶𝐿𝑀𝐸𝑃 − 𝐸𝑋𝑀𝐸𝑃 − 𝐼𝑀𝐸𝑃𝑔 (4.13) 

Finally, the gross indicated efficiency used in this work when comparing the efficiencies 

of different cycles was estimated based on the following equation: 

 
𝜂𝐺𝐼 =

𝐼𝑀𝐸𝑃𝑔

𝐹𝑢𝑒𝑙𝑀𝐸𝑃
 

(4.14) 

This definition was chosen as it gives the most suitable estimation of the efficiency of the 

high-pressure unit of the DCEE concept. 

The friction losses were estimated using the following relation: 

 𝐹𝑀𝐸𝑃 = 𝐵𝑀𝐸𝑃 − 𝐼𝑀𝐸𝑃𝑛 (4.15) 

where FMEP – Friction mean effective pressure, 
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BMEP – Brake mean effective pressure calculated from the brake power generated by the 

engine. 

4.1.3. Idealized cycle efficiency and relevant ratios 

This section describes the evaluation of the efficiency of the CDC, Isobaric L, and Isobaric 

H cycles under ideal conditions. An “envelope” cycle was fit onto the real in-cylinder 

pressure data. In this manner, the maximum theoretical efficiency of each cycle could be 

evaluated, and the effects of different parameters could be observed more clearly. In 

addition, the pressure and temperature at the end of the expansion stroke were also taken 

into account as these quantities represent the amount of energy that will be available for 

the LP unit of the DCEE. The higher these values are, the more additional work will be 

possible to be extracted in the second step of the expansion process. 

First, the conventional mixed cycle with the PCP of 150 bar and no EGR was represented 

with an idealized cycle, as discussed previously. The Log P–V diagram of this case is 

shown in Figure 4.3. 
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Figure 4.3. Log P–V diagram of the CDC cycle at 2.4 bar intake pressure and 0% EGR, 

and the corresponding idealized mixed cycle. 

The ideal thermodynamic efficiency of the mixed combustion cycle was estimated using 

Eqn. (4.1), and its value was 60.4%. The pressure and temperature at point 4 are 4.9 bar 

and 422 K, respectively. The theoretical temperature at the end of the expansion was 

calculated from the pressure trace using the ideal gas law assuming air. 

Subsequently, we consider the isobaric combustion case at the pressure equal to the PMP 

of the CDC case. It is depicted in Figure 4.4. 
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Figure 4.4. Log P–V diagram of the real isobaric combustion cycle at 2.4 bar intake 

pressure and 0% EGR, and the corresponding ideal diesel cycle. 

The ideal thermodynamic efficiency of this cycle was estimated in accordance with the 

previous discussions using Eqn. (4.2), yielding a value of 56.6%. This value is significantly 

lower than that of the mixed cycle, already suggesting that the cycle efficiency of its real 

counterpart is also expected to be significantly lower. The pressure and temperature at point 

5 were estimated to be 5.4 bar and 432 K, respectively. 

Finally, the exact same analysis was performed for the isobaric case with the constant 

pressure heat addition taking place at the pressures equal to those in the PCP of the CDC 

case (150 bar). This cycle, along with its ideal counterpart, is depicted in Figure 4.5. 
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Figure 4.5. Log P–V diagram of the real isobaric combustion cycle at boosted intake 

pressure and 0% EGR, and the corresponding idealized diesel cycle. 

In this case, the ideal cycle thermodynamic efficiency increased by 2 percent points 

compared to the non-boosted case due to a higher level of dilution, and reached values of 

over 59.2%, thereby approaching the mixed cycle efficiency, but not quite reaching it. This 

case is much more promising as its difference with the mixed cycle is subtle, and, 

depending on how significant the second order effects are, it is possible for the real isobaric 

cycle to achieve efficiencies similar or even higher than those of a conventional diesel 
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cycle. The pressure at the end of the idealized cycle is 6.0 bar, and the temperature is – 

405 K. 

The pressure and temperature at the end of the expansion stroke were considered for their 

significant role in the performance of the whole DCEE system. The higher the pressure and 

the temperature are at the end of the first stage of the expansion, the more energy will be 

available for the second stage, thereby increasing the total work output and, consequently, 

the efficiency of the engine. The results indicate that the isobaric cycle with a 150 bar PCP 

has the highest pressure at the end of expansion among the three, more than 20% higher 

than the mixed cycle. The temperature, however, is slightly lower, but the difference is 

only 4%. 

Table 4.1 and Table 4.2 summarize the “envelope” cycle-based pressure, cutoff and the 

expansion ratios. This information will help explain some of the trends presented later in 

the article. 

Table 4.1. Pressure (rp), cutoff (rc), and expansion (rexp) ratios of the cycles in the first set 

of experiments. 

 
CDC Isobaric L Isobaric H 

 
rp rc rexp rc rexp rc rexp 

0% EGR 1.39 1.23 13.45 1.64 10.05 1.49 11.06 

17% EGR 1.39 1.27 12.95 1.67 9.90 1.51 10.90 

39% EGR 1.41 1.25 13.20 1.62 10.20 1.49 11.06 
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Table 4.2. Pressure (rp), cutoff (rc), and expansion (rexp) ratios of the cycles in the second 

set of experiments. 

 
CDC Isobaric L Isobaric H 

 
rp rc rexp rc rexp rc rexp 

0% EGR 1.29 1.28 12.87 1.61 10.28 1.48 11.14 

10% EGR 1.28 1.28 12.87 1.58 10.43 1.46 11.30 

52% EGR 1.20 1.34 12.29 1.56 10.59 1.48 11.14 

 

In conclusion, the results of the theoretical cycle calculations suggest that the isobaric 

combustion cycle at high pressures has the ideal thermodynamic efficiency, similar to that 

of the mixed cycle, and having a higher exhaust pressure and temperature makes it suitable 

for use in the DCEE concept. 

4.2. Experimental setup 

The experiments were performed on the KAUST-Volvo single cylinder research engine. A 

Volvo D13C500 6-cylinder engine was modified by deactivating the valves of five out of 

six cylinders and disconnecting the cylinders from the intake and exhaust systems. The 

engine was installed on a test cell designed by MESA Engine Solutions [73]. The image of 

the test rig is shown in Figure 4.6. The schematic of the experimental setup is shown in 

Figure 4.7. 
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Figure 4.6. Image of the research test rig. 

 

Figure 4.7. Schematic of the research test rig. 
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Table 4.3. Engine specifications. 

Base Engine Configuration Single cylinder / 4 stroke 

Displacement Volume 2.13 L 

Stroke 158 mm  

Bore 131 mm  

Connecting Rod 255 mm  

Compression ratio 17:1 

Cam / Valve Configuration SOHC / 4 valves per cylinder 

Fuel Injection System Common rail (2700 bar max P) 

 

The carbon monoxide (CO), unburned hydrocarbons (UHC), and nitrogen oxides (NOx) 

emissions were measured using the HORIBA MEXA-ONE-RS Motor Exhaust Gas 

Analyzer. The range of each measurement component depends on the span gases 

concentration, which are reported below: 

CO – 4960 ppm 

CO2 – 18.45 vol% 

O2 – 20.00 vol% 

CH4 – 977 ppm 

NO – 8200 ppm 

The soot emissions were measured using the AVL Micro Soot Sensor. The test cell was 

connected to a high-pressure air compressor, and a pressure regulator is used on the intake 

line to control the flow feeding the engine. The intake, EGR, and back pressure valves were 
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controlled independently. The back pressure in all the experiments was set to a value higher 

than the intake pressure. This allowed the recirculation of the exhaust gases and simulation 

of the pressure drop typical of that in a turbocharger. This led to slightly conservative but 

reliable efficiency values. 

 

4.3. Comparison of isobaric combustion to the CDC 

4.3.1. Low-pressure study 

The first study was performed in such a way as to enable a direct comparison between the 

CDC and isobaric cycles in scenarios where the peak cylinder pressure of the HP unit of 

the DCEE is restricted. This was done to simulate conditions that the DCEE concept strives 

to achieve, namely, maximizing the efficiency by utilizing a very high effective 

compression ratio. The study was performed at low- and high-pressure conditions. 

The low-pressure cases were investigated as such: 

 At an intake pressure equal to 1 bar-absolute, two cases were studied: 

CDC – Conventional diesel combustion cycle in which the heat addition is first near-

isochoric and then near-isobaric with the peak motored pressure close to 50 bar and the 

peak cylinder pressure (PCP) after combustion reaching 68 bar. 

Isobaric L – Isobaric heat addition with the PCP limited at 50 bar. 

 At the intake pressure equal to 1.45 bar-absolute, one more isobaric case was 

studied: 



102 
 

Isobaric H – Isobaric heat addition at the same pressure level that the CDC reaches after 

combustion, i.e., 68 bar. 

Each operating point was studied at three different levels of EGR—0%, 17%, and 39%—

to investigate its effect on the system efficiency and emissions. This resulted in a total of 

nine cases. The amount of fuel injected per cycle in all the cases was kept close to constant 

at 50–55 mg/cycle (which corresponds to 10-11 bar FuelMEP) to enable direct comparison 

of the energy flow in the system, as well as the efficiencies. The air–fuel equivalence ratio 

in the CDC and Isobaric L cases was equal to 3. The Isobaric H case however, had a lambda 

of 4.1, because the intake pressure was increased, leading to a larger amount of air entering 

the engine and a fixed amount of fuel added per cycle. The injection pressure was kept 

constant in all nine cases, equal to 1500 bar.  

Injection strategies with multiple consecutive closely-phased main injections have been 

identified as the only means of achieving constant-pressure combustion cycles with a single 

injector. The pressure during combustion is kept constant by carefully controlling the rate 

of heat release (RoHR). Energy has to be added to the working gas at exactly the same rate 

is it is extracted from the gas and converted into work by the moving piston (or lost to heat 

transfer). When the RoHR level is too high the addition of fuel is stopped and a certain 

separation between injections is implemented to keep the average RoHR within the right 

range. 

4.3.1.1. Thermodynamic cycle analysis 

The in-cylinder pressure, rate of heat release and injection strategies for the first set of 

experiments at no-to-moderate intake boost conditions and different levels of EGR are 
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illustrated in Figure 4.8 to Figure 4.10. In contrast to a CDC cycle, constant pressure 

combustion requires heat to be added gradually during the exhaust stroke. This results in 

an overall longer burn duration, which has both its advantages and disadvantages. One of 

the positive aspects of a slower burn are lower bulk temperatures, as demonstrated in Figure 

4.11, which result in lower heat transfer losses. The drawback corresponds to a worse 

thermodynamic cycle in general, mainly because of a significantly lower effective 

expansion ratio, as seen from Table 4.1. 

At different levels of EGR, the CDC and isobaric cycles demonstrated opposite trends in 

RoHR shapes. As the amount of EGR was increased, the heat release rate of the CDC 

became higher, with a shorter tail and more pressure fluctuations. On the other hand, 

isobaric cases had an even slower burn when the amount of EGR was raised. Such a drastic 

difference in trends can be explained by the different combustion modes that the two types 

of cycles are primarily governed by. The CDC at these conditions has a significant 

premixed combustion part, while isobaric cases are predominantly governed by the 

diffusion flame. EGR increased the ignition delay by lowering the overall reactivity of the 

charge. As a result, there was more time for fuel to mix with air, making the premixed 

combustion prevail even more as compared to the diffusion-type combustion in the CDC 

case. This led to a faster burn, higher pressure ratio (rp in Table 4.1), and higher pressure 

rise rate, which also generated the pressure oscillations. This increase in the ignition delay 

can also be observed from the need for gradual advancement of the first injection timing 

of the CDC. In the isobaric cases, however, because of a near lack of premixed combustion, 

the lower reactivity, caused by decreased flame temperatures and changes in air–fuel ratio, 



104 
 

only led to longer burn durations. This might have affected the efficiency in both positive 

and negative ways, and is discussed later in the section. 

The duration of the heat addition was also shorter for the higher-pressure isobaric cases 

compared to the lower ones, mainly because the injections had to be phased closer to one 

another to compensate for a more rapid pressure and temperature drop during the expansion 

stroke. This also led to a higher effective expansion ratio, as seen from Table 4.1, increasing 

the amount of work that can be extracted from the working fluid, and generally improving 

the thermodynamic efficiency. 

The combustion efficiency in all cases was between 99.7% and 99.9%. Even though the 

constant pressure combustion cases had, on average, slightly lower combustion 

efficiencies, the difference was negligible (less than 0.1%), even at low-pressure 

conditions. As shown later, this difference becomes even smaller at higher PCPs. 
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Figure 4.8. In-cylinder pressure trace, RoHR, and injector signal of the CDC, low-

pressure isobaric, and high-pressure isobaric cycles with no EGR. 

 

Figure 4.9. In-cylinder pressure trace, RoHR, and injector signal of the CDC, low-

pressure isobaric, and high-pressure isobaric cycles with 17% EGR. 
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Figure 4.10. In-cylinder pressure trace, RoHR, and injector signal of the CDC, low-

pressure isobaric, and high-pressure isobaric cycles with 39% EGR. 

 

Figure 4.11. In-cylinder bulk temperature of the CDC, lower pressure isobaric, and 

higher pressure isobaric cycles at 0% EGR. 
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The gross indicated efficiencies of each case are presented in Figure 4.12. The error bars 

are based on the uncertainty in the calculations of the total amount of fuel injected per 

cycle, and they are within the confidence interval of 95%. It can be concluded that the 

isobaric combustion cycle at the same pressure level as the PCP of the CDC case, had a 

gross indicated efficiency approximately equal to that of the CDC cycle, at approximately 

44.5%. However, the Isobaric L case had significantly lower efficiency. These results 

confirmed the theoretical calculations described in the previous section. 

The EGR had an overall positive effect on the efficiency of all the cases. The gross 

indicated efficiency of the Isobaric L cycle with 39% EGR even reached the efficiency of 

the CDC and the Isobaric H cycles, but without EGR. The CDC case attained its highest 

efficiency at 17% EGR, and no further improvement was noted when more EGR was 

added. The efficiency of the isobaric case at higher pressure slightly exceeded that of the 

CDC case at 17% EGR, before reducing again at 39%. The difference in trends is explained 

later in the section as a part of the energy flow discussion. 
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Figure 4.12. Gross indicated efficiency of the CDC, low-pressure isobaric, and high-

pressure isobaric cycles at no-to-moderate boost conditions and different amounts of 

EGR. 

The energy flow in the engine, estimated based on the methodology described in Section 

4.1.2, is presented in Figure 4.13. The purpose of the chart is to illustrate how the energy 

distribution between the heat-transfer losses to the walls (i.e., HT losses) and the exhaust 

energy changes when different injection strategies and EGR rates are implemented. It 

should be noted that the combustion losses were included in the analysis, but due to their 

negligible magnitude compared to other losses, they are not visible on the bar chart. 

It is evident that the percentage of heat going to the exhaust in the case of isobaric 

combustion at 50 bar (Isobaric L) is 4 percent points higher than that in the CDC case. This 
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was caused by higher exhaust temperatures, which were measured to be 366 °C, compared 

to the temperature of 309 °C for the latter. This can be explained by the significantly lower 

effective expansion ratio of the isobaric cycle, as seen from Table 4.1, which translates into 

a smaller amount of heat that can be extracted from the combustion gases until the 

expansion stroke is over, resulting in higher temperatures at the end of the stroke. 

When boost was applied to achieve isobaric combustion at the pressure equal to the PCP 

of the CDC case, the exhaust energy became even more significant, i.e., over 5 percent 

points higher than those of the conventional cycle. The reason for the increased exhaust 

enthalpy is, however, different. In this case, the exhaust temperatures were significantly 

lower, only 288 °C. The flow rate of the gases through the exhaust system, on the other 

hand, was 40% higher, due to the increased pressure in the intake. The larger expansion 

ratio, as well as the higher lambda and lower peak cylinder temperature caused by the more 

diluted charge resulted in a lower temperature at the end of the cycle. This can also be 

observed from Figure 4.11. This difference however, was negligible compared to the large 

rise in the mass flow rate through the exhaust at boosted conditions causing the surge in 

the exhaust enthalpy (see Eqn. (4.9)). 
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Figure 4.13. Energy distribution from the first set of experiments as a fraction of the total 

fuel energy in the system at different EGR rates. Combustion losses are not visible due to 

their negligible magnitude compared to other losses. 

The heat transfer losses to the walls followed a trend opposite to that of the exhaust energy. 

Both the low-pressure and high-pressure isobaric combustion cases had significantly lower 

heat transfer losses than the conventional cycle, due to overall lower temperatures. The 

reason why the Isobaric H cycle had lower bulk temperature and, consequently, lower heat 

transfer losses is because of higher air-fuel equivalence ratio. The trapped mass of air at 

boosted conditions is significantly higher compared to non-boosted conditions, the amount 
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of fuel injected, however, is the same. As a result, there is a larger mass of charge in the 

cylinder that absorbs the same amount of heat generated by combustion, leading to lower 

bulk temperatures. 

In general, the energy distribution of the isobaric combustion cycles is more favorable for 

the DCEE concept, even though the higher pressure isobaric cycle is approximately at the 

same level as the CDC cycle in terms of the gross indicated efficiency. In the CDC case, 

heat transfer losses were more significant than the exhaust enthalpy, although the opposite 

is true for the isobaric case. This works in favor of the DCEE concept, for which it is more 

crucial to reduce heat losses to the walls, because the exhaust energy will be used in the 

expander unit and cannot be considered as losses in a conventional sense. 

Next, we consider the effect of EGR on the engine energy flow. It can be seen in Figure 

4.13 that the heat transfer losses consistently decreased at higher percentages of EGR, 

whereas the exhaust energy increased, which is, once again, beneficial for the overall 

efficiency of the DCEE. EGR usually has a dual effect on the efficiency of the engine. On 

one hand, it dilutes the in-cylinder gases with an inert gas, consisting mainly of CO2 and 

H2O. Both these molecules, especially water, have specific heats higher than that of air. 

They reduce the adiabatic flame temperature by absorbing the heat generated by the flame. 

This usually leads to lower bulk temperatures and reduced heat transfer losses to the walls 

[74]. However, this also reduces the overall reactivity and causes a degradation in the 

combustion process, leading to longer burn durations and less efficient thermodynamic 

cycle, as was mentioned in the beginning of the section. For the most part, the positive 

effect of EGR was prevailing in these operating conditions. The only exception was the 

higher pressure isobaric case at 39% EGR, which saw a slight decrease in efficiency. 
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However, this mild drawback was offset by the fact that the exhaust enthalpy increased, 

leaving more energy for the LP unit. The trend does suggest that at higher PCPs, the 

positive effects of EGR diminish, leading to lower thermal efficiencies. This trend is further 

discussed in the Section 4.3.2.1 . 

4.3.1.2. Emissions 

The CO, UHC, and NOx emissions were reported in the form of specific emissions, which 

have the units of g/kWhi. The “i” symbol indicates that these are gross indicated quantities. 

Soot emissions are reported as a concentration in the exhaust gas. The emission 

measurement results from the low-pressure study are given in Figure 4.14 to Figure 4.17. 

The isobaric combustion enabled a reduction of the NOx emissions by a factor of two. This 

was a direct consequence of the lower average temperatures, as seen in Figure 4.11, as well 

as the changes in the local equivalence ratio. It has been proved before that split injection 

strategies tend to reduce NOx emissions [75]. The primary reason is the sensitivity of the 

NOx formation mechanisms to the gas temperatures during combustion. It was shown by 

Zhiyu et al. [76] that it is possible to reduce NOx formation by decreasing the proportion 

of the fuel in the first injection while increasing it in the subsequent injections. This is a 

consequence of the fact that NOx emissions depend considerably on the early combustion 

chemistry, mainly because at this stage, the combustion products have a higher residence 

time at high temperatures. Isobaric heat addition, on the other hand, is characterized by 

primarily adding fuel late in the cycle, which enables combustion products to remain at 

high temperatures for shorter durations, leading to significantly reduced NOx formation. 

Higher EGR rates also caused reduction in NOx emissions, again, due to lower 

temperatures. This is especially apparent at 39% EGR. 
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The CO emissions were approximately the same irrespective of the type of heat addition, 

and well within the EU emissions standards. Isobaric cycles had generally higher UHC 

emissions at all EGR rates, primarily because of the slightly lower combustion efficiency, 

even though the difference decreased with increase in EGR. 

The soot emissions of the Isobaric H and CDC cycles were remarkably similar. However, 

the Isobaric L cases demonstrated higher values, especially at higher rates of EGR. This 

was caused by a significantly higher equivalence ratio (lower lambda), which led to the 

fuel being starved of oxygen, thereby forming carbon instead of CO2. In the CDC case, 

this trend was not observed because the temperatures and residence time of the combustion 

products are much higher, allowing the formed soot to oxidize before the end of the cycle. 

The Isobaric H case never reached equivalence ratios as high as the Isobaric L did; thus, 

the soot production did not increase significantly. 
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Figure 4.14. Gross specific NOx emissions as a function of EGR % for low-pressure 

study. 

 

Figure 4.15. Gross specific CO emissions as a function of EGR % for low-pressure study. 
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Figure 4.16. Gross specific UHC emissions as a function of EGR % for low-pressure 

study. 

 

Figure 4.17. Exhaust soot concentration as a function of EGR % for low-pressure study. 
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4.3.2. High-pressure study 

The high-pressure study was performed in a similar manner as the low-pressure one but at 

higher pressures. The injection pressure remained the same, i.e., 1500 bar. The intake 

pressure was raised to 2.4 bar-absolute for the CDC and Isobaric L cases. For the Isobaric 

H case, the intake pressure was set at around 3.1 bar to match its PMP with the PCP of the 

CDC case. The peak motored pressure reached 120 bar for the CDC and Isobaric L cycles, 

and 150 bar for the Isobaric H cycles. For the best efficiency, it was decided to keep the 

lambda close to 3. It has been shown before that high dilution enables high thermodynamic 

efficiencies owing to the minimizing of the heat transfer losses [77]. Because the amount 

of air was significantly higher than in the first set of experiments, the mass of fuel injected 

per cycle was increased as well, up to 110 mg/cycle on average, which enabled much higher 

IMEPs. The MEPs are listed in Appendix B1. 

In second set of experiments, three different rates of EGR were also studied: 0%, 10% and 

52%. A higher EGR limit was chosen such that lambda is always constrained to values 

above 1.8, thereby avoiding excessive soot formation.  

In the CDC cases, a three-injection strategy was utilized. The pilot injection was used for 

the same reason as in the first set of experiments. The third injection was utilized for two 

reasons. First, the post injection promoted a pressure rise of up to 150 bar in a more 

isochoric manner, as the further increase in the duration of the second injection lead to 

higher cutoff ratios, thereby making the CDC lean toward a more isobaric cycle. Second, 

post injections have been known for decreasing soot emissions and are a common practice 

currently [78]. The equivalence ratio for all nine cases are reported in Appendix B2. 
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The engine speed and intake temperature in all experiments were set to 1200 RPM and 

18°C, respectively. 

4.3.2.1. Thermodynamic cycle analysis 

As in the previous low-pressure cases, to achieve isobaric combustion at 150 bar, the 

injections were required to be spaced even tighter, leading to overall shorter burn durations.  

It can also be concluded that at high loads, and pressure levels in the cylinder approaching 

150 bar, the differences between the heat release rate shapes of different modes of 

combustion become less apparent. In particular, when the injection duration of the CDC 

case was increased to allow higher IMEPs, the shape of the heat release rate approached 

that of the isobaric cases (Figure 4.18 to Figure 4.20). This effectively implies a smaller 

isochoric part of the heat addition process, which reduces the advantage of a conventional 

mixed cycle compared to an isobaric cycle. However, the drawbacks of the CDC still 

persist, which result in a lower thermodynamic efficiency. The EGR also affected both 

types of power cycles in a similar way, in contrast to the results from the first set of the 

experiments. This is also caused by lower significance of the isochoric part (premixed 

combustion), and the overall tendency of the CDC to approach the isobaric cycles. In an 

extreme case, when 52% of EGR was used, the CDC cycle had such a slow burn that the 

inlet pressure had to be increased so that the PCP of 150 bar could be reached while 

maintaining the same fuel consumption. This was the reason why the peak motored 

pressure of the CDC at 52% EGR was higher than that of the Isobaric L case, as seen in 

Figure 4.20. However, this did not affect the trends in efficiency and energy balance, as 

shown later in the section. 



118 
 

 

Figure 4.18. In-cylinder pressure trace, RoHR, and injector signal of the CDC, low-

pressure isobaric, and high-pressure isobaric cycles with no EGR. 

 

Figure 4.19. In-cylinder pressure trace, RoHR, and injector signal of the CDC, low-

pressure isobaric, and high-pressure isobaric cycles with 10% EGR. 
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Figure 4.20. In-cylinder pressure trace, RoHR, and injector signal of the CDC, low-

pressure isobaric, and high-pressure isobaric cycles with 52% EGR. 

The combustion efficiency in all the cases was between 99.8% and 99.9%, and the 

difference between the CDC and Isobaric cases was negligible. 

The gross indicated efficiency that was achieved with the constant pressure combustion at 

150 bar slightly exceed that of the CDC case reaching almost 49.5% at 0-EGR conditions 

(Figure 4.21). The Isobaric L cycle had an efficiency lower by almost 2 percent-points. 

When EGR was introduced however, the Isobaric L reached efficiencies comparable to 

those of the CDC and Isobaric H, which is the same trend as in the first set of the 

experiments. The Isobaric H cycle, on the other hand, exhibited consistently decreasing 

efficiency as more EGR was added. This trend is somewhat different from the one observed 

at lower pressures, where the gross indicated efficiency of the Isobaric H case first 

increased at medium rates of EGR and then slightly decreased at higher rates. This can, 
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once again, be explained by the dual nature of EGR. At higher pressure levels, the benefits 

from decreasing the flame temperature are set back by its tendency to degrade the 

combustion process. This trend is visualized in Figure 4.22. 

 

Figure 4.21. Gross indicated efficiency of the CDC, low-pressure isobaric, and high-

pressure isobaric cycles at high-boost conditions and different amounts of EGR. 

To clearly observe the relation between the effects of EGR and PCP, the air–fuel 

equivalence ratio (lambda) and the fraction of HT losses at different PCPs were plotted as 

a function of the EGR rate. Next, a first order polynomial was fit onto the data, and the 

slope of each line was computed. These slopes are effectively the derivatives of the HT 

loss fraction and the lambda with respect to the fraction of EGR in the intake air, and can 

be expressed as 
𝑑𝐻𝑇𝑙𝑜𝑠𝑠

𝑑𝐸𝐺𝑅
 and 

𝑑𝜆

𝑑𝐸𝐺𝑅
, respectively. These derivatives were plotted and are 
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shown in Figure 4.22 as a function of the PCP. It should be noted that all the values are 

negative, indicating once again that the HT loss and lambda are both inversely proportional 

to the rate of EGR. However, these quantities follow opposite trends with respect to the 

PCP. It is evident that the magnitude of 
𝑑𝜆

𝑑𝐸𝐺𝑅
 increases at higher pressures. This means that 

at higher PCPs, the reduction in air–fuel equivalence ratio is faster, leading to richer 

mixtures and more degraded combustion process at the same rates of EGR, compared to 

lower PCPs. Moreover, the fuel burns later in the cycle, where the area of the liner exposed 

to the high temperature gases is much larger, thereby leading to higher heat transfer losses 

and a decrease in the thermodynamic efficiency. This can also be observed from the HT 

loss percentage shown in Figure 4.23. On the other hand, the tendency of the EGR to 

decrease the heat transfer losses via reduced flame temperatures becomes less pronounced 

with increase in the PCP. It can be seen in Figure 4.22 that the magnitude of 
𝑑𝐻𝑇𝑙𝑜𝑠𝑠

𝑑𝐸𝐺𝑅
 

decreases significantly, reaching values very close to 0, suggesting that as the PCP is 

increased, the positive effect of EGR is diminished. This leads to a completely different 

trend corresponding to the response of efficiency to the added EGR at different PCPs. 

Similar behavior was also observed by Jacobs et al. in their investigation of the impact of 

EGR on the HD diesel engine performance [79]. 
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Figure 4.22. Derivatives of the air–fuel equivalence ratio (lambda) and heat transfer 

losses (HT loss) of the isobaric cycles with respect to the EGR rate as a function of the 

peak cylinder pressure (PCP). Squares correspond to the left axis, triangles correspond 

to the right axis. 

It should be noted that the derivatives did not undergo significant change between the 70 

bar- and 120 bar-PCP cases because the amount of fuel injected per cycle was changed 

between the first and second sets of experiments. This caused the combustion deterioration 

to reset slightly; however, the trend still persisted. Even though at higher EGR rates, the 

effective expansion ratio is slightly higher for the isobaric cases, as seen from Table 4.2, 

this does not imply that the thermodynamic cycle is better overall. Because the rate of heat 

release from each injection was lower with EGR, the injections had to be phased closer to 

each other, leading to a shorter duration in which the pressure was kept constant, thereby 
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increasing the expansion ratio. However, the amount of heat released during the descending 

part of the RoHR trace caused higher HT losses, because of the larger exposed area of the 

liner. At 150 bar PCP, this trend is still not as pronounced as it is expected to be at the 

target pressures of the DCEE concept, i.e., at approximately 300 bar. 

The energy flow in the system at 150 bar peak pressures, depicted in Figure 4.23, differs 

significantly from that for the first set of experiments at lower pressures. First, the fraction 

of exhaust energy is significantly higher for the high-pressure cases, which also means that 

less energy is lost to the cylinder walls through heat transfer. However, the overall trends 

between the CDC and isobaric cycles are similar. On the other hand, the effect of EGR, as 

was described in the previous paragraph, was much more ambiguous. High EGR rates were 

still beneficial for the Isobaric L case, but they had a mixed effect on the Isobaric H case. 

The amount of energy that transformed to useful work decreased, while the exhaust energy 

increased. A detailed analysis of the complete DCEE model is required to be able to clearly 

see the impact on the overall efficiency of the system. It can be concluded, however, that 

at the target pressures of the DCEE (~300 bar) EGR would potentially have more negative 

than positive impacts on the efficiency of the whole system. 
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Figure 4.23. Energy distribution from the second set of experiments as a fraction of the 

total fuel energy in the system at different EGR rates. Combustion losses are not visible 

due to their negligible magnitude compared to other losses. 

Nevertheless, the trends do indicate the existence of a “sweet spot”, where the PCP and 

EGR rate are optimized for best efficiency. Finding this operating point will require a 

parametric study, which is beyond the scope of this study. 

Currently, the trend is to utilize very high EGR rates to minimize NOx emissions and, 

potentially, eliminate the need for NOx after-treatment. One of the important results of this 

study is the fact that the Isobaric L case approached, in terms of the gross indicated 
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efficiency, the CDC case at high EGR rates. This means that an isobaric cycle with 

significantly lower peak cylinder pressure can be used instead of a conventional diesel 

cycle, without sacrificing thermal efficiency, in scenarios where high EGR rates are 

required. The benefit of using an isobaric cycle in that case would involve reduced friction 

losses due to lower PCPs, as well as lower heat transfer losses. The difference between the 

friction losses of the CDC and Isobaric L cases was estimated from the engine brake power 

data according to Eqn. (4.15). The resultant difference in FMEPs is 0.57 bar, which is 

approximately 2.5% of the total fuel energy and cannot be neglected. 

4.3.2.2. Emissions 

At the peak pressures close to 150 bar, the CO and UHC emissions generally reduced. This 

was because of not only the slightly lower equivalence ratio but also the increased kinetic 

rates as a consequence of higher molecular number densities [80]. The same trend was 

observed by Koci et al. [81]. The results of the emissions measurements are presented in 

Figure 4.24 to Figure 4.27. 

The isobaric cycle at the pressure level equal to that of the CDC had CO, UHC, and soot 

emissions approximately equal to those of the CDC case. The magnitude of NOx, however, 

was almost two times lower, as in the first experimental set. The constant pressure 

combustion case at lower pressure, in contrast to the first set, had the lowest CO and UHC 

emissions of the three cases. A 10% EGR caused a slight decrease in the NOx and the soot 

emissions. At 50% EGR however, the NOx values reduced to approximately 0.5 g/kWh, 

and in the case of the Isobaric L cycle, this value reduced to 0.3 g/kWh, which is in 

compliance with the EU regulations. Soot emissions increased only for the lower isobaric 
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case, because of the lower lambda, as discussed previously; however, the soot emissions 

remained at approximately the same level for the other two cycles. 

 

Figure 4.24. Gross specific NOx emissions as a function of EGR % for high-pressure 

study. 
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Figure 4.25. Gross specific CO emissions as a function of EGR % for high-pressure 

study. 

 

Figure 4.26. Gross specific UHC emissions as a function of EGR % for high-pressure 

study. 
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Figure 4.27. Exhaust soot concentration as a function of EGR % for high-pressure study. 

 

4.4. Practical challenges 

It is expected to be more difficult to achieve not only high quality isobaric heat addition 

(low waviness) but also an isobaric cycle in general as the in-cylinder pressure levels are 

raised. This is because of both the enhanced reactivity and a higher rate of pressure and 

temperature drop due to expansion, which require each injection to be initiated closer to 

the end of the previous injection. In some cases, this process resulted in the inability of the 

injector to complete the needle motion and stop the flow before the start of the next 

injection, which led to a merging of two shots and general instability of the injection 

system. As an example, the injection strategy of the isobaric cycle with 150 bar PCP and 

0% EGR can be considered. The following calculations are approximate but provide a clear 

understanding of the situation.  
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In the abovementioned case, the third injection occurred at 4.5 CA˚ ATDC with an 

injection duration of 280 µs, which corresponds to 2.0 CA˚ at the engine speed of 1200 

RPM. This means that the injection event is expected to finish at 6.5 CA˚ ATDC. The next 

signal is sent at 7.5 CA˚ ATDC, allowing a gap of only 1.0 CA˚ between two shots. The 

F2E distributed pump common rail system (DPCRS) used in this study is capable of 

delivering multiple injections with a 200 µs separation between shots [70], which 

corresponds to 1.44 CA˚ at 1200 RPM. This indicates that the required separation between 

two injections is shorter than the minimum shot-to-shot separation that the system is rated 

for, leading to instabilities. 

The next logical step was to investigate if a higher fuel injection rate could enable longer 

gaps between injections via reduced injection durations, while maintaining constant 

pressure combustion. Hence, the rail pressure was increased up to 2300 bar and another 

isobaric cycle at 150 bar PCP was recorded. All the other parameters were kept the same 

as in the first case, including the total amount of fuel mass injected. The pressure trace, 

RoHR, and injector signal of the 150 bar-PCP isobaric cycles with 1500 bar and 2300 bar 

rail pressures (RP) are presented in Figure 4.28. 
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Figure 4.28. In-cylinder pressure trace, RoHR, and injector signal of the isobaric 

combustion cycles with 1500 bar and 2300 bar common rail pressures and no EGR. 

At first glance, the results appear counterintuitive. A higher injection pressure generally 

did not lead to longer shot-to-shot separations. It even caused a shorter gap between the 

first and second injections. The reason behind this behavior is that increased injection rates 

not only reduced the injection durations but also increased the momentum flow rate, 

leading to a better mixing and shorter burn duration from each shot. This resulted in the 

need to phase the injections close to one another to maintain constant pressure combustion. 

The faster combustion at higher RPs can also be observed from the steeper descending 

portion of the RoHR trace in Figure 4.28. 

These results suggest that if a constant pressure combustion is required at a pressure higher 

than 150 bar, solenoid valve injectors, similar to the ones used in the experimental 
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campaign described in this thesis, would not be suitable. Instead, piezoelectric fuel 

injectors with higher needle speeds should be used. 

The injection durations are limited as well. Because the ignition delays at high pressures 

are smaller, the premixed combustion becomes insignificant, leading to little-to-no increase 

in pressure from each injection as the injection duration is further increased. As a result, 

higher IMEPs cannot be easily realized by increasing the duration of each injection under 

the constraints of an isobaric heat addition. The conclusion is that, to be able to achieve 

IMEPs higher than those considered in this work (~11 bar) at 150 bar PCP, either the 

number of injections must be increased to more than 4, or a more wavy pressure trace 

during combustion must be implemented. The latter option, however, will probably lead to 

lower thermodynamic efficiency. 

4.5. Load variation 

4.5.1. Modeling setup for the energy distribution calculations 

In this section, a 1-D gas-exchange model is set up in GT-Power Engine Simulation 

Software to estimate the cylinder temperature in order to get the best possible estimate of 

the exhaust losses and system energy distribution. A “Measured-Pressure Analysis” option 

is used in GT-Power to estimate the burn-rate which is subsequently imposed in the 

forward run. A detailed description of the model and the associated parameters is available 

in the GT manual [82]. The actual averaged pressure and temperature measurements in the 

inlet and exhaust ports are imposed in the model. Heat transfer is estimated using the 

“WoschniGT” model. The convention heat multiplier is adjusted to attain the best possible 

match between the simulated pressure and the measured pressure data, as seen in Figure 
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4.29. The simulated temperatures are presented in later sections. The estimated heat flux is 

given in Figure 4.30. 

 

Figure 4.29. An example of the measured and simulated cycles shows a close agreement 

between the two. 
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Figure 4.30. Simulated heat flux to the cylinder walls. 

It should be emphasized that the analysis is performed with a cycle-average pressure and 

temperature data from the inlet and exhaust ports rather than crank-angle resolved. Hence, 

only the closed-system part of the cycle is modeled with high accuracy. This data is 

sufficient for the purposes of this study since only the mass-averaged temperatures after 

the inlet valve closing and before the exhaust valve opening are used in the later steps. 

4.5.2. Energy distribution calculations 

The temperature estimated with 1-D modeling is used to estimate the exhaust energy 

according to Equation (4.16) [72]: 

 Δuexh = mc × (cv (exh.  gas @ T−EVO) × TEVO − cv (int.  gas @ T−isochor.)

× Tisochor.) − W(EVO→BDC & BDC→isochor.) 

(4.16) 

where, Δuexh - Internal energy of the exhaust gas, 
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mc – Mass of the exhaust gas, 

cv (exh.  gas @ T−EVO) – Specific heat at constant volume of the gas at the mass-averaged 

temperature just before the exhaust valve opening, 

cv (int.  gas @ T−isochor.) – Specific heat at constant volume of the intake gas at the 

temperature taken at the point in the compression stroke corresponding isochorically to the 

EVO. 

TEVO – Mass-averaged temperature at the EVO, 

Tisochor. – Mass-averaged temperature at the crank angle in the compression stroke 

corresponding isochorically to the EVO, 

W(EVO→BDC & BDC→isochor.) – Work produced between the crank angle of the EVO and the 

corresponding crank angle in the compression stroke at iso-volume. 

The calculated internal energy represents the gasses that leave the cylinder not fully 

expanded. Then, the heat transfer losses can be estimated by performing the energy balance 

as per Equation (4.17). 

 HT Loss = Fuel Energy − Comb. Loss − Δuexh − GI Work (4.17) 

where, HT Loss – Amount of energy lost to the walls via convection and radiation, 

Fuel Energy – Total energy chemically bound in the fuel, 

Comb. Loss – Amount of energy lost due to incomplete combustion, 

GI Work – Gross indicated work calculated by integrating the pressure trace with respect 

to volume over the compression and expansion strokes. 
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4.5.3. Thermodynamic cycle analysis 

Load variation with isobaric combustion is performed by increasing the number of 

injections with increasing load as well as extending the duration of injection when required. 

Table 4.4 presents the number of injections, the measured fuel mean effective pressure 

(FuelMEP), air-fuel equivalence ratio (λ), and gross indicated mean effective pressure 

(IMEPg). The injection timings and durations are illustrated in Figure 4.31. 

Table 4.4. Test conditions used in the study of the effect of engine load on the isobaric 

combustion cycle. 

Number of 

injections 
FuelMEP [bar] 

Air-fuel equivalence 

ratio (λ) 
IMEPg [bar] 

2 inj 4.2 19.04 1.3 

3 inj 13.0 6.41 5.9 

4 inj 23.7 3.55 11.1 

4 inj (long) 32.2 2.63 14.7 

5 inj 44.8 1.86 19.7 

Isobaric combustion is possible to realize at a wide range of loads. As seen from Figure 

4.31, different loads can be achieved by varying the number of injections and, in some 

case, injection duration. The engine load was swept from 0 up to almost 20 bar IMEPg 

(Table 4.4) by increasing the number of injections from 1 to 5. Moreover, in a limited 

range, it is possible to increase the load by prolonging the duration of the last injection. 

This can be observed in the “4 inj (long)” case. However, this applies only to late injections 

(after 10 CA˚ ATDC). Doing so to earlier injections leads to the in-cylinder pressures 

higher than the peak motored pressure. 
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Figure 4.31. Injector signal, the resultant injection rate, rate of heat release (RoHR), and 

the in-cylinder bulk temperature and pressure for the load sweep with isobaric 

combustion. 
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Isobaric combustion is primarily governed by diffusion flame, having negligible premixed 

part. It can be seen from Figure 4.31 that each injection has a corresponding local maximum 

in the RoHR trace. These peaks correspond to the end of each injection. However, this is 

not as distinctly pronounced with the fourth and fifth pulses. Moreover, the RoHR trace of 

the five-injection case follows that of the case with a prolonged fourth injection (“4 inj 

(long)”) near the global maxima (final peak). This is a consequence of the merged fourth 

and fifth injection, as can also be observed from in the injection rate. This also suggests 

that higher engine loads require injections to be phased closer to one another, in some cases 

resulting in their merger.  

Another important observation that can be made is that later injections have distinctly lower 

rise of RoHR. In the isobaric combustion concept the pressure is kept constant by carefully 

controlling the RoHR. The energy has to be added to the working gas at exactly the same 

rate as it is extracted from the gas and converted into the work by the moving piston (or 

lost via heat transfer). When the RoHR level is too high the addition of fuel is stopped, and 

a certain separation between injections is implemented to keep the average RoHR within 

the correct range. 

However, the RoHR rise becomes slower the later the injection is, even though the amount 

of fuel per injection is larger. This trend is illustrated in Figure 4.32. The RoHR rise from 

each injection is quantified as the derivative of the RoHR with respect to CA˚ 

(𝑑(𝑅𝑜𝐻𝑅) 𝑑(𝐶𝐴˚)⁄ ) over the range corresponding to each injection. The values are 

reported in Table 4.5. The slower rise of RoHR also led to the need to phase later injections 

closer to one another. 
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Figure 4.32. RoHR and its rise rate in J/ CA˚ 2 corresponding to each injection. 

Table 4.5. RoHR rise rate over the crank angle range and injected mass corresponding to 

each injection. 

Injection number 
Injected fuel mass 

[mg] 

Crank angle range 

[CA˚] 

𝑑(𝑅𝑜𝐻𝑅)

𝑑(𝐶𝐴𝐷)
 [J/ CA˚ 2] 

1st inj. 1.5 - - 

2nd inj. 12.2 2.2 – 3.6 18.6 

3rd inj. 28.3 6.6 – 9.4 11.3 

4th inj. 
55.7 11.2 – 14.0 7.2 

4th inj. (long) 
141.9 11.2 – 16.2 5.1 

4th + 5th injections 193.0 14.2 – 19.0 2.8 
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The main conclusion of this discussion is that late injections struggle to keep pressure 

constant during combustion both owing to slower kinetics and the demand of higher rate 

of energy addition later in the cycle due to faster expansion and heat losses. At loads above 

20-25 bar IMEPg, the pressure trace is expected to start reducing before the end of the 

injection, leading to a potential decrease in the area under the pressure trace and, 

consequently, reduction in efficiency. 

Figure 4.33 presents the gross indicated efficiency as a function of the engine load. The 

peak efficiency of 47% is achieved at 11 bar IMEPg with four injections. The red error 

bars indicate the uncertainty in the estimation of the amount of fuel injected per cycle 

within the confidence interval of 95%. 

 

Figure 4.33. Gross indicated efficiency of the isobaric combustion cycles as a function of 

the engine load. 
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Figure 4.34 shows the engine energy distribution at different loads. The low-load cases 

have lower gross indicated efficiency owing to a high fraction of fuel energy lost to heat 

transfer. Higher-load cases (15 – 20 bar IMEPg), however, reduce in efficiency due to an 

increase in the exhaust losses. This can be explained by a lower effective expansion ratio 

as a result of a late heat addition process. The 11.1 bar IMEPg case seems to be in the 

optimum point of the heat transfer and exhaust losses trade-off. 

 

Figure 4.34. Gross indicated work (GI work), exhaust energy, heat transfer (HT) losses, 

and combustion losses as a fraction of the total fuel energy. 

It should be noted, that the DCEE concept, for which the isobaric combustion cycle was 

proven most suitable, is capable of recovering the exhaust energy of the combustor unit by 

performing the second stage of expansion in the expander unit. The DCEE system 
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efficiency is not necessarily going to peak at 11 bar IMEPg. The complete system 

simulations must be performed using the data obtained from this and the previous study in 

order to predict the optimum load point of the DCEE concept. 

4.5.4. Emissions 

Emissions are reported both as a concentration of the pollutant in the exhaust gas and as 

specific emissions. The specific emissions were calculated by normalizing the pollutant 

concentration by the gross indicated work in kWhi (“i” denotes “indicated”). The purpose 

of the concentration plots is to illustrate the dynamics of the pollutant formation and 

oxidation during the multiple injection sequence. Since the number of injections was 

increased progressively and the emissions were recorded at each step, it is possible to 

demonstrate the role of each injection in the pollutant formation and oxidation. 

From the concentration plot in Figure 4.35 (bottom) it can be concluded that a significant 

amount of soot is formed during the first injection due to both relatively low combustion 

temperatures and very low spray momentum, as discussed in Section 3.3. The low spray 

momentum leads to low mixing rates and locally rich zones, which promote the formation 

of soot. With subsequent injections, the soot oxidation prevails owing to higher mixing 

rates and higher temperatures, leading to a gradual decrease in the soot emissions. The last 

(fifth) injection seems to produce more soot than it can oxidize. This is the consequence of 

two factors: 1. Late combustion and hence the associated lower combustion temperatures, 

2. Lower λ, which means reduced availability of oxygen. The specific soot emissions, on 

the other hand, consistently reduce with higher load (Figure 4.35, top plot). 
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Figure 4.35. Exhaust soot concentration (bottom) and specific soot emissions (top). 

As seen in the concentration plot of Figure 4.36 (bottom), the exhaust NOx concentration 

exhibits a linear trend with engine load (and injection number). The contribution of each 

injection to the NOx formation is fairly equal, even though the amount of fuel per injection 

is different (Table 4.5). The increase in the NOx concentration is the result of a larger high-

temperature zone, as well as a longer residence time of combustion products at high 

temperatures. On the other hand, the normalized NOx emissions reduce at higher loads, 

following the trend in soot emissions. 
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Figure 4.36. Exhaust NOx concentration (bottom) and specific NOx emissions (top). 

Figure 4.37 (bottom) shows that unburned hydrocarbons (UHC) are the highest with the 

first injection, again, owing to relatively low combustion temperatures; then they are 

burned off during the second and the third injections. However, from the fourth injection 

onwards UHC concentration increases again. Figure 4.37 (top) shows that specific UHC 

emissions, again, reduce at higher load points. 
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Figure 4.37. Exhaust UHC concentration (bottom) and specific UHC emissions (top). 

From Figure 4.38 (bottom) it can be concluded that the first two injections generate most 

of the CO due to relatively low combustion temperatures. As seen from Figure 4.37, these 

temperatures are more favorable for UHC production, rather than CO. The second injection 

generates higher temperatures (hence lower UHC), but not high enough to fully oxidize the 

fuel and produce more CO2, leading to the increase in the CO production. The subsequent 

injections lead to temperatures high enough for a better CO oxidation. The fifth injection, 

however, generates more CO, again, owing to lower local temperatures associated with late 

combustion and reduced availability of oxygen. The specific CO emissions, once again, 

consistently reduce with higher load. 
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Figure 4.38. Exhaust CO concentration (bottom) and specific CO emissions (top). 

A detailed data of the local temperatures and equivalence ratio is necessary to better 

understand the dynamics of the pollutants formation. This data will be obtained by 

performing CFD simulations in the future. 

4.6.Effects of injection strategy 

4.6.1. Thermodynamic cycle analysis 

The complexity of injection strategy is varied by lowering the number of injection events 
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Table 4.6. Test conditions used in the study of the effect of different injection strategies 

on the isobaric combustion cycle. 

Number of 

injections 
FuelMEP [bar] 

Air-fuel 

equivalence 

ratio (λ) 

IMEPg [bar] 

1 inj. 23.8 3.55 11.1 

2 inj. 24.1 3.58 11.2 

3 inj. 23.7 3.62 11.2 

4 inj. 23.7 3.55 11.1 

 

Isobaric combustion cycle of different qualities achieved using different injection strategies 

is studied at the optimum load point of around 11 bar IMEPg. The air-fuel equivalence 

ratio is kept approximately constant, leading to similar IMEPg values for all cases. The 

injector signal, injection rate, RoHR and pressure trace for four different strategies are 

presented in Figure 4.39 and compared with a CDC case. 
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Figure 4.39. Different injection strategies at the constant equivalence ratio of 3.6. 



148 
 

Generally, the lower the number of injections used the wavier the pressure trace becomes. 

An extreme case is the single-injection strategy where the cycle is not isobaric, per se, but 

is better characterized as a restricted pressure cycle. Overall, the differences between the 

cases with four, three, and two injections are minor. Gross indicated efficiency varies 

slightly, as seen from Figure 4.40. With fewer injections exhaust energy undergoes a slight 

increase, whereas the heat transfer losses first reduce with three injections, then increase 

again with two injections (Figure 4.41). A more significant drop in efficiency is observed 

if only one injection is used. This is accompanied by a further increase in exhaust energy 

and a drop in the heat transfer losses. 
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Figure 4.40. Gross indicated efficiency, maximum pressure rise rate, and the coefficient 

of variation of IMEP as a function of the number of injections in the isobaric combustion 

cycles. 
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Figure 4.41. Gross indicated work (GI work), exhaust energy, heat transfer (HT) losses, 

and combustion losses as a fraction of the total fuel energy. 

The gradual increase in exhaust energy with fewer injections can be explained by a later 

combustion phasing and, consecutively, a lower effective expansion ratio. The heat transfer 

losses, however, exhibit more complex behavior. Looking at the bulk temperatures one can 

see that peak temperatures are similar for all isobaric combustion cases (Figure 4.42). 

However, during the first 12 CA˚ after TDC the bulk temperatures vary more significantly, 

which is a result of different SOI times. It is known that the convection heat transfer 

coefficient is the highest during the fuel injection and combustion processes, and the 

differences in temperatures during that period have a stronger impact on heat transfer. The 

estimated heat flux from 1-D simulations is presented in Figure 4.30. Moreover, depending 

on the injection strategy implemented, the high temperature zones might have a more 
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intimate contact with the combustion chamber walls, which affects heat transfer losses 

substantially. 

Coefficient of variation (CoV) of IMEP quantifies the cyclic variability in indicated work 

per cycle, and it is used to characterize cyclic combustion variations. In this study it is 

estimated by dividing the standard deviation of IMEPg by the average of IMEPg over 1200 

cycles for each case. Figure 17 demonstrates that the CoV for the one-, two-, and three-

injection cases is fairly similar and comparable with the values for CDC. However, when 

the four-injection strategy is implemented the CoV increased up to almost 2%. This level 

of CoV is still acceptable as the degradation in vehicle drivability is usually noticed when 

CoV exceeds 3-5%. 

 

Figure 4.42. In-cylinder bulk temperature estimated using 1-D simulation. 
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The combustion noise in this study is qualitatively estimated by calculating the maximum 

pressure rise rate as it is typically the dominant parameter affecting engine noise. The 

pressure trace is first differentiated, then the maximum value for each case is taken and 

compared in Figure 4.40 (middle plot). As can be seen from the plot, the maximum rate of 

pressure rise is approximately two times lower for isobaric combustion compared to the 

CDC, which is expected to have a positive impact on noise emissions. It should be noted 

that the maximum pressure rise rate for isobaric combustion turned out to be larger than 

initially anticipated. This is the result of high-frequency pressure oscillations that were 

captured by the pressure sensor during the combustion process. This phenomenon is 

planned to be investigated in details in a future study and the in-cylinder pressure data to 

be compared to the engine noise data from acoustic measurements. 

Figure 4.43 shows the relation between the phasing of the isobaric combustion and the 

gross indicated efficiency at the same equivalence ratio. The combustion phasing is 

represented by the CA˚ at which 50% of the heat of combustion is released (CA50). The 

efficiency exhibits an inverse relation with the combustion phasing within the small range 

of variation of CA50 that can be realized using different injection strategies at the same 

load point under the constraints of the constant-pressure heat addition. 
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Figure 4.43. Gross indicated efficiency of the isobaric combustion cycle as a function of 

the CA50. 

Overall, it can be concluded that the number of injections used to achieve the isobaric 
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be used to generate more work in the expander unit, hence, increasing the overall efficiency 

of the system. Moreover, since the PCP in the isobaric cycle is much lower than in the CDC 

cycle (150 bar vs. 196 bar, respectively), the combustor unit can be optimized in terms of 

mechanical efficiency for lower PCPs, further increasing the brake thermal efficiency of 

the DCEE. This optimization may involve less heavy-duty structure of the engine, hence 

lower component weight, smaller bearing sizes, lower levels of piston ring tension, etc. 

4.6.2. Emissions 

In this comparison, only the normalized emission values are presented because the trends 

in the concentration plots would be very similar as a result of the same load point for all 

cases.  

As seen from Figure 4.44, the emissions of soot do not vary significantly with the varying 

number of injections at the same load point (and same lambda), even though they tend to 

reduce slightly with higher number of injections, most likely owing to a better mixing when 

the same amount of fuel is distributed over a higher number of injections. The soot 

emissions from the CDC are also fairly similar to those of the isobaric cycles. 

The emissions of NOx are also nearly constant for all four isobaric combustion cycles. 

However, isobaric combustion generates nearly two times lower NOx emissions compared 

to the CDC owing to much lower temperatures (Figure 4.42). 

The unburned hydrocarbon emissions are slightly higher with lower number of injections 

and fairly similar to those from CDC. The CO emissions, on the other hand, are higher 

when more injections are used. 



155 
 

 

Figure 4.44. Emissions from different injection strategies at the same load point and 

lambda. 
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compressor, then in the combustor units. Parametric studies suggested that the regular CR 

of 17:1 of the Volvo D13 base engine is not optimum for the combustor unit of the DCEE, 

and 11.5:1 should be used instead. The parametric studies were previously performed with 

the CDC in the combustor unit, while this work analyzes the effects of the CR on the 

isobaric combustion, starting from the comparison of the isobaric combustion cycles with 

the CDC at different EGR rates, followed by the variation of load, and the variation of the 

number of injections at constant load. 

4.7.2. Comparison with the CDC and variation of EGR 

In this section, the isobaric combustion cycles are compared to the CDC in terms of the in-

cylinder energy distribution at different EGR rates and a compression ratio of 11.5:1. The 

operating conditions are generally kept as close as possible to those in Section 4.3.1. 

However, the intake pressures and temperatures had to be increased to match the TDC 

conditions from the previous study. The intake pressure is raised from 1.0 to 1.7 bar for the 

Isobaric L, and from 1.45 to 2.3 bar for Isobaric H cases. The intake temperature for both 

cases is also increased from 18 to 60 ˚C to mimic the increase in temperature from the first 

compression stage in the compressor unit of the DCEE. The λ for the Isobaric L and 

Isobaric H cases is set at 3.0 and 4.1, respectively, which is the same as in the low-pressure 

study with the CR of 17:1 (Section 4.3.1). To achieve the same λ with a higher inlet 

temperature (hence lower air density), the mass of injected fuel is also increased from 55 

to 85 mg/cycle (FuelMEP of 11.1 vs 17.1 bar), which also means 55% higher load. Figure 

4.45 presents the relative distribution of the gross indicated work on the piston, exhaust 

enthalpy, heat transfer, and incomplete combustion losses. 
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Figure 4.45. Fuel energy distribution between work on the piston, exhaust enthalpy, heat 

transfer losses, and incomplete combustion losses for the CDC, isobaric low-, and 

isobaric high-pressure cycles with different EGR rates. 

The results of this low-CR study are generally similar to those obtained at a higher CR. 

Isobaric H cycle is overall more efficient than the CDC, which is explained mostly by its 

lower heat transfer loss. The benefits also seem to have been amplified at the lower CR. 

Isobaric L case, on the other hand, exhibits reduced performance compared to the CDC, 

which is consistent with the previous findings. The effect of EGR, as before, is generally 

positive; however, when it reaches values close to 50 %, the effects may be detrimental to 

the combustion efficiency, especially in the Isobaric L case. 

Figure 4.45, compared to Figure 4.13, also shows that reductions in the CR expectedly lead 

to lower indicated efficiency and generally lower heat transfer losses, which imply higher 

exhaust enthalpy. Recall that similar trend was recognized previously as one of the main 
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advantages of the isobaric combustion concept over the CDC, which benefits the DCEE 

owing to the DCEE’s capability of using the exhaust energy of the combustor unit during 

the second expansion stroke in the expander. As seen in the current study, the lower CR 

seems to amplify this trend, thus further improving the overall DCEE performance. 

Finally, conclusions form the engine-out emission measurements at a CR of 11.5:1 are in 

agreement with those at 17:1 (see Sections 4.3.1.2 and 4.3.2.2). 

4.7.3. Load variation 

The second study that was repeated at the lower CR of 11.5:1 is the load variation study, 

previously discussed in Section 4.5. The load variation is performed for both the Isobaric 

L and Isobaric H cases, at PCPs of 50 and 68 bar, respectively. The FuelMEP and IMEPg 

for the three load points tested in this study are reported in Table 4.7, whereas the estimated 

energy distributions are presented in Figure 4.46. 

Table 4.7. FuelMEP and gross IMEP for the three load points (2 inj, 3 inj, and 4 inj) 

tested at the compression ratio of 11.5:1. 

Number of 

injections 

FuelMEP 

[bar] 

IMEPg [bar] 

Isobaric L Isobaric H 

2 inj 1.4 0.1 0.15 

3 inj 8.6 2.5 3.6 

4 inj 17.1 6.7 7.2 
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Figure 4.46. Fuel energy distribution between work on the piston, exhaust enthalpy, heat 

transfer losses, and incomplete combustion losses for the isobaric low-, and isobaric 

high-pressure cycles at different engine load points. 

Figure 4.46 shows that the efficiency of the Isobaric L cycle peaks at the FuelMEP of 8.6 

bar (3 inj), which is significantly lower than the previously observed peak at 23.7 bar (see 

Section 4.5.3). This is because of the higher PCPs (150 bar) in the previous studies. On the 

other hand, Isobaric H cycle keeps a positive trend in the efficiency even with 4 injections 

(FuelMEP of 17.1 bar). The trends in the exhaust and heat transfer losses are also different 

at these conditions compared to those tested previously. As such, the exhaust enthalpy 

exhibits a strictly negative trend with engine load, which is opposite to the previous 

observations (see Figure 4.34). Heat transfer tends to increase with higher load (3 inj vs 4 

inj) as well, which is also not the case at the higher CR. Recall that the DCEE requires high 

loads and a larger amount of exhaust enthalpy expelled out of the combustor unit for the 
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most efficient operation of the entire system. Thus, the results of this study suggest that, 

unlike with the 17:1, the lower compression ratio of 11.5:1 causes an overall negative (for 

the DCEE system efficiency) trend between the heat transfer and exhaust losses with higher 

engine load. Taking the results of this and the previous (Section 4.7.2) sections into 

account, it is concluded that the effect of reducing the CR down to 11.5:1 with isobaric 

combustion concept at high engine loads is not clear. Thus, high-load conditions should be 

tested in the future with the low CR to obtain more solid conclusions. 

Note that one of the most important limitations of this study is the relatively low PCPs of 

50 and 70 bar, which in turn are dictated by the limitations of the air supply system of the 

engine test rig. In the previous isobaric combustion studies, the PCPs were increased up to 

150 bar without imposing excessive stress on the air supply system owing to the higher 

compression ratio of the engine. This, however, was not possible with 11.5:1. Thus, another 

study of the effects of the CR may be performed in the future, after certain modifications 

to the test rig would have been implemented. This future high-pressure study should also 

be performed at high engine loads to make more accurate predictions of the performance 

of the DCEE with a lower CR using isobaric combustion at more relevant boundary 

conditions. 

Finally, the engine-out emission measurements show that at a CR of 11.5:1, the trends in 

pollutant formation are overall similar to those at 17:1, i.e. specific NOx emissions reduce 

with higher load, while soot remains relatively unchanged, as long as λ is high enough 

(above 2). 
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4.7.4. Effects of injection strategy at a low compression ratio 

The injection strategy effects were also investigated at the lower CR of 11.5:1, similarly to 

the analysis performed in Section 4.6. Overall, no major differences with the results of the 

previous study were observed. The three-injection strategy, again, showed the best 

performance in terms of efficiency and energy distribution, followed closely by the two- 

and four-injection strategies. 

The engine-out emission measurements (see Figure 4.47) showed that the four-injection 

strategy gives the lowest NOx, but the highest soot emissions. The trend in NOx is 

consistent with the previous measurements (see Section 4.6.2); however, exhaust gas soot 

concentration showed an increasing trend with the number of injections, which was not 

observed before. The increasing trend may be explained by the larger extent of spray-to-

spray interactions with more injections, which lead to locally rich zones and increased 

contact between burned and unburned fuel, thus promoting soot formation. These results 

also support the previously proposed hypothesis that the generally higher soot emissions 

with isobaric combustion compared to the CDC are also due to the spray-to-spray 

interactions in the former. As seen here, the larger number of injections is likely to amplify 

this phenomenon, thus resulting in the elevated exhaust soot concentration. 
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Figure 4.47. Gross specific NOx emissions and exhaust gas soot concentration for the 

Isobaric L and Isobaric H cycles with a compression ratio of 11.5:1. 

4.8. Summary and conclusions 

Experiments were performed on a single cylinder HD engine. Isobaric combustion was 

studied at different peak cylinder pressures and EGR rates and compared to conventional 

diesel combustion. A method of engine load variation with isobaric combustion was 

developed and investigated. Isobaric combustion was also studied under different injection 

strategies. In summary, the study demonstrates the following: 

1. An isobaric combustion cycle can be achieved with a conventional fuel injection 

system by using multiple consecutive injections. 

2. Isobaric combustion and conventional diesel combustion cycles have approximately 

equal gross indicated efficiencies at the same peak cylinder pressures and no external 

EGR.  
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3. Isobaric cycles have lower heat transfer losses than the conventional diesel combustion 

cycles, because of their lower average in-cylinder temperatures and higher exhaust 

energy, mainly owing to the lower effective expansion ratio. This makes isobaric cycles 

suitable for use in the DCEE concept. 

4. The combustion efficiency is not impacted by the isobaric heat addition and, 

irrespective of the type of the cycle, remains above 99.7%. 

5. Increase in the peak cylinder pressure generally leads to the increase in the gross 

indicated efficiency for both conventional diesel combustion and isobaric combustion 

cycles. The magnitude of the increase is also similar. 

6. In the majority of the scenarios considered in this study, higher EGR rates caused a 

decrease in the heat transfer losses, while increasing the exhaust energy. However, as 

the peak cylinder pressures were increased, EGR’s positive effect on the heat transfer 

losses started to diminish, while the trend with the exhaust energy persisted. As a result, 

a reduction in the gross indicated efficiency with higher EGR rates was observed at 

peak cylinder pressures approaching 150 bar. The trends suggest that it is possible to 

optimize the peak cylinder pressure and the EGR rate to achieve higher efficiencies. 

7. If high EGR rates are required, an isobaric cycle with significantly lower peak cylinder 

pressure can still be used instead of a conventional diesel cycle, without sacrificing the 

thermal efficiency. In such a case, the isobaric combustion has the benefit of lower 

friction losses due to lower PCPs, in addition to lower heat transfer losses. 

8. The NOx emissions are approximately two times lower for the isobaric combustion 

cycle compared to the conventional diesel cycle. The CO, UHC and soot emissions of 
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the isobaric combustion and conventional diesel combustion cycles are generally 

similar. 

9. At peak cylinder pressures above 150 bar, shorter dwell times between the multiple 

injections must be set to maintain constant pressure during combustion. Hence, it is 

expected to be more challenging to achieve isobaric combustion using conventional 

solenoid fuel injectors at pressures above 150 bar. 

10. The isobaric combustion cycle is also possible to achieve at high engine loads by 

increasing the number of injections and the duration of the late injections. 

11. The highest efficiency was achieved with 4 injections at 11 bar IMEPg. The efficiency 

reduced at lower loads due to higher heat transfer losses, and at higher loads – due to 

increased exhaust losses. 

12. Specific emissions consistently reduce with the increase in engine load at lean 

conditions. 

13. Soot, CO and UHC are formed during the first injection, then oxidized during the 

subsequent injections. Soot, CO and UHC formation rate increases again during the 

late injections. NOx formation is only a function of the total injection duration. 

14. Alteration of the injection strategy does not have a significant impact on the efficiency, 

energy distribution and emissions of the isobaric combustion cycle as long as more than 

one injection is used. 

15. At high peak motoring pressures, isobaric combustion cycle is capable of achieving 

efficiencies equal to those of the CDC cycle. However, having much lower peak 
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cylinder pressures, lower heat transfer losses, and higher exhaust enthalpy, it is 

expected to enable the DCEE to achieve higher break thermal efficiency. 

16. The reduction of the compression ratio from 17:1 to 11.5:1 with isobaric combustion 

leads to not only a lower indicated efficiency, but also further reduced heat transfer 

losses, which may prove positive for the DCEE. Performance of the isobaric 

combustion concept relative to the CDC remains unchanged at the lower compression 

ratio, as is the case with the effect of EGR, and the trends in the engine-out emissions. 

17. Trends in the exhaust and heat transfer losses with engine load seem to reverse at the 

lower compression ratio, i.e. heat transfer increases with the load, while exhaust losses 

reduce. This trend is unfavorable for the DCEE, even though it is not yet clear whether 

the trend will persist at higher pressure levels and engine loads in the combustor unit. 

Results of the engine-out emission measurements at the compression ratio of 11.5:1 are 

consistent with those at 17:1. 

18. The variation of the number of injections at the compression ratio of 11.5:1 showed 

elevated soot production with more injections under the constraints of isobaric 

combustion, while everything else is kept constant. This supports the hypothesis that 

the elevated soot emission in some isobaric combustion cases observed previously is 

due to spray-to-spray interactions. 
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5. ISOBARIC COMBUSTION MODELING 

This chapter presents a development of CFD modeling methodology for isobaric 

combustion in the double compression-expansion engine. The chapter explores effects of 

liquid fuel properties, equations of state, and heat transfer models, finally validating the 

adopted setup against experimental data obtained earlier as a part of Section 4. The 

developed models can be used for detailed CFD studies of isobaric combustion. 

5.1. Simulation setup 

A computational fluid dynamics (CFD) solver, CONVERGE CFD [83], is used for all 

three-dimensional Reynolds-averaged Navier Stokes (RANS) simulations performed in 

this study. The description of the numerical problem is provided in the following. 

5.1.1. Governing equations 

Mass and momentum transport 

Eqn. (5.1) and (5.2) show the compressible mass and momentum transport equations, 

respectively, while Eqn. (5.3) – viscous stress tensor expression. 

𝜕𝜌

𝜕𝑡
+

𝜕𝜌𝑢𝑖

𝜕𝑥𝑖
= 𝑆 

 
(5.1) 

𝜕𝜌𝑢𝑖

𝜕𝑡
+

𝜕𝜌𝑢𝑖𝑢𝑗

𝜕𝑥𝑗
= −

𝜕𝑃

𝜕𝑥𝑖
+

𝜕𝜎𝑖𝑗

𝜕𝑥𝑗
+ 𝑆𝑖 

 
(5.2) 

𝜎𝑖𝑗 =  𝜇𝑡 (
𝜕𝑢𝑖

𝜕𝑥𝑗
+

𝜕𝑢𝑗

𝜕𝑥𝑖
) + (𝜇′ −

2

3
𝜇𝑡) (

𝜕𝑢𝑘

𝜕𝑥𝑘
𝛿𝑖𝑗) 

 
(5.3) 

Where, 𝑡 is time, 𝜌 is density, 𝑢 is velocity, 𝑃 is pressure, 𝑆 is the source term, 𝜎 is the 

viscous stress tensor, 𝜇′ is the dilatational viscosity, 𝛿 is the Kronecker delta, 𝑖, 𝑗, and 𝑘 
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are the Cartesian direction components, and 𝜇𝑡 is turbulent viscosity defined according to 

Eqn. (5.4). 

𝜇𝑡 = 𝐶𝜇 𝜌
𝑘2

휀
 

 
(5.4) 

Where, 𝐶𝜇 is turbulence model constant, 𝑘 is turbulent kinetic energy, and 휀 is the 

dissipation of turbulent kinetic energy. 

The momentum equation is solved with the finite volume method in its fully-conservative 

(face-valued-evaluation) form. The pressure-velocity coupling is performed using a 

modified pressure implicit with splitting of operator (PISO) algorithm by Issa et al. [84] 

 

Energy transport 

The compressible energy transport equation is given in Eqn. (5.5). 

𝜌
𝜕𝑒

𝜕𝑡
+ 𝜌

𝜕𝑢𝑗𝑒

𝜕𝑥𝑗
= −𝑃

𝜕𝑢𝑗

𝜕𝑥𝑗
+

𝜕

𝜕𝑥𝑗
(

𝐾𝑡

𝑐𝑣

𝜕𝑒

𝜕𝑥𝑗
) 

+
𝜕

𝜕𝑥𝑗
[(∑ ℎ𝑚𝜌𝐷

𝑚

− ∑ 𝑒𝑚𝛾
𝐾𝑡

𝑐𝑝
𝑚

)
𝜕𝑌𝑚

𝜕𝑥𝑗
] + 𝑆 

 

(5.5) 

Where, 𝑒 is the specific internal energy, 𝑐𝑣 and 𝑐𝑝 are specific heats, ℎ𝑚 is species-specific 

enthalpy, 𝐷 is mass diffusion coefficient, 𝛾 is specific heat ratio, 𝑌𝑚 is mass fraction of 

species 𝑚, and 𝐾𝑡 is turbulent conductivity defined according to Eqn. (5.6). 

𝐾𝑡 = 𝐾 + 𝑐𝑝

𝜇𝑡

𝑃𝑟𝑡
 

 
(5.6) 
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Where, 𝐾 is conductivity and 𝑃𝑟𝑡 is turbulent Prandtl number. 

 

Species Transport 

The compressible species conservation equation is given in Eqn. (5.7). 

𝜕𝜌𝑚

𝜕𝑡
+

𝜕𝜌𝑚𝑢𝑗

𝜕𝑥𝑗
=

𝜕

𝜕𝑥𝑗
(𝜌𝐷

𝜕𝑌𝑚

𝜕𝑥𝑗
) + 𝑆 

 
(5.7) 

Where, 𝜌𝑚 is species density calculated according to Eqn. (5.8), D is mass diffusion 

coefficient defined in Eqn. (5.9), 𝑌𝑚 is mass fraction of species 𝑚, and 𝑆 is source term 

that accounts for chemical reactions, evaporation, and other sub-models. 

𝜌𝑚 = 𝑌𝑚𝜌  (5.8) 

 

D =
ν

Sc
 

 
(5.9) 

 

5.1.2. Turbulence modeling 

The renormalization group k-epsilon model (RNG k-ε) was utilized to simulate the 

turbulence [85]. The modeled Reynolds stress is given by, 

 
𝜏𝑖𝑗 = −�̅�𝑢𝑖

′𝑢𝑗
′̃ = 2𝜇𝑡𝑆𝑖𝑗 −

2

3
𝛿𝑖𝑗 (𝜌𝑘 + 𝜇𝑡

𝜕𝜇�̃�

𝜕𝑥�̃�
) 

(5.10) 

 

in which the turbulent kinetic energy, turbulent viscosity, and mean strain rate tensor are 

respectively defined as, 
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𝑘 =

1

2
𝑢𝑖

′𝑢𝑖
′̃  

(5.11) 

 

 
𝜇𝑡 = 𝐶𝜇𝜌

𝑘2

휀
 

(5.12) 

 

 
𝑆𝑖𝑗 =

1

2
(

𝜕𝑢�̃�

𝜕𝑥𝑗
+

𝜕𝑢�̃�

𝜕𝑥𝑖
) 

(5.13) 

In Eqn. (3), 𝐶𝜇 is a model constant and 휀 is the dissipation of turbulent kinetic energy, and 

in Eqn. (5.13), “~” is Favre average, defined for velocity 𝑢𝑖 according to Eqn. (5.14). 

𝑢�̃� =
𝜌𝑢𝑖̅̅ ̅̅̅

�̅�
 

 
(5.14) 

The governing transport equations for turbulent kinetic energy (k) and dissipation of 

turbulent kinetic energy (ε) with the RNG k-ε model are given in Eqn. (5.15) and (5.16), 

respectively. 

𝜕𝜌𝑘

𝜕𝑡
+

𝜕𝜌𝑢𝑖𝑘

𝜕𝑥𝑖
= 𝜏𝑖𝑗

𝜕𝑢𝑖

𝜕𝑥𝑗
+

𝜕

𝜕𝑥𝑗

𝜇 + 𝜇𝑡

𝑃𝑟𝑘

𝜕𝑘

𝜕𝑥𝑗
− 𝜌휀 +

𝐶𝑠

1.5
𝑆𝑠 

 
(5.15) 

   

𝜕𝜌휀

𝜕𝑡
+

𝜕(𝜌𝑢𝑖휀)

𝜕𝑥𝑖
=

𝜕

𝜕𝑥𝑗
(

𝜇 + 𝜇𝑡

𝑃𝑟𝜀

𝜕휀

𝜕𝑥𝑗
) + 𝐶𝜀3 𝜌휀

𝜕𝑢𝑖

𝜕𝑥𝑖
 

+ (𝐶𝜀1

𝜕𝑢𝑖

𝜕𝑥𝑗
𝜏𝑖𝑗 − 𝐶𝜀2 𝜌휀 + 𝐶𝑠𝑆𝑠)

휀

𝑘
+ 𝑆 − 𝜌

𝐶𝜇𝜂3 (1 −
𝜂
𝜂0

)

1 + 𝛽𝜂3

휀2

𝑘
 

 

(5.16) 

Where, 𝑆 is user-specified source term and 𝑆𝑠 is the source term that accounts for discrete-

phase (spray) interactions. The following are the model constants and their values: 𝐶𝜇 =
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0.0845, 𝐶𝜀1 = 1.42, 𝐶𝜀2 = 1.68, 𝐶𝜀3 = −1.0, 𝛽 = 0.012, 𝜂0 = 4.38, 
1

𝑃𝑟𝑘
. In Eqn. (5.16), 

𝜂 is defined according to Eqn. (5.17). 

𝜂 =
𝑘

휀
√2𝑆𝑖𝑗𝑆𝑖𝑗 

 
(5.17) 

 

5.1.3. Spray and combustion models 

A Lagrangian-parcel method was utilized to describe the liquid spray dynamics [86]. The 

Kelvin-Helmholtz Rayleigh-Taylor model without a breakup length was adopted to predict 

the droplet breakup [87], the no-time-counter algorithm was adopted to predict the droplet 

collision [88], and the Frossling correlation approach was used to simulate droplet 

evaporation [89]. The SAGE detailed chemical kinetics solver [90] coupled with the 

reduced n-heptane mechanism developed by Wang et al. [91] was adopted for the diesel 

combustion simulation.  

The governing equations for mass and energy conservation (Eqn. (5.18) and (5.19), 

respectively) are solved by SAGE for a given computational cell using the “CVODES” 

ODE solver [92]. 

𝑑[𝑋𝑚]

𝑑𝑡
= �̇�𝑚 

 
(5.18) 

𝑑𝑇

𝑑𝑡
=

𝑉
𝑑𝑃
𝑑𝑡

− ∑ (ℎ̅𝑚�̇�𝑚)𝑚

∑ ([𝑋𝑚]𝑐�̅�,𝑚)𝑚
 

 
(5.19) 
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Where, ℎ̅𝑚 is molar specific enthalpy for species 𝑚, 𝑐�̅�,𝑚 is molar constant-pressure 

specific heat, [𝑋𝑚] is molar concentration of species 𝑚, and �̇�𝑚 is production rate of 

species 𝑚, defined according to Eqn. (5.20). 

�̇�𝑚 = ∑(𝜈𝑚,𝑟
′′ − 𝜈𝑚,𝑟

′ ) 𝑞𝑟

𝑅

𝑟=1

 

 
(5.20) 

Where, 𝜈𝑚,𝑟
′  and 𝜈𝑚,𝑟

′′  are stoichiometric coefficients for reactants and products, 

respectively, for species 𝑚 and reaction 𝑟, and 𝑞𝑟 is rate-of-progress parameter defined in 

Eqn. (5.21). 

𝑞𝑟 = 𝑘𝑓𝑟 ∏[𝑋𝑚]𝜈𝑚,𝑟
′

𝑀

𝑚=1

− 𝑘𝑟𝑟 ∏[𝑋𝑚]𝜈𝑚,𝑟
′′

𝑀

𝑚=1

 

 
(5.21) 

Where, 𝑘𝑓𝑟 and 𝑘𝑟𝑟 are forward and reverse reaction rate constants, respectively, calculated 

from the supplied reaction mechanism file using the Arrhenius equation. Further details on 

combustion modeling in CONVERGE can be found in [93]. 

 

5.1.4. Geometry and grid control 

To reduce the computational time without sacrificing the accuracy of the results, a sector 

case is used as a computational domain. Based on the number of nozzles, 1/7 of the cylinder 

with periodic boundaries was modeled implying a 51.43° sector case as can be seen in 

Figure 5.1. 
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Figure 5.1. Illustration of the engine computational domain (sector). 

A base grid of 2 mm was used. To refine the grids in critical areas, a fixed embedding level 

of 2 was used for the piston and cylinder head, while for the injector, a fixed embedding of 

the level of 3 is used. Moreover, the AMR level of 3 was used to automatically refine the 

grid where there is a fluctuation in temperature and velocity profiles. The grid control is 

based on the work done by Senecal et al. [94] where a grid setting was recommended based 

on the accuracy of the results and runtime for RANS simulations. Figure 5.2 shows the grid 

control techniques used. 

 

Figure 5.2. Some details of the computational grid control. 

5.1.5. Boundary and initial conditions 

A wall boundary type with a translating wall motion is used for the piston, while for the 

cylinder head and cylinder wall, a stationary wall boundary condition is used. For the front 
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and back faces, a stationary periodic boundary condition was used. The law of the wall 

boundary condition is suitable for this case where it can resolve the sublayer of the flow 

for high Reynolds number turbulent flow by using a logarithmic curve fit of the turbulent 

boundary layer. For the initial conditions, the pressure and temperature at IVC are 3.29 bar 

and 396 K, respectively, which was obtained from the GT-Power package. 

5.2. Modeling of fuel physical properties 

In terms of physical properties, diesel fuel was modeled using three different assumptions: 

1. Diesel with a constant density and the critical temperature of 736 K; 2. N-heptane with 

a critical temperature of 540.26 K; 3. Diesel with a varying density and the critical 

temperature of 736 K. By default, CONVERGE uses a constant density as a function of 

temperature for diesel. Thus, a new density was adopted from the KIVA fuel library, which 

represents the change in density as a function of temperature. Note that the only difference 

between assumptions 1 and 3 is the density. The other properties including the critical 

temperature were kept the same. The physical properties of the three cases are illustrated 

in Figure 5.3. 
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Figure 5.3. Physical properties of diesel fuel and n-heptane. 
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As seen from Figure 5.3, the surface tension and density of n-heptane are lower than those 

of diesel. This implies that n-heptane will have a higher Weber number compared to diesel 

and this leads to faster atomization while constant density diesel will have the slowest 

atomization. Moreover, the heat of vaporization of n-heptane is higher than diesel at a 

temperature higher than 400 K. This indicates that n-heptane requires less energy to 

evaporate than that of diesel fuel. N-heptane has a higher vapor pressure than diesel, 

implying that n-heptane has a higher evaporation rate. In terms of thermal conductivity, it 

is seen that n-heptane droplets conduct more heat than diesel at a temperature lower than 

350 K and vice-versa at higher temperatures. No significant difference is observed in terms 

of specific heat.  

Figure 5.4 shows a higher in-cylinder pressure and heat release rate for n-heptane compared 

with diesel. The different densities of diesel do not seem to have a significant effect on 

pressure trace nor heat release rate as they almost have the same average temperature. 
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Figure 5.4. Effects of fuel physical properties on the pressure and heat release rate traces 

for isobaric combustion. 

The fuel density and liquid penetration length have a proportional relation, which has been 

investigated and reported by Brian et al. [95]. Figure 5.5 shows the same relation where 

the diesel with constant density has the highest penetration length, and n-heptane has the 

lowest. Figure 5.6 and Figure 5.7 show a comparison of temperature and equivalence ratio 

PDFs for the three cases where it is observed that n-heptane has the highest average 

temperature, while diesel fuel with constant density – lowest. More premixed combustion 

was observed with n-heptane as fuel, implying better mixing compared to diesel, whereas 

diesel fuel with constant density shows more diffusion combustion compared to that with 

varying density. As a result, n-heptane is found to have the highest average temperature 

(see Figure 5.8). 



177 
 

 

Figure 5.5. Liquid penetration lengths with diesel and n-heptane as fuel. 

 

Figure 5.6. Temperature PDF at 12 CA˚ ATDC with different fuel physical properties. 
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Figure 5.7. Equivalence ratio PDF at 12 CA˚ ATDC with different fuel physical 

properties. 

 

Figure 5.8. In-cylinder bulk temperatures with different fuel physical parameters. 
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5.3. Modeling of thermodynamic properties 

As the combustion occurs at high pressures and temperatures, the gaseous mixture cannot 

be treated as an ideal gas, which has already been reported by Zevenhoven [96]. Different 

equations of state (EOS) may have a significant impact on the accuracy of the numerical 

results. Thus, a comparison between three different equations of state is crucial to maintain 

the accuracy of the results. The basic equation of state known as the ideal gas law is given 

by: 

 
𝑃 =  ρ (

𝑅

𝑊
) 𝑇 

(5.22) 

Where P is the pressure, ρ is the density, R is the universal gas constant, W is the molecular 

weight, and T is the temperature. Besides the ideal gas, two different cubic equations of 

state were investigated, namely Redlich-Kwong [97] and Peng-Robinson [98]. These two 

equations are written in a generalized form with different coefficients listed in Table 5.1. 

 
𝑃 =

RT

v − b
−

𝑎

𝑣2 + 𝑢𝑏𝑣 + 𝑤𝑏2
 

(5.23) 

Where β is the volume of the molecules, vc is the critical volume, α is the attractive forces 

between molecules, pc is the critical pressure, Tr is the reduced temperature, and ω is the 

acentric factor. 

 

 

 



180 
 

Table 5.1. Coefficients for the Redlich-Kwong and Peng-Robinson equations of state. 

Equation of state u w b a 

Redlich-Kwong 1 0 𝛽𝑟𝑘𝑣𝑐 𝛼𝑟𝑘𝑝𝑐𝑣𝑐
2

√𝑇𝑟

 

Peng-Robinson 2 -1 𝛽𝑝𝑟𝑣𝑐 𝛼𝑝𝑟𝑝𝑐𝑣𝑐
2[1 + 𝑓𝑟𝑘𝑤(1 − 𝑇𝑟

0.5)]2 

 

 

The ideal gas equation does not account for attraction forces between molecules, and at 

high pressure, the molecular volume becomes significant. The Redlich-Kwong equation 

predicts the gas-phase properties well, but it performs poorer in the liquid phase modeling. 

On the other hand, the Peng-Robinson equation performs well for condensate systems and 

gas. It is also suitable to be used where there are high variations in liquid densities [99]. 

Figure 5.9 shows the effect of using different equations of state, where it is observed that 

Redlich-Kwong and Peng-Robinson have a similar effect on pressure trace and heat release 

rate and are in good agreement with the experimental data while ideal gas under predicts 

the experimental data. 
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Figure 5.9. Effects of different equations of state on the pressure and heat release rate 

traces for isobaric combustion. 

5.4. Modeling wall heat transfer 

Three different heat transfer models: O’Rourke and Amsden [100], Han and Reitz [101], 

and Angelberger [102] are investigated. The Reitz model is suitable where compressible 

effects must be accounted for, while the Angelberger is suitable for isothermal and non-

isothermal flow. The Angelberger model normally predicts lower wall heat fluxes 

compared to Reitz [103]. 

In this study, it is also observed that Han and Reitz model over-predicts the experimental 

heat transfer loss, while Angelberger under-predicts the heat fluxes. It is also seen that 

these two models can predict the experimental apparent heat release reasonably well, even 

though certain deviations still take place. On the other hand, the O’Rourke model is found 

to have the best match with the experimental results as seen in Figure 5.10. 
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Figure 5.10. Effects of different heat transfer models on the pressure and heat release 

rate traces for isobaric combustion. 

5.5. Validation of the CFD models for isobaric combustion 

The knowledge gained in this chapter is used in an attempt to predict the thermodynamic 

cycle parameters for isobaric combustion. Figure 5.11 shows the results of the CFD 

simulations carried out using the most suitable models identified above in comparison to 

the experimentally obtained pressure and apparent heat release rate traces from Section 4. 

A close match between the predicted and measured data is observed, which confirms the 

appropriateness of the adopted models in the modeling of high-pressure isobaric 

combustion. 
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Figure 5.11. Comparison of the experimentally obtained pressure and apparent heat 

release traces with those predicted using the developed CFD methodology. 
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6. MULTIPLE FUEL INJECTORS 

In this chapter, a fuel injection system with multiple injectors per cylinder is investigated 

to study its characteristics at conditions relevant for the DCEE – high engine loads and 

high EGR rates. The results from this chapter show that the multiple fuel injector system 

should be combined with the isobaric combustion concept for maximum benefits. 

6.1. Simulation setup 

All results in this study are obtained by performing three-dimensional RANS simulations 

using the CONVERGE CFD software [104]. The successive over-relaxation (SOR) 

method is used to solve the momentum, pressure, density, energy, and species equations. 

A variable time-step algorithm is implemented with the minimum time-step of 1E-8s and 

the maximum convection, diffusion, and Mach CFL limits of 1, 2, and 50, respectively. 

The Redlich-Kwong (RK) equation of state is used with the critical temperature of 133 K, 

and critical pressure of 3.77E+06 Pa. An AramcoMech reduced kinetic model for 

compression-ignition simulations of complex TPRF surrogate fuels [105] is solved using 

CVODES in the SAGE detailed chemistry solver. The kinetic model contains 61 species 

and 270 reactions. The injection process of the diesel fuel is modeled with a discrete phase 

model where a total of 420,000 drop parcels bearing physical properties of diesel fuel are 

introduced into the computational domain. Modeling of spray atomization and break-up is 

implemented using a hybrid Kelvin-Helmholtz (KH) and Rayleigh-Taylor (RT) model. 

The diesel fuel is evaporated using the Frossling model. After evaporation, the combustion 

chemistry of diesel fuel is approximated by n-heptane (n-C7H16). In this study, turbulence 

is modeled using RNG k-ε model with standard coefficients. 
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A structured cut-cell Cartesian grid is used with the base cell size of 2 mm. To reduce the 

computational cost while maintaining a high level of accuracy, adaptive mesh refinement 

(AMR) is used to reduce the cell size down to 0.25 mm (scale 3) based on the velocity and 

temperature gradients. Additionally, grid embedding of scale 3 is applied in the region 

around the spray, whereas an embedding of scale 2 is laid over the cylinder boundaries. 

This choice of the boundary embedding is justified in Section 6.1.1. 

6.1.1. Heat transfer modeling 

Due to computational cost considerations, the grid resolution near the walls in this study is 

not sufficient for accurate modeling of the viscous sublayer. Instead, the law-of-the-wall 

temperature boundary condition is implemented on all cylinder walls and heat transfer is 

modeled using the O’Rourke and Amsden model [100]. The wall heat transfer is calculated 

as per Eqn. (6.1) - (6.4). 

 
k

∂T

∂x
=

μmcp(Tg − Tw)

Prm y
F 

(6.1) 

 

 F = 1.0   y+ < 11.05 (6.2) 

 

 

F =  

y+Prm

Prt

1
κ ln y+ + B + 11.05 (

Prm

Prt
− 1)

    y+ > 11.05 

(6.3) 

 

 y+ =
ρuτy

μm
 

(6.4) 
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Where, 

k – molecular conductivity, 

μm – molecular viscosity, 

Tg – gas temperature, 

Tw – wall temperature, 

y+ – dimensionless wall distance, 

y  – absolute wall distance, 

Prm – molecular Prandtl number, 

Prt – turbulent Prandtl number, 

uτ – shear speed, 

B – law-of-the-wall parameter equal to 5.5, 

κ – Von Karman constant equal to 0.42. 

As mentioned in the previous section, additional grid embedding of scale 2 (0.5 mm) was 

applied on all cylinder boundaries. This embedding scale value was chosen to keep the 𝑦+ 

values within the range of 30 – 100 recommended for k-ε turbulence model. This enables 

the first cell center to be always located in the log-law region. 
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6.2. Experimental setup and operating conditions 

6.2.1. Experimental Setup 

Experimental data used as a reference for setting up relevant boundary conditions in the 

simulation as well as for model validation was taken from the study by Lam et al. [14] on 

system brake efficiency of the DCEE concept. In their study, the combustor unit of the 

concept was investigated experimentally using a modified single-cylinder version of the 

Volvo D13 engine. Table 6.1 shows the specifications of the test engine. The specifications 

of the diesel fuel injector are given in Table 6.2. 

Table 6.1. Test engine specifications. 

Cylinder bore 0.131 m 

Stroke 0.158 m 

Con. Rod length 0.265 m 

Crank offset 0 m 

Compression ratio 11.5 : 1 

Fuel system Common-rail direct-

injection 

 

Table 6.2. Diesel fuel injector specifications. 

Number of nozzle 

holes 

7 

Nozzle diameter 265 um 

Spray cone angle 10 deg 

Spray umbrella angle 145 deg 

Discharge coefficient 0.9635 
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6.2.2. Operating Conditions 

The combustor unit of the DCEE is almost identical in operation to a conventional four-

stroke diesel engine. The main differences are the pressure during the inlet and exhaust 

strokes and the compression ratio, the former of which is significantly higher with the 

DCEE combustor unit, while the latter is considerably lower compared to modern diesel 

engines. This is to provide enough energy for the expander unit to operate efficiently. The 

operating conditions of the combustor unit at the load point corresponding to Case 9 

reported by Lam et al. are given in Table 6.3. This operating point yielded the highest brake 

thermal efficiency for the whole DCEE system, hence was chosen as the most interesting 

case to investigate with the new multiple-injector concept. 

Table 6.3. Operating conditions for the highest-efficiency case (Case 9) implemented 

experimentally [14]. 

Inlet pressure 5 bar 

Inlet temperature 70 o C 

Engine speed 1200 RPM 

Injection pressure 2200 bar 

Start of injection -2.7 deg ATDC 

Injection duration 1500 us 

or 10.8 CA˚ at 1200 RPM 

Injected fuel mass 275.6 mg/cycle 

EGR rate 36.4% 

Air-fuel equivalence 

ratio (λ) 

1.36 

FuelMEP 55.8 bar 

IMEPgross 25.9 bar 

IMEPnet 22.1 bar 
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6.3. Validation of computational models 

6.3.1. Combustion and thermodynamics 

In this study, only the closed-volume part of the cycle was simulated. Thus, only the 

combustion cylinder was modeled (no intake and exhaust ports or valves). Some 

parameters required for setting up relevant conditions for closed-cycle 3-D CFD 

simulations are hard to obtain experimentally, hence, they were estimated using 1-D GT-

Power simulations. This data is reported in Table 6.4. 

Table 6.4. Operating conditions obtained using 1-D GT-Power simulations. 

In-cylinder pressure at BDC 5.14 bar 

In-cylinder temperature at BDC 127 deg C 

Piston temperature 227 deg C 

Liner temperature 207 deg C 

Cylinder head temperature 227 deg C 

In-cylinder composition at IVC (mass fractions) 

CO2 0.0945 

H2O 0.0361 

N2 0.7059 

O2 0.1635 
 

Even though the exact profile of the injection rate was not available to us, we made our 

best attempts at approximating the injection rate shape based on the previous experimental 

investigations on a similar injector [106]. The fuel injection rate employed in this study is 

shown in Figure 6.1. 

To validate the CFD models employed in this study, a simulation was carried out on an 

engine geometry described in Table 6.1 and Table 6.2, with boundary conditions reported 

in Table 6.3 and Table 6.4. Then, the pressure trace and heat release data from the 
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simulation were compared to those from the experiments. Figure 6.1 shows that the 

simulated pressure trace and heat release rate match almost perfectly with those obtained 

experimentally. 

 

Figure 6.1. Comparison of the rate of heat release (RoHR), and pressure traces obtain 

experimentally and numerically. 

Ignition delay, combustion phasing, gross IMEP, and equivalence ratio from the simulation 

were also compared to those from experiments, and the results are given in Table 6.5. An 

exceptionally good match is obtained with the aforementioned parameters too. 
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Table 6.5. Comparison of the ignition delay, combustion phasing (CA50), air-fuel 

equivalence ratio, and gross indicated mean effective pressure (IMEPgross) obtained 

experimentally and numerically. 

 Experiments Simulations 

Ignition delay 2.2 deg 2.0 deg 

CA 50 10.7 deg ATDC 10.4 deg ATDC 

Air-fuel equivalence ratio (𝜆) 1.360 1.366 

IMEPgross 25.9 bar 25.9 bar 

 

6.3.2. NOx Emissions 

Emissions of nitrogen oxides (NOx) were measured by Lam et al. using an AVL AMAi60-

system [14]. They report 0.41 g/kWh gross indicated specific NOx emissions for the 56 

bar FuelMEP operating point, which was chosen as the experimental reference case in this 

study.  

In the simulations performed for the current study, the Extended Zeldovich thermal NOx 

model [71] was employed. An equilibrium assumption was made on the O and OH radical 

concentrations. This assumption is justified by the fact that the kinetics of the thermal NOx 

formation are significantly slower than that of the hydrocarbon oxidation [107]. Thus, this 

assumption is typically valid for when combustion temperatures exceed 2200 K, which was 

the case most of the time for all simulations performed in this work. 

The amount of NOx estimated by the simulations is 0.26 g/kWh. Taking into account that 

in experiments, 36.4% of exhaust gas was recirculated back into the inlet, the emissions 

analyzer also measured the NOx contained in the EGR in addition to the NOx generated 

by combustion. However, the inlet gas composition imposed in simulations did not contain 
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any NOx, hence, the simulated exhaust gas contains NOx only from combustion (no 

recirculated NOx that is present in experiments), yielding lower values. These 

discrepancies between simulations and experiments are compensated for by adjusting the 

simulated NOx according to Eqn. (6.5). 

 SNOx−sim.+EGR = SNOx−sim. + SNOx−sim. ∗ EGRrate (6.5) 

Where, 

SNOx−sim. – simulated NOx emissions in g/kWh, 

SNOx−sim.+EGR – simulated NOx emissions plus NOx from EGR in g/kWh, 

EGRrate – fraction of the exhaust gas recirculated back into the inlet as reported by Lam et 

al. 

After compensating for EGR, the NOx emissions from simulations become 0.36 g/kWh, 

which is sufficiently close to the experimentally measured value of 0.41 g/kWh. Note that 

no tuning of the NOx model was required to achieve this match. 

6.4. Multiple fuel injectors 

Three-dimensional data shown in this section was visualized using ParaView scientific 

visualization software [108]. In order to depict the flame plumes, contour plots of 

equivalence ratio of 0.8, 1.0, and 1.2 were generated and colored with temperature. 

In the experiments conducted by Lam et al. the number of holes in the central injector 

nozzle was seven. However, to enable a direct comparison between the conventional 

central injector and the double-side-injector configurations, the number of nozzle holes of 

the conventional injector in this study was reduced to six to yield an even number. This 
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configuration was simulated at the same conditions as in Section 6.3. The only change that 

had to be made is the injection duration, which was increased to compensate for the reduced 

number of holes maintaining a constant discharge coefficient. As a result of this 

adjustment, the IMEPgross reduced from 25.90 bar to 25.66 bar. Henceforward, the central-

injector case with six nozzle holes will be considered as a reference for comparison to a 

conventional injector configuration. 

Figure 6.2 illustrates both the double-side-injector and the conventional central-injector 

configurations in the same cylinder, where the white cones represent the direction and cone 

angle of the sprays. 

 

 

Figure 6.2. Conventional central- and double-side-injector configurations shown in the 

same cylinder, along with the piston crown at TDC. 
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6.5. Double-side-injector configuration 

In this section the double-side-injector configuration is compared to the single-central-

injector configuration. The spray and flame plumes from the former one are presented in 

Figure 6.3. 

 

Figure 6.3. Flame plumes created by two side injectors at 6 CA˚ ATDC. 

Figure 6.4 illustrates the injection rate, heat release, and pressure trace for the single-

central- and the double-side-injector configurations. From this figure it can be seen that the 

heat release of the case with two side injectors is less favorable than that of the single-

injector case. The former reaches a plateau after around 5 CA˚ ATDC, which prevents it 
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from reaching values as high as those achieved by the latter. The heat release rate from the 

side injectors also drops much faster once the fuel injection is stopped; however, the overall 

burning duration is significantly longer. As can be seen from  

 

 

 

Table 6.6, the double-side-injector case has similar CA50, but much later CA90. As a 

result, the tail of the heat release contributes to over 3 %-point reduction in indicated 

efficiency. 
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Figure 6.4. Injection rate, rate of heat release (RoHR), and pressure traces for the 

reference central injector and the double-side-injector configurations. 

 

 

 

Table 6.6. Gross indicated mean effective pressure (IMEPgross), gross indicated 

efficiency (GIE), crank angle of 50% heat release (CA50), and crank angle of 90% heat 

release (CA90) for the reference central injector and the double-side-injector 

configurations. 

 1 central injector 2 side injectors 

IMEPgross [bar] 25.66 23.80 

GIE [%] 44.2 41.0 
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CA50 [deg ATDC] 11.4 11.2 

CA90 [deg ATDC] 25.2 52.2 

 

The heat that is not released in the early stage of combustion is released later, in the tail of 

the RoHR. A number of reasons might be contributing to such behavior. One of them might 

be wall wetting from two sprays that are the closest to the walls. In order to find out whether 

this is the case, the injector configuration and the liquid spray penetration are plotted and 

illustrated in Figure 6.5 and Figure 6.6, respectively.  

 

Figure 6.5. Injector configurations depicted relative to the piston. 
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Figure 6.6. Injection rate, rate of heat release, and liquid spray penetration from each of 

the sprays depicted in Figure 6.5. 

The liquid spray penetration during the injection process is only 3 cm, which is much 

shorter than the distance between the nozzle and the piston bowl (~ 5 cm). It is also 

approximately equal for all three sprays. This suggests that none of the sprays reach the 

piston bowl. Furthermore, later in the thesis, it will be shown that reducing the angle 

between the nozzle-hole axes, thus directing the sprays further away from the walls may 

still lead to similar results in terms of heat release. Thus, it is concluded, that the adverse 

heat release and reduction in IMEP is not because of the wall wetting. 

There are two important observations that can be made from Figure 6.3. First, the sprays 

that are the closest to the piston surface (Spray #1 and its counterpart from the other 

injector) are directed toward the walls. This results in the plume/wall impingement and the 

consequent redirection of the two side plumes toward the neighboring ones. As a results, a 
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significant plume-to-plume interaction takes place. The second observation is a 

substantially smaller volume occupied by the flames with the double-side-injector 

configuration. Both phenomena are illustrated in Figure 6.7. 

 

Figure 6.7. Comparison of the flame plumes generated by the conventional central 

injector and double-side-injector configurations. 



200 
 

As can be observed from Figure 6.7, the resultant reaction zone size is much smaller with 

the double-side-injector configuration compared to the single-central one. This is partly 

due to the piston bowl shape un-optimized for the non-axisymmetric injector configuration, 

which results in significantly inferior mixing characteristics, hence limited heat release. 

Another factor contributing to slow heat release is the plume-to-plume interaction that was 

discussed in the previous paragraph. Both phenomena lead to higher local equivalence 

ratios and overall declined fresh air utilization. 

Combustion efficiency reduced by about 1%. However, the long tail in HR leads to an 

inferior thermodynamic cycle and a reduction in IMEP of about 7%. This translates into a 

reduction of 3.2 %-points in gross indicated efficiency. The relative distribution of fuel 

energy is calculated and presented in Figure 6.8. 
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Figure 6.8. Fuel energy distribution between work on the piston, exhaust enthalpy, heat 

transfer losses, and combustion losses for the reference central injector and the double-

side-injector configurations. 

It can be observed from Figure 6.8 that, even though the gross indicated work reduced with 

the side-injector configuration, the heat transfer losses underwent a significant reduction 

as well. It has previously been reported by Nyrenstedt et al. that heat transfer losses can be 

drastically reduced with a two-injector system [109]. In order to understand the reason 

behind the reduced heat transfer losses, the heat flux to the piston, head, and liner surfaces 

was calculated using the methods described in Section 6.1. The results of the calculations 

are presented in Figure 6.9.  
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Figure 6.9. Heat flux to the piston, head, and liner surfaces, and the total amount of heat 

transferred to all cylinder walls combined for the reference central injector and the 

double-side-injector configurations. 

Figure 6.9 shows that the total heat transfer loss is reduced by 8% with the side-injector 

configuration compared to the central. This is about 1% of the fuel energy. Most of the 

reduction comes from the piston boundary. Comparing the central- and side-injector cases 

from Figure 6.7, one can immediately see that in the former case, all six spray plumes are 

directed perpendicularly to the piston bowl resulting in an extensive plume-wall 

impingement. This enhances the mixing of the fuel with fresh air, promoting faster 

combustion. However, this also causes much larger heat flux to the piston surface, as can 

be seen in Figure 6.9. The overall size of the high-temperature zone is much smaller with 

the side-injector configuration, where flames are mainly concentrated in two relatively 
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small “clouds” mostly inside the piston bowl, which positively affects heat losses. Also, 

the in-cylinder temperature is significantly lower with the side-injector system in the earlier 

part of the cycle, as can be seen from Figure 6.10. This also contributes to the reduction in 

heat losses, since the convection heat transfer coefficient is the highest early in the 

expansion stroke. 

 

Figure 6.10. Mean in-cylinder temperature for the reference central injector and the 

double-side-injector configurations. 

These results confirm the finding of the work by Nyrenstedt et al. at medium loads, and 

suggest that, if done correctly, the side-injector concept has a potential to increase engine 

efficiency by reducing heat transfer losses even at higher engine load conditions. 
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6.6. Piston bowl designs 

6.6.1. Flat bowl version 1 

The idea behind using flat piston bowl is that the omega-shaped piston bowl normally used 

in modern diesel engines is not necessary with the side-injector configuration since the 

spray plumes are not directed toward the piston bowl in the same way as they are with the 

central injector. Then, having flat bowl, in theory, should enable lower heat transfer losses 

owing to reduced surface area [109]. In this subsection, the flat piston bowl geometry 

(Figure 6.11) is compared to the standard omega-shaped bowl with two side injectors. 

 

Figure 6.11. Flat piston bowl proposed by Nyrenstedt et al. [109] (Flat bowl V1). 

The flat piston bowl does not seem to significantly affect the heat release and pressure 

traces, as they are practically identical to those with the standard piston bowl. The IMEP 

is reduced by a mere 0.1 bar. However, looking at the heat flux to the cylinder walls, 

notable changes can be observed. As can be seen in Figure 6.12, heat flux to the piston is 
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reduced, while heat flux to the head is increased. Overall heat loss from the in-cylinder gas 

is relatively unchanged. 

 

Figure 6.12. Heat flux to the piston, head, and liner surfaces, and the total amount of 

heat transferred to all cylinder walls combined for the standard omega-shaped piston 

bowl and the novel flat piston bowl (Flat bowl V1) with side injectors. 

In an attempt to understand the reason for the reduction of heat flux to the piston and the 

increase of heat flux to the head, we made a 3-D plot of the flame plumes mid-injection 

and compared them for the Standard bowl and the Flat bowl V1 cases. The results are 

illustrated in Figure 6.13. 
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Figure 6.13. Comparison of the flame plumes generated by the side injectors with the 

standard omega-shaped piston bowl and the novel flat piston bowl (Flat bowl V1). 

The bowl rim (the sharp edge between the piston bowl and the top land) of the Flat bowl 

V1 causes the flame plume to bounce off the piston bowl and hit the cylinder head. The 

flame then stays attached to the head leading to the increased heat losses. This is not the 

case with the standard piston which has a more gradual transition from the bowl to the top 

land area. This suggests that the reason for reductions in heat transfer losses to the piston 

in the Flat bowl V1 case might actually be the sharp bowl rim. 

6.6.2. Flat bowl version 2 

In order to confirm the aforementioned statement and, possibly, reduce the heat loss to the 

cylinder head, we propose the Flat bowl V2 geometry, which is illustrated in Figure 6.14. 

In the Flat bowl V2 variant the sharp bowl rim is removed. Instead, a more gradual 

transition is implemented, similar to the bowl rim found in the standard omega-shaped 
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pistons. This change should help direct the plumes away from the head, thus reducing the 

heat loss. 

 

Figure 6.14. The new proposed flat piston bowl (Flat bowl V2) to be used with the 

double-side-injector concept. 

Figure 6.15 shows that the heat flux to the piston for the Flat bowl V2 case increased 

compared to the Flat bowl V1, and reached almost the same values as for the standard bowl 

design. Furthermore, the total heat transfer losses to all boundaries look remarkably similar 

for the Standard bowl and the Flat bowl V2. Only a slight reduction of about 1% is observed 

with the Flat bowl V2. The fact that the heat flux is nearly equal for the Standard bowl and 

the Flat bowl V2 confirms that the surface area of the piston bowl does not significantly 

affect the heat transfer losses. Instead, the flow pattern generated by the shape of the bowl 

and, more specifically, the bowl rim plays a larger role in determining the losses. 
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Figure 6.15. Heat flux to the piston, head, and liner surfaces, and the total amount of 

heat transferred to all cylinder walls combined for the standard omega-shaped piston 

bowl, Flat bowl V1, and Flat bowl V2. 

These results are different to the previous findings of Nyrenstedt et al. [109]. In their study, 

heat losses were reduced because of the smaller piston area. However, fueling in their cases 

was much lower (150 mg vs 275.6 mg in this study) and, consequently, either the injection 

duration was shorter or the injection pressure was lower. Taking that into account, it is 

reasonable to assume that in their case, the flame plumes did not attach to the head as much 

as they did for our cases, instead, they stayed inside the piston bowl. 

Finally, comparing combustion characteristics for cases with the Standard bowl and the 

Flat bowl V2, the following is observed: the CA50 of the Flat bowl V2 case remained 
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unchanged compared to the Standard bowl; the CA90 advanced by almost 6.6 deg, as 

reported in Table 6.7. 

Table 6.7. Comparison of the IMEPgross, gross indicated efficiency, CA50, and CA90 for 

the double-side-injector concept with the standard omega-shaped piston bowl and the 

new Flat bowl V2. 

 Standard bowl Flat bowl V2 

IMEPgross [bar] 23.80 24.42 

GIE [%] 41.0 42.0 

CA50 [deg ATDC] 11.2 11.2 

CA90 [deg ATDC] 52.2 45.6 
 

Earlier CA90 means that the HR tail is reduced with the Flat bowl V2. This, along with a 

slight reduction in heat transfer losses and a 0.6 %-points reduction in combustion losses 

led to a 1 %-point increase in indicated efficiency (Figure 6.16). Hence, the Flat bowl V2 

is proven to be more effective that the Standard bowl and Flat bowl V1 and should further 

be improved by reducing the level of interaction between the flame plumes, thus improving 

the in-cylinder air utilization. 



210 
 

 

Figure 6.16. Fuel energy distribution between work on the piston, exhaust enthalpy, heat 

transfer losses, and combustion losses for the double-side-injector configuration with the 

standard omega-shaped piston bowl and the new Flat bowl V2. 

6.6.3. Pancake piston 

It was previously shown in this thesis that the plumes start interacting after two of them hit 

the wall and get directed towards the neighboring plumes. A pancake piston geometry 

(Figure 6.17) is studied as it offers a larger distance between the injector nozzle and the 

walls, thus has a potential to reduce plume-to-plume interactions. 
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Figure 6.17. The double-side-injector configuration with a pancake piston geometry. 

As can be seen from Figure 6.18, the pancake geometry did not meet the expectations. The 

heat release is severely limited starting from 4 deg ATDC. This is due to the fact that the 

flame plumes attach to the piston surface leading to their slowdown, extensive heat loss, 

and flame quenching. This can also be observed in Figure 6.19. 
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Figure 6.18. Injection rate, rate of heat release (RoHR), and pressure traces for the 

double-side-injector configuration with the standard piston bowl, Flat bowl V2, and a 

pancake piston. 
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Figure 6.19. Flame plumes from the side injectors interacting with a pancake piston. 

From Figure 6.20 it can also be seen that the heat losses are drastically higher with the 

pancake piston geometry compared to both the Flat bowl V2 and even the Standard bowl 

designs. The increase is mainly due to the heat flux to the cylinder liner, which is 

insignificant for the other cases. 
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Figure 6.20. Heat flux to the piston, head, and liner surfaces, and the total amount of 

heat transferred to all cylinder walls combined for the standard omega-shaped piston 

bowl, Flat bowl V2, and a pancake piston geometry. 

Owing to the fact that the flat shape of the piston allows the flame plumes to be pushed 

toward the cylinder liner, the hot temperature zones eventually end up near the liner. This 

results in extensive heat transfer to the liner and overall poor performance of this 

configuration. This suggests that the pancake piston geometry is not suitable for the fuel 

injection system with two side injectors. 

6.6.4. Asymmetrical piston bowl version 1 

Inspired by the potential of the Flat bowl V2 piston geometry, we created a new 

asymmetrical piston bowl design, illustrated in Figure 6.21. 
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Figure 6.21. Asymmetrical piston bowl V1 proposed for the double-side-injector concept. 

This piston shape is designed to maximize the distance between the injector and the piston 

surface for all six sprays but avoiding the drawbacks of the pancake piston. By increasing 

the distance between the nozzle # 1 (Figure 6.5) and the piston bowl, the extent to which 

two of the plumes are redirected and subsequently interact with the other plumes is 

minimized. As can be seen from Figure 6.22, Asymm. bowl V1 seems to slightly improve 

the RoHR shape. The tail shortens and the CA90 advanced by 5 deg (Table 6.8). 
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Figure 6.22. Injection rate, rate of heat release (RoHR), and pressure traces for the 

double-side-injector configuration with the standard piston bowl, Flat bowl V2, and the 

Asymmetrical bowl V1. 

Table 6.8. Comparison of the CA90 for the double-side-injector concept with the 

standard omega-shaped piston bowl, Flat bowl V2, and Asymmetrical bowl V1. 

 CA90 [deg ATDC] 

Standard bowl 52.2 

Flat bowl V2 45.6 

Asymm. bowl V2 40.8 
 

However, looking at Figure 6.23, one can observe that the heat flux to the piston increased, 

leading to 0.5 %-points higher fraction of energy lost to heat transfer. 
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Figure 6.23. Heat flux to the piston, head, and liner surfaces, and the total amount of 

heat transferred to all cylinder walls combined for the standard omega-shaped piston 

bowl, Flat bowl V2, and Asymmetrical bowl V1. 

Nevertheless, due to improvements in the thermodynamic cycle and hence reductions in 

exhaust losses, the resultant indicated efficiency increased with the Asymmetrical bowl V1 

compared to the Flat bowl V2 and the Standard bowl (Figure 6.24). 
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Figure 6.24. Fuel energy distribution between work on the piston, exhaust enthalpy, heat 

transfer losses, and combustion losses for the double-side-injector configuration with the 

standard omega-shaped piston bowl, Flat bowl V2, and Asymmetrical bowl V1. 

6.6.5. Asymmetrical piston bowl version 2 (overhead orifice) 

In an attempt to further minimize the distance between the injector nozzles and any cylinder 

boundaries that they might face, another asymmetrical bowl shape was created (Figure 

6.25). 
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Figure 6.25. Asymmetrical piston bowl V2 proposed for the double-side-injector concept. 

The chance of contact between the spray plumes and the piston bowl is minimized with the 

Asymm. bowl V2. However, the issue with the unfavorable heat release further aggravated, 

as can be seen in Figure 6.26. In the Asymm bowl V2 case, the nozzle holes are placed 

closer to one another in order reduce interactions between the sprays and the walls. This, 

on the other hand, resulted in more interactions between the sprays themselves, given the 

shorter distance between them, which caused higher local equivalence ratios and poor fresh 

air utilization (Figure 6.27). 
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Figure 6.26. Injection rate, rate of heat release (RoHR), and pressure traces for the 

double-side-injector configuration with Flat bowl V2, Asymmetrical bowl V1, and 

Asymmetrical bowl V2 with overhead nozzle holes. 

As can be seen in Figure 6.27, each set of the three spray plumes forms one relatively large 

reaction zone. This zone is more attached to the cylinder liner, and even extends into the 

crevice region. The mixing characteristics of this configuration is relatively poor, as the 

resultant high-temperature zones cover less volume of the combustion chamber compared 

to the standard central-injector configuration and even the double-side-injector 

configuration with the flat and asymmetrical piston bowl designs. 
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Figure 6.27. Flame plumes generated by the side injectors with overhead nozzle holes 

combined with the Asymmetrical bowl V2 piston design. 

In terms of heat losses, the Asymm. Bowl V2 has a significant advantage in the beginning 

of the cycle owing to the reduced interaction of the plumes with the walls. However, later 
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on this advantage is lost due to the increased losses to the cylinder liner. Eventually, the 

energy lost to heat transfer for the Asymm. bowl V2 in magnitude is between the Flat bowl 

V2 and the Asymm. bowl V2, Flat bowl V2 having the lowest values (Figure 6.28). 

 

Figure 6.28. Heat flux to the piston, head, and liner surfaces, and the total amount of 

heat transferred to all cylinder walls combined for Flat bowl V2, Asymmetrical bowl V1, 

and Asymmetrical bowl V2 with overhead nozzle holes. 

6.7. NOx emissions 

In this section, the double-side-injector concept is assessed in terms of NOx emissions. In 

Figure 6.29, the reference central injector case with a standard omega-shaped piston bowl 

is compared to the side injectors with the standard piston bowl and Flat bowl V1. The mean 

in-cylinder temperature, rate of heat release, and accumulated NOx are plotted as a function 



223 
 

of crank angle. Note that the mean temperature showed a better correlation with the NOx 

emissions than the combustion temperature. This is because the combustion temperature 

was approximately equal for all cases, whereas the size of the high-temperature zones 

varied substantially. 

 

Figure 6.29. Mean in-cylinder temperature, rate of heat release, and accumulated NOx 

for the reference central injector case, the double-side-injector case with a standard 

piston bowl, and the double-side-injector case with Flat bowl V1. 

As can been seen in Figure 6.29, the reference case with a single central injector showed 

overall the highest emissions of NOx. The double-side-injector configuration with the 

standard bowl showed much faster NOx production in the beginning of the cycle due to 
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the faster heat release. However, starting from 5 CA˚ ATDC, the heat release reached a 

plateau owing to the reduced mixing rates and overall smaller high-temperature zone, 

which, in turn, resulted in reduced NOx production and overall slightly lower NOx 

emissions from that cycle. Finally, the double-side-injector configuration with the Flat 

bowl V1 piston showed the lowest NOx emissions (25% lower than the other two cases). 

In the beginning of the injection process, the NOx production rate is similar for the side 

injectors with the standard piston bowl and the Flat bowl V1. However, once the flame 

plumes reach the cylinder head after bouncing off the piston bowl, the Flat bowl V1 case 

shows much lower NOx production rates. This is a consequence of the fact that for this 

case, the flame plumes are attached to the piston and the head, effectively reducing the area 

of the high-temperature stoichiometric zones which produce most of the NOx. The reason 

NOx kept being produced after the flame plumes had hit the piston in the conventional 

central injector case is the optimized shape of the piston bowl for inducing global mixing. 

In contrast, the axisymmetric piston bowl shape is poorly optimized for the side injectors, 

hence, the global mixing is substantially weaker, which leads to significantly smaller area 

of the stoichiometric zone. The resultant gross specific NOx emissions are presented in 

g/kWh in Table 6.9. 
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Table 6.9. Comparison of the gross specific NOx emissions from the reference central-

injector case, the double-side-injector case with the standard bowl and the Flat bowl V1. 

 NOx emissions [g/kWh] 

Central injector, standard piston bowl 0.288 

Side injectors, standard piston bowl 0.282 

Side injector, Flat bowl V1 0.220 

 

6.8. Potential strategies for efficiency improvement 

In this study, the main issues inherent in high-load high-EGR operation of an engine with 

two side injectors were identified. These issues are poor mixing characteristics, slow heat 

release, and, consequently, increased exhaust losses and reduced thermodynamic 

efficiency. These were observed to occur only at high-load and high-EGR conditions. This 

problem exists partly owing to a non-optimal shape of the standard piston bowl. A number 

of alternative piston bowl designs were proposed and tested in this study. Certain 

improvements were achieved, but the main underlying reasons for the slow heat release 

turned out to be fundamentally inherent to the side-injector concept and the idea of 

increasing the spray travel distance. Thus, below we propose a number of potential 

solutions to this issue. 

6.8.1. Multiple Injection Events / Isobaric Combustion 

The drawbacks caused by the slow heat release with side injectors have never been 

observed at low- to medium-load conditions. Thus, the amount of fuel injected at high loads 

in a single injection event ends up being concentrated in two relatively small reaction 
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zones. This leads to higher local equivalence ratios and, consequently, slower combustion. 

One of the potential solutions is to split the single injection into multiple shorter injections. 

These need to be timed in such a way to allow the burned gas to move out of the way of 

the subsequent injections before they are commenced. This opens an opportunity for 

implementing the isobaric combustion cycle. Isobaric combustion has been proven to offer 

comparable or even better indicated efficiency than the CDC at a wide range of engine load 

conditions, including high-load operation, despite having inherently (and purposefully) 

long heat release and late combustion phasing [69]. It also has the advantage of lower NOx 

emissions and significantly reduced heat transfer losses, much like the double-side-injector 

concept. Combining these two technologies seems logical to both alleviate the 

shortcomings of the double-side-injector concept and, potentially, further enhance the 

advantages of both of these concepts. 

6.8.2. Keeping the Central Injector 

The issues with slow heat release with the side-injector configuration were only observed 

at high-load conditions. FuelMEPs below 30 bar have never been observed to cause 

significant mixing problems. Hence, another promising strategy is, first, to inject the 

amount of fuel equivalent to about 30 bar FuelMEP from the side injectors, and then inject 

the rest conventionally, from the central injector. The umbrella angle of the central injector 

will likely need to be larger than that of the side injectors in order to minimize interactions 

of the centrally-injected fuel with the already burning charge. This strategy may also be 

combined with the multiple-injection / isobaric combustion strategies for additional 

improvements in efficiency and emissions. 
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6.8.3. Highly Swirling In-Cylinder Flow 

Swirl has long been known to promote mixing of fuel with fresh air in combustion chamber 

of ICEs [49, 110-112]. In the side-injector concept swirl is expected to have even larger 

effect. Since injectors are placed at the rim of the piston bowl, they on their own are able 

to generate a significant swirling in-cylinder flow. This is demonstrated by plotting the 

magnitude of the velocity field along either x or y axis. Figure 6.30 shows velocity 

magnitude in y direction for the double-side-injector case with Flat bowl V1, where one 

can observe significantly stratified signs of the velocity field, suggesting a bulk swirling 

motion generated by the two injectors. 

 

Figure 6.30. Velocity magnitude in y direction for the double-side-injector configuration, 

which demonstrates the concept’s ability to generate significant swirl. 
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Thus, setting up a port-induced swirl prior to the start of injection in the opposite direction 

of the sprays is expected to generate a lot of turbulence, thus promoting mixing and 

accelerating burning rate. 

6.9. Summary and conclusions 

In this study, three-dimensional RANS CFD model was validated against experimental 

data for a high-load high-EGR operating point of the combustor unit of the DCEE. Then, 

a number of simulations were performed in order to study the fuel injection system with 

two injectors placed at the rim of the piston bowl at conditions relevant to high-load engine 

operation. The goal of the study was to identify the challenges associated with such 

operation, find solutions, and establish background for later, more specific investigations. 

The following are the conclusions of this work: 

1. A fuel injection system with two side injectors is capable of achieving high-load high-

EGR operating points with satisfactory thermal efficiency. 

2. Heat transfer losses are reduced by over 8% with side injectors, suggesting a better 

suitability of this configuration for the split-cycle DCEE concept. 

3. Surface area of the piston does not significantly affect heat transfer losses at high-load 

operating points. Instead, the flow pattern generated by the piston bowl shape plays a 

major role in determining the magnitude and the spatial location of the heat losses. 

4. Compared to the conventional single central injector configuration, the concept with 

two side injectors has 2 %-points lower indicated efficiency. The main reason for this 

reduction is the slower heat release due to inadequate mixing characteristics at high-

load high-EGR operating points. 
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5. Optimization of the piston bowl shape minimizes interactions between spray plumes, 

thus improving in-cylinder fresh air utilization. Pancake piston is not suitable for this 

concept, instead, asymmetrical (non-axisymmetric) bowl geometries should be taken 

advantage of. 

6. The double-side-injector concept combined with a flat-bowl piston design achieved a 

24% reduction in NOx emissions compared to the conventional central-injector 

configuration. 

7. The following three strategies need to be investigated in order to maximize indicated 

efficiency of the multiple-fuel-injector concept: 

(a) Multiple injection events with isobaric combustion 

(b) Distributing the injected fuel between the two side injectors and a third central 

injector with a different spray umbrella angle. 

(c) Strong port-induced swirl in the opposite direction to the sprays from side injectors.  
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7. HYDROGEN COMBUSTION IN A CI ENGINE 

This chapter explores the use of hydrogen as a fuel for CI engines. First, the advantages of 

using CI mode over the SI are highlighted. Then, a CFD modeling methodology for 

simulation of hydrogen high-pressure injections in CI engines is developed and validated 

against experimental optical chamber measurements and engine experimental data. A new 

hydrogen pilot-assisted ignition strategy is proposed and investigated, which eliminated 

the need for dual-fuel concepts and enables a completely CO2-free operation of the engine. 

Finally, a comparison of the CI hydrogen non-premixed combustion mode against 

conventional diesel combustion is conducted, the results of which has far-reaching 

implications for future hydrogen engine development. 

In this chapter, the hydrogen CI combustion mode is studied to lay foundations for the 

future implementation of hydrogen isobaric combustion in the DCEE. 

7.1.  Non-premixed versus premixed hydrogen combustion engines 

Currently, most research and development efforts of hydrogen ICEs have focused on the 

premixed SI approach. This is mostly owing to the following factors: 

1. High auto-ignition temperature of hydrogen fuel (585 ˚C for hydrogen versus 250 ˚C 

for diesel fuel at the atmospheric pressure [113]) and, consequently, research octane 

number (RON) ≥ 130 [114] typically result in the need for either higher-than-normal 

compression ratios, or elevated inlet temperatures to achieve CI combustion. The 

former is challenging due to increased thermal and mechanical loads on the engine, and 

the latter commonly leads to lower volumetric efficiency, elevated heat losses, and 

excessive NOx emissions. 
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2. The need for the injection system pressure considerably higher than the peak in-

cylinder pressure at all times to guarantee fuel flow from the injector to the cylinder. 

To our knowledge, there are no commercially available hydrogen fuel injectors today 

that can fulfill the requirements of modern high-performance diesel engines. 

However, the non-premixed CI hydrogen combustion approach also has many advantages 

over the SI approach, too attractive to be ignored. These advantages are summarized below: 

1. No risk of knock and pre-ignition from hot surfaces. 

2. Overall higher thermal efficiency owing to the lack of knock limitations. 

3. No risk of backfiring into the intake manifold. 

4. Potentially, the lower cycle-to-cycle variability characteristic of diesel engines. 

5. Higher power density compared to the premixed PFI approach where hydrogen 

displaces air in the intake. 

6. The absence of combustible gases in the crank case of an engine, which is inevitable 

with premixed H2 engine concepts due to blow-by. This is especially relevant 

considering the wide ignitability limits of H2, and would require additional 

modifications to a standard engine design. 

7. Molar expansion that can only be achieved with hydrogen addition at TDC (in contrast 

to the PFI approach with injection either during the exhaust stroke or the inlet stroke, 

and the DI premixed approach with the injection soon after the IVC). 

8. Reduced work input during the compression stroke compared to both the PFI and DI 

premixed combustion approaches. 
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The first five points have been addressed by other authors [115-117]. The sixth point is 

self-explanatory. The last two points are further elaborated here.  

Figure 7.1 shows the total number of moles in the cylinder as a function of crank angle for 

the conventional diesel and hydrogen engines. For simplicity, let n-heptane represent the 

diesel fuel and consider the stoichiometric combustion with an injection of fuel at TDC. 

The oxidation reaction of n-heptane in air: 

 C7H16 + 11( O2 + 3.76 N2) → 7 CO2 + 8 H2O + 41.36 N2 (7.1) 

indicates that there is a net molar expansion of (7+8+41.36)/(1+11*4.773) = 1.053 through 

the combustion process, which translates to an additional pneumatic work to increase the 

engine efficiency. This is in agreement with the fact that combustion of high hydrocarbons 

is known to be typically accompanied by a net molar expansion. 

For the hydrogen CI combustion, the injection of gaseous hydrogen causes a large increase 

in the mole number at TDC. H2 has a very low molecular weight, 2 g/mole, as opposed to 

around 170 g/mole for a common diesel fuel [118]. The LHV of H2 is 120 MJ/kg, while 

for diesel it is in the range of 43 MJ/kg [49], about three times lower. Consequently, for a 

fixed engine load (constant FuelMEP) the number of moles of hydrogen injected is around 

30 times larger than that of diesel fuel. Hence, a large in-cylinder molar expansion occurs 

during the injection of H2, as shown in Figure 7.1. In contrast, the global H2 combustion 

reaction: 
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 H2 +
1

2
 (O2 + 3.76N2) → H2O + 1.88N2 (7.2) 

shows that there is a net contraction in the number of moles through the combustion 

process, at 0.852. This is shown as the difference between the H2-reacting and H2-

nonreacting curves in Figure 7.1. Despite the intrinsically negative effect of hydrogen 

combustion reactions, the non-premixed TDC-injection approach still provides an overall 

pneumatic work benefit. This would not be possible with the PFI and DI premixed 

combustion operations, which would only see a reduction in the net in-cylinder mole 

number after combustion. This is because the positive work generated by a larger number 

of moles during expansion stroke would be canceled out by the negative work required to 

compress the larger number of moles during the compression stroke. 
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Figure 7.1. Total number of moles in the cylinder as a function of crank angle for the 

conventional diesel and hydrogen engines, normalized by the initial number of moles in 

the former. 

The pneumatic work gain by the hydrogen injection at TDC is also illustrated by the P-V 

diagram in Figure 7.2, showing a significant area enclosed within the trace of the non-

reacting TDC-injection case. This is an additional work output gained by the CI 

combustion cycle with H2 injection at TDC. The total useful pneumatic work produced in 

that case corresponds to an IMEPgross of around 2.4 bar or 4% of fuel energy. On the other 

hand, the IVC-injection (premixed) case manifests a negligibly small area within the P-V 

trace. Note that the pneumatic work generated by the molar expansion in the CI (non-

premixed) cycle would be smaller with an actual combustion cycle. Figure 7.1 shows that 

the molar expansion for the reacting case is half of that for the non-reacting. Considering 
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that the gradual chemical-reaction-related molar contraction occurs at considerably slower 

rate than the molar expansion during injection, the pneumatic work generated in the actual 

combustion cycle would lie between 2 and 4 % of the fuel energy. This is the approximate 

magnitude of the advantage that the CI non-premixed combustion is expected to have over 

the premixed combustion concepts. 

 

Figure 7.2. P-V diagram for the hydrogen engine with injections at IVC (premixed) and 

TDC (non-premixed) under reacting and non-reacting conditions. 

7.2. Modeling and validation of hydrogen direct injection 

This section focuses on the study of the hydrogen direct injection process, first describing 

the simulation setup, then analyzing hydrogen jet structure, its sensitivity to computational 

grid resolution and grid alignment, and finally validating the adopted models against 

experimental data. 
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7.2.1. Simulation setup 

A commercial computational fluid dynamics (CFD) solver, CONVERGE CFD [83], is 

used for all three-dimensional Reynolds-averaged Navier Stokes (RANS) simulations 

performed in this study. A structured cut-cell Cartesian grid is used in all simulations. The 

remaining details on the meshing are specifically addressed in Section 7.2.3. 

It is well known that hydrogen gas has negative Joule-Thomson coefficient at temperatures 

and pressures relevant in most applications. This means that hydrogen gas produces heat 

upon expansion, which is the opposite of how most other gases behave, and cannot be 

correctly captured by the ideal gas law. Thus, for this study, the Redlich-Kwong-Soave 

(RKS) equation of state was chosen for its ability to accurately predict the Joule-Thomson 

inversion curve for hydrogen [119]. The RKS equation of state is implemented in 

conjunction with species-specific critical temperature, critical pressure, and acentric factor. 

This is required because of the drastically different nature of H2 compared to the other 

species found in combustion cylinder, such as O2, N2, and H2O. 

Another crucial property of H2 that distinguishes it from most other gases is its low 

molecular Schmidt number (Scm). Scm of H2 is approximately equal to 0.2, whereas that of 

O2, N2, and methane (CH4), for example, is 0.84, 0.87, and 0.99, respectively [120]. This 

results from the mass diffusivity being about five times higher than its kinematic viscosity, 

which is a unique characteristics of the light hydrogen fuel. To ensure that the solution for 

the species transport takes this aspect into account, the mixture-averaged binary diffusion 

coefficients are calculated for each species from the transport.dat file. Then, they are used 

to calculate the local mixture-averaged diffusion coefficients and, subsequently, the total 

diffusion coefficients (which also include the turbulent mass diffusion). It was 
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demonstrated before that failing to include Scm for each species in H2 flameless burners 

may increase the discrepancies in OH radical concentration between experimental and 

simulation results by over 60 % near the nozzle exit [121]. The temperature profile 

immediately downstream of the nozzle exit may also be affected by around 6 %. 

The SAGE detailed chemistry solver is used to model H2 combustion process, in 

combination with a detailed H2/O2 kinetic mechanism developed by Burke et al., 2012 

[122]. The details of it will be discussed in Section 7.4.  

Gaseous H2 fuel injections in this section are modeled using two constant-volume 

chambers. The shape and dimensions of the computational domain are illustrated in Figure 

7.3. The H2 chamber is at 80 bar and 450 K, while the air chamber is at 20 bar and 1100 

K. These settings are chosen to match those in a paper by Morovatiyan et al. [123] where 

exactly the same geometry is used. Such choice enables a direct comparison of the results 

from the two studies. The red surface in the H2 chamber indicates a pressure inflow 

boundary. 

 

Figure 7.3. Schematic of the constant-volume chamber used for the grid sensitivity study. 

A number of different turbulence models were tested both with H2 and diesel jet 

simulations. The tested models are: standard k-ε, RNG k-ε, generalized RNG k-ε, realizable 
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k-ε, standard k-ω, and k-ω SST, all built-in options in CONVERGE. The results of the tests 

were compared with both the results of optical measurements of H2 injections (Section 

7.2.4), and all-metal engine experiments with diesel combustion (Section 7.3.3). The most 

consistent and realistic results were obtained with the RNG k-ε turbulence model with 

standard coefficients, which is then used in all simulations that are presented in this article. 

The details of the model validation are given in Sections 7.2 and 7.3 

Adaptive mesh refinement (AMR) is applied to the whole computational domain. The 

refinement criteria are: velocity, temperature, and H2 species mass fraction. The minimum 

sub grid values above which cell embedding is triggered are 0.1 m/s, 2.5 K, and 1E-4, 

respectively. The use of AMR based on fuel species mass fraction should be emphasized, 

because it is often neglected in conventional hydrocarbon-fueled engines. It is important in 

H2-fueled engines, however, due to the high diffusivity of H2 discussed earlier. The details 

of the embedding scale of AMR are given in Section 7.2.3.1. 

For time integration, a variable time-step algorithm is implemented with the minimum 

time-step of 1E-10 s and the maximum convection, diffusion, and Mach CFL limits of 0.3, 

2.0, and 50.0, respectively. The latter two are the recommended values for engine 

applications, while the former was set below the recommended value of 1.0 to accurately 

resolve the sonic jet core described in Section 7.2.2. 

Note that the details of the diesel engine simulation setup and the heat transfer modeling 

methodology will be given in Section 7.3.1. 
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7.2.2. Analysis of the hydrogen jet structure 

A hydrogen gas jet created during the injection of hydrogen into the engine cylinder is a 

crucial fluid dynamics structure that needs to be modeled correctly to assure the accuracy 

of the predictions made from the hydrogen engine simulations. There are three distinctly 

different regimes that govern the discharge of a high-pressure gas into a low-pressure 

environment: subsonic free jet, sonic moderately under-expanded jet, and sonic highly 

under-expanded jet [124]. Pressure ratio is the main factor determining which regime will 

govern the jet behavior. A critical pressure ratio is defined according to Equation (7.3) 

[125], assuming ideal gas behavior. 

 
Pcrit,∞

P0
= (

2

γ + 1
)

γ
γ−1

 (7.3) 

where Pcrit,∞ is the critical downstream pressure, P0 is the upstream pressure, and γ is 

specific heat ratio (1.41 for H2). 

The critical pressure ratio for hydrogen is equal to 0.527. The free jet exists whenever the 

isentropic pressure ratio (downstream pressure over upstream pressure) is above the critical 

value of 0.527. When the downstream pressure falls below the critical value, the flow 

becomes choked (or sonic), which gives rise to a weak normal shock inside the nozzle. As 

the downstream pressure is further decreased, this normal shock rapidly moves toward the 

nozzle exit, after which it transforms into more complex flow structures downstream of the 

nozzle exit. A sequence of so called “shock diamonds” or “shock cells” consisting of 

crossing oblique shock waves is established in the jet core. The jets formed at these pressure 

ratios are referred to as moderately under-expanded jets. A mixing region surrounding the 
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core is characterized by a very weak radial diffusion, hence the under-expanded core is 

typically long, and the subsonic decay and proper mixing take place considerably further 

downstream of the nozzle exit. An example of a moderately under-expanded jet is given in 

Figure 7.4. The top image illustrates a theoretical representation of such phenomenon, 

whereas the bottom image shows the actual results of one of the simulations performed in 

this study. 

 

Figure 7.4. Example of a moderately under-expanded jet structure predicted by RANS 

simulations performed in this study (bottom image) compared with a theoretical 

depiction of the said jet by Donaldson and Snedeker (top image) [124]. The bottom 

image is colored with pressure on an arbitrary scale (red – high pressure, black – low 

pressure). The scale limits are chosen to maximize readability of the figure. 

A further decrease of the pressure ratio (below ~ 0.263) results in cessation of the conical 

shocks and gives rise to normal shock disks through which a recompression takes place. 
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These disks are commonly referred to as “Mach disks”. In this work, only the subsonic free 

jets and sonic moderately under-expanded jets are encountered. The ratio of the pressures 

between the engine cylinder and the injector never falls below 0.263, hence highly under-

expanded jets do not occur and will not be further discussed throughout this thesis. 

7.2.3. Grid sensitivity analysis 

7.2.3.1. Grid resolution 

A number of different computational grid configurations are investigated in this work to 

assure accurate modeling of the hydrogen injection process within the limitations on the 

computational cost. The goal is to identify a configuration that offers the best compromise 

between physical accuracy and computational cost for engine applications. The effects of 

the resolution of base grid, nozzle throat and jet grid embeddings, AMR, as well as a grid 

misalignment are discussed in this section. Figure 7.5 illustrates these features of the 

computational grid. In Table 7.1, the different grid configurations are summarized and 

listed in descending order of their computational cost. The computational cost is reported 

as a number of core hours required to simulate 0.14 ms of continuous injection, which 

corresponds to about 1 CA˚ at the engine speed of 1200 RPM. 
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Figure 7.5. Illustration of the features of the different grid configurations (GCs) 

investigated as a part of the grid sensitivity analysis. 
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Table 7.1. Details of the different grid configurations (GCs) investigated as a part of the 

grid sensitivity analysis. 

 Base 

grid 

[mm] 

Nozzle 

embed. 

[mm] 

Jet 

embed. 

[mm] 

Minimum grid 

size as a result 

of AMR [mm] 

Comp. 

cost 

[core 

hours] 

GC1 [123] 0.5 0.03125 0.0625 0.125 (Scale 

2) 

– 

GC2 1.0 0.0625 0.125 0.25 (Scale 2) 352 

GC3 2.0 0.125 0.125 0.25 (Scale 3) 198 

GC4 2.0 0.125 0.125* 0.25 (Scale 3) 183 

GC5 2.0 0.125 0.25 0.25 (Scale 3) 165 

GC6 2.0 0.125 0.25 0.5 (Scale 2) 21 

 

*   The shape of the embedding is a narrow cylinder, as opposed to the flat cone used for 

all other cases. 

The differences in the results of the simulations with the the grid configurations listed in 

Table 7.1 can be recognized from Figure 7.6 to Figure 7.8. The parameters that are used 

for the comparison are the gas velocity along the centerline of the jet and the temperature 

and H2 mole fraction profiles across the jet (in the radial direction). Note that the results of 

the current work are also compared to those from [123], which had significantly higher 

resolution. However, the minimum time step in [123] was set at 1e-7 s whereas in this work 

it is 1e-10 s with a maximum convection CFL limit of 0.3. 

Several findings are noted from Figure 7.6 to Figure 7.8. First, the higher the grid 

resolution, the lower the minimum simulation time step that needs to be set in order to 

accurately resolve the shock barrel downstream of the nozzle exit. For the GC2 case, the 
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time step on average was in the range of 1E-8 s, which is an order of magnitude lower than 

the minimum time step used by Morovatiyan et al. (GC1). Despite the higher resolution, 

the larger time step chosen in GC1 along with the implicit time integration appeared to 

impact the fidelity of the solution, as seen by the lower number of shock cells, identified 

as the number of local maxima in the axial velocity, in the GC1 results.  

The second observation made by comparing GC2 with GC1 is that the grid in the nozzle 

and jet embeddings do not need to be finer than that in GC2. The core length and velocity 

levels are almost equal for the two GCs. What matters, however, is the AMR resolution 

further downstream of the jet embedding, where the velocity (and hence the jet penetration) 

are slightly over-predicted with the 0.25 mm cell size of GC2. By comparing GC3 with 

GC2, one can see that both the base grid, and the nozzle embedding resolution can be 

reduced from the GC2 levels down to GC3 levels without a significant penalty on the 

accuracy. This, however, enables around 44% lower computational cost, which should be 

taken advantage of. 

Comparing GC4 and GC3 shows that GC4 with a simple straight shape jet embedding 

yields equally accurate predictions of the number of shock cells, their magnitude, length of 

the jet core, and jet penetration (see Figure 7.6 and Figure 7.7), and the radial diffusion of 

hydrogen (see Figure 7.8). However, GC4 has around 8% lower computational cost 

compared to GC3, making the simulations with the simpler jet embedding generally 

superior. 

Comparing GC5 to GC4 shows that the jet embedding resolution has a significant impact 

on the accuracy of the results of under-expanded jet simulations. First, the GC5 case 

predicts only two shock cells, while most other cases (including GC4) predict six. In 
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addition, the axial jet velocity starts to decay much earlier with GC5 (see Figure 7.7), which 

is the result of an over-predicted radial diffusion across the jet. The inaccurate modeling of 

the jet core region also has a measurable impact on the subsonic decay and even the radial 

diffusion far downstream, which is more clearly visible from the H2 mole fraction and 

temperature traces depicted in Figure 7.8. 

Finally, GC6 suggests that 0.25 mm cell size throughout the domain (adaptively refined by 

AMR) is the minimum resolution required for accurate modeling of hydrogen jets. A cell 

size larger than that, for example 0.5 mm in the GC6 case, is too large for an accurate 

prediction of the velocity decay and the radial diffusion far downstream of the nozzle exit. 

Overall, GC4 is chosen as the grid configuration that offers the most favorable compromise 

between the physical accuracy and computational cost for engine applications. In what 

follows, all presented data is obtained with the use of the GC4 grid configuration. 
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Figure 7.6. Gas velocity along the jet centerline for different grid configurations (GCs) 

probed at 0.02 ms ASOI. 
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Figure 7.7. Gas velocity along the jet centerline for different grid configurations (GCs) 

probed at 0.14 ms ASOI. 
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Figure 7.8. Temperature and H2 mole fraction probed 20 mm downstream of the nozzle 

exit in the radial direction from the jet centerline for different grid configurations (GCs). 

The data is taken at 0.14 ms ASOI. 

7.2.3.2. Grid alignment 

The effects of the alignment of the computational grid with respect to the symmetrical axis 

of the jet is discussed in this section. Simulations with structured Cartesian grids are known 

to be sensitive to alignment of the grid with respect to the flow direction. This may cause 

difficulties with modeling a fuel jet in the engine cylinder because of the fact that the nozzle 

holes of central DI injector must be oriented under a certain angle relative to the direction 

of the piston motion. 

In this study, the angle of the axis of the hydrogen injector nozzle hole is oriented at 24˚ 

from the cylinder head surface. Hence, to investigate the importance of the grid alignment, 
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a simulation with 24˚-tilted computational grid is performed; the mesh is illustrated in the 

rightmost plot of Figure 7.5. The results of this simulation are given in Figure 7.9 to Figure 

7.11. 

The shape distortions of the jet are clearly visible in Figure 7.9, while a substantial over-

prediction of the jet penetration is observed in Figure 7.10. The largest discrepancies are, 

however, visible in Figure 7.11, where the subsonic decay differs substantially for the case 

with the misaligned grid. The radial diffusion of H2 is significantly weaker, as shown by 

the higher H2 concentration and lower temperature in the jet core, and smaller radius of the 

jet. 
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Figure 7.9. H2 mole fraction slices taken at the jet center for different grid configurations 

(GCs), including the misaligned grid. The arrows mark the axial location used for Figure 

7.8 and Figure 7.11. 
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Figure 7.10. Gas velocity along the jet centerline for different grid configurations (GCs), 

including the misaligned grid, probed at 0.14 ms ASOI. 
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Figure 7.11. Temperature and H2 mole fraction probed 20 mm downstream of the nozzle 

exit in the radial direction from the jet centerline for different grid configurations (GCs), 

including the misaligned grid. The data is taken at 0.14 ms ASOI. 

As a result of the weaker radial H2 diffusion with the misaligned grid, the jet tends to 

penetrate faster and further, which was proven to have a consequential impact on the results 

of actual engine simulations. The global mixing phenomenon described in Section 7.6, 

tends to be over-predicted as a consequence, which would also alter the conclusions of this 

work. It is unclear why the misaligned grid results in an under-prediction of the overall 

diffusion rate. In any case, comparison among other cases clearly suggests that the 

misaligned grid simulation results are outliers and suffer from a larger amount of 

unphysical numerical diffusion errors. These suggests the importance of the alignment of 

the grid with the dominant flow direction in engine simulations. As will be discussed in 
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Section 7.3.4, this issue can be easily addressed in the present study where only a sector of 

the cylinder is simulated. 

7.2.4. Validation of the CFD models 

Modeling injection of the gaseous H2 into the combustion chamber requires special 

attention as it is the only aspect of the simulation that is conceptually different from 

modeling liquid fuel injection. In this section, the transient hydrogen jet development 

predicted by the RANS simulations is validated against experimental data in terms of both 

the jet tip penetration and the shape of the jet. 

The experimental data is taken from a study by Kamimoto et al. [126], where an oil mist 

scattering technique was used to visualize hydrogen jet at different pressure and swirl 

ratios. In this technique, a small amount of oil is deposited over the needle of the injector. 

During the injection process, hydrogen together with the oil are is injected into the low-

pressure environment. The oil vapor condenses to form a mist, which is then recorded with 

a high-speed camera. 

The injection rate realized by the actual injector with its characteristic dwell time, finite 

needle speed, and rail-injector-cylinder fluid dynamics has a substantial effect on the 

subsequent development of the jet in the cylinder. According to the models employed in 

the H2 engine simulations (Section 7.3.4), the injection pressure profile that yields the 

experimentally reported injection rate must be estimated and subsequently imposed in the 

simulation. To do that, first, the experimental injection rate signal is preconditioned and 

low-pass filtered. Then, the Bernoulli’s principle is used to convert the experimentally 
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obtained mass flow rate profile into the injection pressure profile, which is done according 

to Equation (7.4). 

 Pinj ~ ṁ2 (7.4) 

The resultant pressure profile is then normalized, and the upper and lower bounds of the 

normalized profile are set at the pressure values of the fuel rail and the cylinder, 

respectively. The upper and lower pressure bounds are determined by the different pressure 

ratios implemented in the experiments. 

In Figure 7.12, the normalized experimental injection mass flow rate (both filtered and 

unfiltered) is plotted against the normalized simulated data, where a close match is 

observed. This confirms the appropriateness of the approach described above and the use 

of Equation (7.4). Note that the simulations were stopped at 4.5 ms ASOI, hence the 

simulated injection rate is only given until that point. 
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Figure 7.12. Comparison of the experimental and simulated normalized injection mass 

flow rates for the validation purposes. 

As described in Section 7.2.2, the pressure ratio is the crucial parameter that governs the 

behavior of the jet. Simulations with three different pressure ratios are validated in this 

work: supercritical (Pcylinder = 0.4 Pcritical), transitional (Pcylinder = 1.0 Pcritical), and subcritical 

(Pcylinder = 1.3 Pcritical). This is done to ensure the accuracy of the models under all conditions 

that will be encountered. The supercritical pressure ratio generates sonic moderately under-

expanded jets, whereas the subcritical pressure ratio generates subsonic free jets. The 

boundary conditions implemented in the simulations are summarized in Table 7.2. 

 

 



256 
 

Table 7.2. Boundary conditions for the model validation simulations. 

 Pinflow Pcylinder 

Pcylinder = 0.4 Pcritical 25 bar 5.28 bar 

Pcylinder = 1.0 Pcritical 25 bar 13.20 bar 

Pcylinder = 1.3 Pcritical 25 bar 17.16 bar 

 

Tinflow = Tcylinder = 298 K in all three cases. 

With these modeling adjustments for the injection conditions, the resulting hydrogen jet 

behavior is compared. Figure 7.13 and Figure 7.14 present instantaneous snapshots of the 

hydrogen jets obtained experimentally in [126] (left column), and the RANS simulation 

results in this study (right column). The results of the simulations are presented in terms of 

H2 mass fractions on an arbitrary scale (same for all time steps) that maximizes readability. 
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Figure 7.13. Transient development of the under-expanded hydrogen jet injected at 25 

bar and 298 K into quiescent air at 5.28 bar and 298 K. On the left are the instantaneous 

snapshots of hydrogen jets obtained using oil scattering technique [126]. On the right are 

the results (H2 mass fractions) of the RANS CFD simulations performed in this study. 
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Figure 7.14. Transient development of the transitional hydrogen jet injected at 25 bar 

and 298 K into quiescent air at 13.2 bar and 298 K. On the left are the instantaneous 

snapshots of hydrogen jets obtained using oil scattering technique [126]. On the right are 

the results (H2 mass fractions) of the RANS CFD simulations performed in this study. 
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Figure 7.13 and Figure 7.14 demonstrate that most of the jet features are accurately 

captured by the RANS simulations. The jet tip penetration, the plume cone angle, and the 

overall shape of the jets are in good agreement with experimental data, both at supercritical 

and transitional pressure ratios (computationally most challenging). Note that the 

experimental data are presented as instantaneous snapshots, as opposed to the ensemble-

averaged results of the RANS simulations. 

In Figure 7.15, the jet tip penetration for all three pressure ratios are plotted as a function 

of time and compared to the experimental data. Again, good agreement is observed for all 

cylinder pressure conditions. Note that the error bars on the experimental data points are 

based on the ±3% run-to-run fluctuations reported in [126]. 

 

Figure 7.15. Comparison of experimental [126] and simulated jet tip penetrations as a 

function of time for fully-expanded (1.3 Pc), transitional (1.0 Pc), and under-expanded 

(0.4 Pc) H2 jets. 
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7.3. Modeling and validation of the CI diesel and DICI H2 combustion engines 

In this section, the details of the engine simulations are addressed. First, the simulation 

setup for the conventional diesel combustion (CDC) engine is discussed. Then, the 

experimental setup and operating conditions of the diesel engine test rig are given. After 

that, the engine CFD model is validated against the experimental diesel engine data (CDC). 

Finally, the simulation setup and operating conditions for the DICI H2 engine are described. 

7.3.1. Simulation setup for the diesel engine 

The computational setup for the diesel engine is generally based on the setup for the 

hydrogen direct injection simulations (Section 7.2.1), with a few exceptions, which are 

highlighted here. 

The engine cylinder geometry is split into seven sectors, corresponding to the number of 

injector nozzle holes. For computational savings, azimuthal periodicity is assumed on each 

boundary connecting adjacent sectors. This is illustrated in Figure 7.17. 

For diesel combustion, an “AramcoMech” kinetic model [105] for complex TPRF 

surrogate fuels developed for high-pressure compression-ignition simulations is utilized. 

The model contains 61 species and 270 reactions. n-Heptane (n-C7H16) is used as a 

surrogate for diesel fuel in combustion reactions. A discrete phase Lagrangian model is 

typically used to describe the liquid diesel fuel injection process. Over the course of the 

injection process, a total of 60,000 drop parcels bearing physical properties of diesel fuel 

are introduced into the computational domain. The spray atomization and break-up are 

modeled with a hybrid Kelvin-Helmholtz (KH) and Rayleigh-Taylor (RT) model. The 
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evaporation of the diesel drop parcels is modeled with the Frossling model, after which, 

the diesel droplets turn into n-C7H16. 

Wall heat transfer is modeled using the wall function approach. Due to computational cost 

limitations, the mesh resolution in this study is not high enough to resolve the viscous 

boundary layer. Hence, the law-of-the-wall assumption [127] is invoked to bridge the inner 

region located between the wall and the turbulent fully developed region of the flow. A 

two-layer approach, called “enhanced wall treatment”, is implemented, where the log-law 

layer is modeled with the law-of-the-wall assumption while the viscous sublayer has its 

own expression [128]. The two regions are connected via a blending function which 

depends on the value of the dimensionless inner distance, y+. The enhanced wall treatment 

relaxes the constraints on y+ values and ensures satisfactory performance in case the first 

cell center lies within the viscous sublayer instead of the log-law region. This is discussed 

in more detail in the next paragraph. The heat transfer itself is modeled using the O’Rourke 

and Amsden model [100] as it usually yields the most accurate results in engine 

applications. 

For accurate predictions of wall heat transfer, it is critical to always keep the y+ value 

within a correct range. For the k-ε family of turbulence models, this range is between 30 

and 100, which ensures that the first cell center is located within the log-law region. To 

meet these requirements and ensure accurate modeling of heat transfer at all times, adaptive 

mesh refinement (AMR) is applied to the near-boundary cells. AMR automatically refines 

or coarsens the mesh near the boundaries, thus keeping the y+ within the correct range. 

AMR is also applied to the rest of the computational domain in accordance with the 

findings from Section 7.2.3.1 (Scale 3 – 0.25 mm). 
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7.3.2. Experimental setup and operating conditions of the diesel engine 

Relevant boundary conditions are set and CFD model validation is made based on engine-

experimental data obtained by Lam et al. [14]. These experiments were performed on a 

standard heavy-duty diesel engine (Volvo D13) converted into a single-cylinder engine, 

operating under conventional diesel combustion (CDC) cycle. The piston of the test engine 

was replaced with a low-compression ratio piston, and the inlet and exhaust pressures were 

set at values higher than those normally used in standard diesel engines. The choice of 

unconventional compression ratio (11.5:1) and operating conditions is based on previous 

optimization studies on the double compression-expansion engine – a modern split-cycle 

engine concept capable of 55% BTE [13-17]. The details of the test engine and the diesel 

fuel injector are given in Table 7.3. The operating conditions for the reference CDC are 

given in Table 7.4. Some parameters, that are difficult to measure experimentally, were 

estimated using 1D GT-Power simulations, where experimentally measured parameters 

were used to set appropriate boundary conditions.  

Table 7.3. Test engine and fuel injector specifications. 

Test engine specifications 

Cylinder bore 131.0 mm 

Stroke 158.0 mm 

Con. Rod length 267.5 mm 

Crank offset 0.0 mm 

Compression ratio 11.5 : 1 

Fuel system Common-rail direct-

injection 

Diesel fuel injector specifications 

Number of nozzle holes 7 

Nozzle diameter 265 μm 

Spray cone angle 10 ˚ 

Spray umbrella angle 145 ˚ 
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Table 7.4. Operating conditions for the reference CDC case. 

Operating conditions for the reference CDC cycle 

In-cylinder pressure at IVC * 6.8 bar 

In-cylinder temperature at 

IVC * 

173 ˚C 

Piston temperature * 527 ˚C 

Cylinder liner temperature * 337 ˚C 

Cylinder head temperature * 467 ˚C 

Engine speed 1200 RPM 

Injection pressure 2200 bar 

Injection duration 1500 μs (10.8 CA˚ at 1200 

RPM) 

Injected fuel mass per cycle 

(diesel) 

275.6 mg 

Injection timing (actual) ** -3 CA˚ ATDC 

EGR rate 40 % 

Global air-fuel equivalence 

ratio (λ) 

1.36 

FuelMEP 56.9 bar 

In-cylinder composition at IVC (mass fractions) 

O2 0.1563 

N2 0.7416 

CO2 0.0696 

H2O 0.0325 

 

*   Estimated using 1D GT-Power simulations 

** Estimated from apparent heat release rate 

 

As will be discussed in Section 7.5, the DICI H2 combustion cycle requires the IVC in-

cylinder temperature to be raised by 80 ˚C to ensure a timely ignition of the pilot jet. For a 

fair comparison of the CDC and the DICI H2 combustion, the two cases must have equal 

IVC temperatures. Thus, another CDC cycle had to be simulated, with 80 ˚C higher in-

cylinder temperature at the IVC. This cycle will be referred to as the “High-T CDC” in the 
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following. The operating conditions for the High-T CDC cycle that are different from those 

for the reference CDC cycle are given in Table 7.5. Note that the pressure at IVC was also 

increased to match the peak motoring pressure (PMP) of the reference CDC case. The gas 

composition was altered as well, to match the EGR rates. 

Table 7.5. Operating conditions for the high-T CDC case. 

Operating conditions for the High-T CDC cycle 

In-cylinder pressure at IVC 

* 

7.1 bar 

In-cylinder temperature at 

IVC * 

255 ˚C 

Global air-fuel equivalence 

ratio (λ) 

1.17 

In-cylinder composition at IVC (mass fractions) 

O2 0.1413 

N2 0.7478 

CO2 0.0803 

H2O 0.0307 

 

*   Estimated using 1D GT-Power simulations. 

Injection rate profile was experimentally obtained previously by us using an in-situ 

injection rate measurement technique [106]. 

7.3.3. Validation of CFD models for the diesel engine 

Equation (7.5) is used to calculate the apparent heat release rate from the experimental 

pressure trace. The resulting data is highly fluctuating and contains a large amount of noise. 

Hence, signal filtering is required to achieve an easily readable plot. In this work, a low-

pass Butterworth filter is chosen for its flat frequency response and a generally better 

performance when applied to in-cylinder pressure signals. The filter is applied in both 
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forward and reverse directions to avoid phase distortions. The filter order resulted to be 

equal to 6 (double the specified order of 3). The cut-off frequency is set at 5 kHz. 

 
dQHR

dθ
=

γ

γ − 1
P

dV

dθ
+

1

γ − 1
V

dP

dθ
 (7.5) 

Where, QHR – apparent heat release, 

θ – crank angle degree, 

γ – specific heat ratio, 

P – in-cylinder pressure, 

V – cylinder volume. 

Apparent heat release rate and pressure traces for the experimental and simulated CDC are 

presented in Figure 7.16, where an excellent match is observed.  
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Figure 7.16. Comparison of the experimentally obtained apparent heat release rate and 

pressure traces with those predicted numerically in this work. 

Global equivalence ratio, ignition delay, combustion phasing (CA50), and gross indicated 

mean effective pressure (IMEPgross) from the experiments and simulations are also 

compared and reported in Table 7.6. Overall, a close match was obtained with these 

parameters also. Note that some of the difference in the IMEPgross is due to the effect of the 

gas exchange process, which is not captured by the closed-cycle simulations, and is 

substituted with an isentropic relation. 
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Table 7.6. Comparison of some combustion parameters obtained experimentally and 

numerically in this work. 

 Experiments Simulations 

Global air-fuel 

equivalence ratio (𝜆) 

1.36 1.35 

Ignition delay * 1.0 CA˚ 1.2 CA˚ 

CA50 10.7 CA˚ ATDC 10.4 CA˚ ATDC 

IMEPgross ** 26.7 bar 26.4 bar 

 

*   Estimated from apparent heat release rate 

** A closed-cycle assumption is employed in simulations 

 

7.3.4. Simulation setup for the DICI H2 combustion engine 

Generally, the simulation setup for the DICI H2 combustion engine is based on that for the 

diesel engine described in Section7.3.1. However, owing to the different nature of the 

gaseous H2 fuel compared to the liquid diesel fuel, a new modeling methodology for the 

injection of H2 fuel is developed. 

In this study, to model the H2 fuel injection process in the engine, a small volume between 

the injector needle and the engine cylinder is modeled. This is illustrated in Figure 7.17, 

where the red surface on top of the injector region is the H2 pressure-inflow boundary. The 

cylinder region is disconnected from the injector region with a surface marked with 

diagonal stripes. During the injection process, this surface is removed, the amount of 

injected fuel is tracked, and once it reaches a certain value, the surface is put up again, thus 

stopping the fuel flow. This approach does not require the knowledge of the injection rate 

profile. It is assumed to be quasi-square, with the effects of the in-cylinder pressure on the 
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injection rate captured. Detailed description of the prediction of the injection rate is given 

in Section 7.2.4. 

 

Figure 7.17. Approach for the simulation of hydrogen injection in a CI engine. 

As discussed in Section 7.2.3.2, the grid alignment has a major impact on the accuracy of 

the H2 injection process modeling. Fortunately, this issue can be easily addressed in the 

present study where only a sector of the cylinder with a single jet is simulated. The base 

computational grid is tilted to align with the dominant flow direction, such that the grid 

convergence is more easily achieved at improved solution accuracy (see Figure 7.17 (top)). 
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7.3.5. Experimental setup and operating conditions of the DICI H2 combustion 

engine 

The same engine setup is used for the DICI H2 combustion cycle as in the CDC case. The 

operating conditions are based on the High-T CDC cycle given in Table 7.5, with some 

exceptions that are summarized in Table 7.7. 

Table 7.7. Operating conditions for the DICI H2 combustion case. 

Operating conditions for the DICI H2 combustion cycle 

In-cylinder pressure at IVC * 7.0 bar 

In-cylinder temperature at IVC * 255 ˚C 

Pilot injection timing -10 CA˚ ATDC 

Main injection timing 0 CA˚ ATDC 

Injected fuel mass per cycle (H2) 101.0 mg 

EGR rate * 48 % 

Global air-fuel equivalence ratio (λ) 1.17 

FuelMEP 56.9 bar 

In-cylinder composition at IVC (mass fractions) 

O2 0.1272 

N2 0.7762 

H2O 0.0966 

 

*   Estimated using 1D GT-Power simulations. 

The deviations from the High-T CDC cycle are mostly due to the differences in combustion 

chemistry. Taking into account the large amount of EGR, the combustion products have a 

measurable impact on the IVC in-cylinder gas composition, hence the global equivalence 

ratio and pressure trace. To achieve the same PMP and global equivalence ratio, under the 

conditions of constant FuelMEP and different combustion chemistry, the IVC in-cylinder 

pressure and EGR rate had to be slightly adjusted. 
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7.4. H2 kinetic mechanism assessment 

7.4.1. Ignition limits of H2-air mixtures 

Hydrogen combustion chemistry has been extensively studied over the years and a number 

of detailed kinetic mechanisms have been developed. One positive aspect of hydrogen 

combustion modeling in CFD simulations is the relatively simple chemistry of H2 

oxidation. Hence, comprehensive kinetic models can be employed in engine simulations 

without the extremely high computational cost that would otherwise be inevitable. This 

greatly improves the accuracy of predictions in a wide range of engine operating 

conditions. 

Modeling of hydrogen combustion in this study is carried out using a detailed H2/O2 kinetic 

mechanism developed by Burke et al., 2012 [122]. This model is based on an earlier work 

by Li et al., 2004 [129] and incorporates the most recent developments in rate constant 

treatment in order to improve predictions in dilute, high-pressure flames. This new model 

met the validation targets of Li et al. (298-3000K, 0.3-87 atm, φ=0.25 – 5.00) while 

substantially improving agreement against more recent high-pressure flame speed and 

shock tube measurements. 

The kinetic mechanism by Burke et al. is evaluated in this study in a wide range of 

conditions with the aid of 0D chemical kinetics simulations in the Chemkin Pro software 

[130]. A 0D homogenous batch reactor is used for calculating ignition delay of H2-air 

mixtures at the equivalence ratios between 0.05-8, temperatures between 900-1400 K, and 

pressures of 1 atm and 150 atm. Figure 7.18 shows the ignition delay of an H2-air mixture 

at 1 atm as a function of equivalence ratio. 
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Figure 7.18. Ignition delay of H2-air mixtures at 1 atm and different temperatures as a 

function of equivalence ratio. 

At higher temperatures the ignition delay tends to reach the lowest values near 

stoichiometric conditions (φ = 1), and tends to infinity precisely at φ = 0.1. The 

flammability limits of different fuel-air mixtures, including hydrogen-air, have been 

experimentally measured by Zabetakis, et al. [131] and summarized by Law et al. [107]. 

The experimentally measured lean and rich limits of H2-air mixtures at 1 atm in fact 

correspond to 0.10 < φ < 7.14. In contrast, the flammability range of methane-air mixtures 

is 0.50 < φ < 1.67, which is much narrower than for hydrogen, and is generally the case for 

most hydrocarbon fuels. Figure 7.18 demonstrates that the chemical mechanism correctly 

predicts the lean limit of hydrogen flames, even though it is outside of the validation range 
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of the model. However, the rich limit is not captured by the model, as the mixture is still 

flammable at φ well above 7. It should be noted that the kinetic mechanism was validated 

against experiments at equivalence ratios up to φ = 5.0. For most engine applications, 

including this study, the ignition delay near the rich limit is not of great importance. The 

correct model behavior near the lean limit is much more crucial for the accurate prediction 

of the in-engine ignition delay, and subsequently, the extent of premixed combustion in the 

early stages of injection process. Moreover, considering the low temperatures of the 

injected hydrogen in this study (298 K), the rich zone (the core) of the hydrogen jet never 

reaches the autoignition temperatures, hence only the peripheries of the jet (lean zones) are 

likely to ignite. 

7.4.2. High-pressure behavior 

Figure 7.19 shows the ignition behavior of the H2-air mixtures at φ = 1.0 and varying 

pressure. The ignition delay shows a non-monotonic trend with respect to pressure, which 

is the case for all tested temperatures, but its extent tends to reduce at higher temperatures. 

The reaction responsible for the increase in ignition delay with higher pressure is 

H+O2+M↔HO2+M, which is a three-body reaction that consumes H atoms. As a result, it 

interferes with other crucial chain-branching and chain-carrying reactions that produce H 

atoms – i.e., H+O2↔O+OH, O+H2↔H+OH, OH+H2↔H+H2O [107]. The competition 

between the latter three and the former reaction is accompanied by the second explosion 

limit denoted by the first inflection line in Figure 7.19. As pressure is further increased, the 

three-body reaction shown above produces amounts of HO2 that are sufficient for the 

reactions HO2+H2↔H2O2+H and H2O2+M↔OH+OH+M to become significant. These 

reactions produce very active species, thus promoting the overall reaction progress and 
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reducing ignition delay. This process manifests itself in the second inflection line in Figure 

7.19, which is signified by a transition beyond the third explosion limit. 

 

Figure 7.19. Ignition delay of H2-air mixtures at an equivalence ratio of 1.0 and different 

temperatures as a function of pressure. 

As highlighted by a vertical dashed line in Figure 7.19, the peak motoring pressure for all 

engine simulations in this study is 144 atm, which is located well beyond the second 

inflection line, hence is within the third explosion limit. At those conditions the reactions 

HO2+H2↔H2O2+H and H2O2+M↔OH+OH+M take over, thus allowing the chain-

branching and chain-propagation reactions H+O2↔O+OH, O+H2↔H+OH, 

OH+H2↔H+H2O to dominate. Furthermore, considering that the peak motoring 

temperatures (as will be discussed in more detail in Section 7.5) are in the range of 1100-
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1150 K for the DICI H2 combustion cycle, and the peak motoring pressure is far beyond 

the third explosion limit for those temperatures, no complex phenomena such as non-

monotonic ignition response to pressure are expected, hence valid qualitative predictions 

made by the kinetic model at those conditions are expected. 

7.5. Hydrogen-pilot-assisted compression ignition 

Due to the requirement of a completely CO2-free engine, previously implemented ignition 

strategies for high-octane-number fuels (such as CH4) utilizing pilot diesel injections in DI 

CNG engines [132-135] cannot be used in the current engine concept. Instead, in this work, 

a single-fuel implementation is proposed, which uses the compression-ignition of a small 

pilot injection of hydrogen for a subsequent ignition of the main hydrogen jet. 

Due to the high auto-ignition temperature of hydrogen, still slightly higher TDC 

temperatures are required for this strategy to work. Figure 7.20 shows the ignition delay in 

CA˚ of hydrogen mixtures as a function of temperature at 144 atm and equivalence ratios 

of 0.5, 1.0, and 2.0 with 0 and 48 % EGR. The 0D results provide an estimate as the lower 

limit of the ignition delay times of hydrogen mixtures at different TDC conditions.  
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Figure 7.20. Ignition delay of H2 mixtures as a function of temperature at 144 atm and 

equivalence ratio of 0.5, 1.0, and 2.0 with 0 and 48 % EGR. 

Figure 7.20 suggests that, at the peak motoring temperature of the reference CDC of 

1000K, the ignition delay of the H2 mixture with 48% EGR is between 10 and 30 CA˚ (as 

a lower limit). Hence, the TDC temperatures must be raised to achieve more reasonable 

ignition delay values. At 1130 K, the ignition delay of the H2 mixture with 48% EGR is 

estimated to be in the range of 1-3 CA˚, which is reasonable and is used for all subsequent 

DICI H2 combustion cycle simulations. It offers reasonably high volumetric efficiency 

while still allowing deviations in the ignition delay arising from the temporal variations in 

the actual in-cylinder temperature. Modern engine concepts, such as the DCEE, are capable 

of achieving higher inlet temperatures for the combustor unit without a significant penalty 

on the overall engine efficiency. Hence, the proposed single-fuel pilot-assisted ignition of 

H2 jet is a feasible strategy for such engines.  
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The following offers a description of the proposed strategy. The IVC temperature of the 

combustor unit is set at 528 K (Table 7.7), which leads to ~1130 K at TDC. Then, a pilot 

injection of 1.5 mg of hydrogen is made (1-2 % of the main injection mass) at -10 CA˚ 

ATDC.  

The process of the pilot plume ignition starts as the plume gradually leans down and heats 

up, achieving thermal equilibrium with the surrounding gas, as illustrated in Figure 7.21.  

Starting from -1 CA˚ ATDC, exothermic reactions, primarily occurring at φ of around 0.3-

0.5, start rapidly heating up the pilot plume. This is clearly seen when comparing the 

equivalence ratio slices presented in Figure 7.22 with the temperature slices in Figure 7.21. 

The reaction equivalence ratio is defined as  

 φR =
2 ∑ 𝑁𝑖𝜂𝐶,𝑖 +𝑖

1
2

∑ NiηH,ii

∑ NiηO,ii
 (7.6) 

where Ni is the number of moles of species i, while ηC,i, ηH,i and ηO,i are the number of 

carbon, hydrogen, and oxygen atoms in species i, respectively. Note that i includes all 

species except CO2 and H2O (combustion products), hence the name “reaction equivalence 

ratio”. 

Figure 7.22 shows that the entire inner part of the hydrogen plume, which was at φ of 0.3-

0.5, reacts homogenously, reaching a temperature of around 1500-1600 K at 0 CA˚ ATDC 

. The main injection event is also commenced at 0 CA˚ ATDC, just after the ignition of the 

pilot. The main injection jet comes into contact with the hot pilot plume and ignites 

instantly.  
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Since the pilot takes about 10 CA˚ to ignite, it is evident that without it, the main injection 

commenced at TDC would ignite too late. Further increasing the inlet temperature to 

achieve a reasonable ignition delay without the pilot would have a significant negative 

impact on the engine efficiency. 
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Figure 7.21. Progression of a pilot H2 injection and the subsequent main H2 jet ignition, 

depicted using vertical temperature slices taken at the cylinder center. 
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Figure 7.22. Reaction equivalence ratio of the pilot H2 plume depicted using vertical 

slices taken at the cylinder center. 

7.6. Non-premixed hydrogen combustion 

The hydrogen jet characteristics in the engine condition is first examined. Figure 7.23 

shows the gas velocity profile at different times. The flow at the nozzle exit (marked by 

the vertical dashed line) is exactly sonic (Ma = 1) at 1 CA˚ ATDC, and reduces down to 

Ma = 0.8 at 9 CA˚ ATDC – just before the EOI. In the present simulation in real engine 

conditions, the gas velocity decreases monotonically with the distance from the nozzle exit. 

This is in contrast with the results in Figure 7.7, where the gas velocity momentarily rises 

up to Ma 1.4 before stabilizing at around Ma 1.2 within the sonic jet core. These differences 

are a consequence of the different natures of the jets. The H2 discharge in engine 

simulations occurs at or above the critical pressure ratio, hence is classified as a free jet. In 
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the simulations from Sections 7.2.2 and 7.2.3, however, the pressure ratio is 0.25 (lower 

than the critical 0.527), hence the jet is classified as a sonic under-expanded. The reason 

behind the increase in the gas velocity above sonic downstream of the nozzle exit is out of 

the scope of this study, thus will not be discussed in detail; however, it is thought that the 

higher density of the air in the cylinder relative to the lower H2 density may impose 

additional compression force on the expanding H2 gas, thus forcing it to accelerate [136, 

137]. 

 

Figure 7.23. Gas velocity along the jet centerline for the DICI H2 combustion case, taken 

at different stages of the injection process in a CI engine. 

Figure 7.24 and Figure 7.25 show the progression of the hydrogen injection and 

combustion processes in the cylinder as a function of crank angle. The bottom plot presents 

the injection rate, RoHR, and pressure trace, along with the temporal locations of the 

cylinder snapshots above. Note that the reduction in the injection rate as the injection event 
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progresses is caused by the rising in-cylinder pressure that leads to a reduced pressure 

difference between the injector and the cylinder volumes, resulting in lower injection 

velocities later in the injection process. The evolution of the process is split into segments 

and discussed in the following. 

0 CA˚ - 4 CA˚ ATDC. Immediately after the initial heat release spike from the ignition of 

the pilot fuel, the main injection event is commenced. Due to the high temperature at TDC, 

ignition and combustion reactions start immediately after the start of main injection 

(ASOMI), forming a non-premixed reacting jet similar to those in diesel engines. Flame 

lift-off is hardly seen because of the high flammability and a gaseous state of H2. A slight 

reduction in the heat release rise rate is observed after 1 CA˚ ATDC, which is explained 

by the rapid slow-down of the hydrogen jet that will be discussed in detail in Section 7.7. 

4 CA˚ - 6 CA˚ ATDC. The first local maximum of the main heat release is attained at 4 

CA˚ ATDC, just before the hydrogen jet first reaches the cylinder walls (the piston bowl 

in this case). As a result, the reaction in the main flame regions are significantly attenuated 

due to the heat loss to the piston surface. As with diesel sprays, the narrow near-

stoichiometric zone of hydrogen jet is where most of the H2-O2 oxidation reactions occur. 

This is illustrated in Figure 7.26, where the top plot shows a vertical reaction equivalence 

ratio slice of the jet, while the bottom plot shows mole fractions of the H2, O2, and OH 

species probed across the jet-air boundary (marked with a dashed line in the top plot). It is 

seen that OH radicals – important intermediate species only found in the reaction zone – 

are concentrated exclusively within the mixing layer, and there is no sign of fuel-air 

premixing outside the reaction zone, indicating the dominance of the non-premixed 
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combustion mode. The wall quenching of the non-premixed flame is the main cause of the 

rapid decrease in the heat release rate occurring at 4 CA˚ ATDC. 

 

Figure 7.24. Injection rate, heat release rate, and pressure traces for DICI H2 

combustion with the temporal locations of the temperature slices presented in Figure 

7.25. 
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Figure 7.25. Progression of the H2 injection and combustion processes, represented by 

vertical temperature slices taken at the cylinder center. 
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Figure 7.26. Vertical reaction equivalence ratio slice taken at the cylinder center (top) 

and H2, O2, and OH mole fraction profiles (bottom) probed along the line depicted in the 

plot above. The data is taken from the DICI H2 combustion concept simulations in a CI 

engine. 

6 CA˚ - 9 CA˚ ATDC. The momentum continuously supplied by the injection process 

causes a lateral (radial) dispersion of the non-premixed reactive jet, while the heat loss 

continues to suppress the burning near the wall, further increasing the amount of 
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accumulated H2 dispersing laterally. However, the former effect overrides the latter, 

resulting in a gradual rise in the total heat release rate during this period. 

9 CA˚ - 12 CA˚ ATDC. The EOI at 9 CA˚ ATDC is immediately followed by the start of 

interactions between the non-premixed flames from different nozzle holes (or neighboring 

cylinder sectors). As a result of these interactions, the reaction zone size as well as its rate 

of spread is reduced drastically. This, along with the lack of additional momentum and, 

most importantly, chemical energy after the EOI, lead to the fast decay in the heat release 

rate.  

12 CA˚ - 18 CA˚ ATDC. The last local maximum in the heat release rate at 18 CA˚ ATDC 

cannot be explained based on the 2D centerline slices. Instead, an iso-surface of 

equivalence ratio of 1.0 was generated and colored with temperature to illustrate the H2-O2 

reaction zone, and hence the boundaries of the non-premixed hydrogen jet, in 3D. These 

are presented in Figure 7.27. The remaining momentum of the jet after the EOI is enough 

to cause the flame plumes from the neighboring sectors to collide and, consequently, carry 

forward along the sides of the cylinder sector toward the center (Figure 7.27, the 

bottommost plot). The resultant secondary growth of the reaction surface area and the 

general non-premixed flame movement toward the cylinder center increase the H2-O2 

mixing and reaction rate causing the final peak in the heat release rate trace. 
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Figure 7.27. Stoichiometric (φ = 1) iso-surfaces of equivalence ratio colored with 

temperature for the DICI H2 combustion concept in a CI engine. 
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This observation clearly shows the dual nature of a CI H2 combustion in its current 

implementation. First, the non-premixed combustion reactions are driven by a free jet 

development. Once the jet reaches the piston bowl, however, it disperses radially, interacts 

with the neighboring jets, and generates flow structures that move in the opposite direction 

of the initial jet development. The latter process is often referred to as a global in-cylinder 

mixing. The former process, namely a free-jet combustion (or spray-driven combustion for 

liquid fuels), has been traditionally dominant in older low-injection-pressure diesel 

engines, whereas the global-mixing is dominant in modern high-injection-pressure diesel 

engines. The current DICI H2 combustion concept seems to manifest both forms of in-

cylinder mixing in approximately equal proportions, even though the global mixing 

component is less effective owing to the lower momentum of the H2 jet compared to the 

diesel jet (Section 7.7). These characteristics of hydrogen combustion should be taken into 

account when optimizing piston shape and injector design. The following sections will 

discuss this peculiarity in more detail. 

7.7. Hydrogen versus diesel combustion 

In this section, some CDC cases were run and the results are compared with the DICI H2 

combustion concept. Two CDC cases were simulated: the reference case and another with 

the inlet temperature raised to 1130K to match the case for the hydrogen combustion. These 

cases are referred to as the reference and high-T CDC, respectively. 

First, a reaction equivalence ratio (φR) slice of the combustion chamber is analyzed to 

highlight important distinctions between the CDC and the DICI H2 combustion concepts. 

As shown in Figure 7.28, there is a significant air entrainment in the CDC case into the 

portions of the diesel jet close to the nozzle. The equivalence ratio in that region is 
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estimated to be in the range of 10. This is consistent with Dec’s description of the DI diesel 

combustion process [138]. For the DICI H2 combustion, however, the equivalence ratio is 

well above 50 everywhere in the hydrogen jet (Figure 7.28), even from the injector area. 

That is, the hydrogen jet is gaseous and highly diffusive, so that the non-premixed flames 

are established much earlier without a significant presence of the flame lift-off and 

significant air entrainment. 

 

Figure 7.28. Vertical reaction equivalence ratio slices taken at the cylinder center for the 

high-T CDC and DICI H2 combustion concepts. 

Figure 7.29 presents the injection rate, rate of heat release, and pressure traces for the 

reference CDC, high-T CDC, and DICI H2 combustion cycles. The peak cylinder pressure 

(PCP) for the latter two cycles is intentionally matched for better comparison, by selecting 

suitable injection timing. The PCP of the high-T CDC is lower than that for the reference 
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CDC mostly due to the slower heat release caused by the higher global φ (0.86 vs 0.74), 

hence reduced O2 availability. The tail of the heat release is also longer with the high-T 

CDC for the same reasons. 

Figure 7.30 illustrates the orientation of the two slices applied to the in-cylinder volume 

that will be further examined in Figure 7.31 and Section 7.8: (a) a vertical slice in the 

middle of the sector, at the centerline of the nozzle hole, colored with temperature; and (b) 

a slice perpendicular to the temperature slice, taken at the centerline of the fuel jet, colored 

with equivalence ratio, and with velocity vector field superimposed on it. 

 

Figure 7.29. Injection rate, heat release rate, and pressure traces for the reference CDC, 

high-T CDC, and DICI H2 combustion cases. 
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Figure 7.30. Orientation of the temperature and reaction equivalence ratio slices with 

superimposed velocity vector field (only for the latter). 

Comparing the DICI H2 combustion cycle with the high-T CDC from Figure 7.29 reveals 

crucial fundamental differences in the CI hydrogen combustion engines. The H2 

combustion heat release rate is higher before 5 CA˚ ATDC, regardless of the fact that the 

injection event in the CDC started 3 CA˚ earlier. The heat release with H2 combustion is 

also substantially lower than that with CDC after 5 CA˚ ATDC. Recall the fact that the H2 

jet collided with the piston surface at 4 CA˚ ATDC, while the diesel jet – at 1 CA˚ ATDC. 

As shown in the series of temperature slices in Figure 7.31, the SOI in the diesel case 

started 3 CA˚ earlier, but it takes approximately equal amount of time (4 CA˚) for the diesel 

spray and hydrogen jet to reach the piston surface. However, the amount of heat released 

before the plumes reach the piston surface is 11 times higher with the DICI H2 combustion 

concept, as reported in Table 7.8. On the other hand, the combustion phasing (CA50) for 

the DICI H2 case is 4 CA˚ later, and CA90 is almost 30 CA˚ later. These results are crucial 

for understanding the characteristics of a DICI H2 engine that are distinct from 
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conventional diesel engines, and are central aspect to be considered during concept 

optimization. 

Table 7.8. Comparison of some global combustion parameters for the high-T CDC and 

DICI H2 combustion cases. 

 High-T CDC DICI H2 

CA50 [CA˚ ATDC] 11.0 15.0 

CA90 [CA˚ ATDC] 25.9 55.7 

HR% before wall 

interactions [%] 

1.5 17.0 

 

There are several phenomena that need to be considered to fully understand the observed 

behavior. First, as shown in Figure 7.28, the additional evaporation process required for 

diesel fuel jet results in a slower start of combustion for the CDC, especially in the absence 

of a pilot injection. These arguments, however, are not sufficient to fully explain results 

presented in Figure 7.29 and Table 7.8. 

There are four additional parameters that must be considered before a more complete 

description of the DICI H2 combustion process can be offered. These are: (a) injection 

velocity, (b) injection momentum, (c) retention of the momentum, and (d) turbulent kinetic 

energy of the stoichiometric reaction zone. Each of them will be discussed in the following. 
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Figure 7.31. Vertical temperature slices taken at the cylinder center showing the 

progression of the main injection for the DICI H2 combustion case in comparison to that 

for the high-T CDC case. 
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Figure 7.32 shows that the injection velocity of the hydrogen jet is substantially higher than 

that of liquid diesel fuel. This is partly because of the quasi-square injection rate used to 

inject hydrogen gas, in contrast to a ramp-like injection rate used for diesel injections. The 

diesel fuel injection rate is taken from experimental measurements in [106]. On other hand, 

as of now, there is a lack of commercially available high-flow H2 injectors capable of 300 

bar injection pressures. Hence, the more general approach of imposing constant injector-

inflow pressure was employed for the DICI H2 concept as described in Section 7.3.4, which 

yielded close-to-square injection rate. 

The other, more far-reaching factor is hydrogen gas’s high speed of sound, which is around 

1320 m/s at 300 K. As shown in Figure 7.23, the H2 injection starts from sonic conditions 

and, as seen from Figure 7.31, the H2 jet propagates much faster than the diesel spray until 

4 CA˚ ATDC (or collision with the piston). This promotes fuel-air mixing and, 

consequently, enhances the burning rate. 
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Figure 7.32. Injector nozzle exit velocity for gaseous H2 and liquid diesel fuels given in 

m/s (left y-axis) and as a non-dimensional Mach number (right y-axis). 

The rapid initial H2 jet propagation drastically slows down after 0.5 – 1 CA˚ ASOMI. This 

is visually evident in the first three rows of Figure 7.31, suggesting that either the injection 

momentum for the DICI H2 case is low, or the momentum is not effectively retained as the 

jet propagates, or both. The injection momentum flow rate is calculated by: 

 (�̇�𝑉)𝑒 =  𝜌𝑉2𝐴𝑖𝑛 + (𝑃𝑒 − 𝑃𝑐)𝐴𝑖𝑛 
(7.7) 

where 

(�̇�𝑉)𝑒 – momentum flow rate at the nozzle exit [kg-m/s2], 

𝜌 – fluid density at the nozzle exit [kg/m3], 

𝑉 – velocity at the nozzle exit [m/s], 

𝐴𝑖𝑛 – area of the nozzle exit [m2], 
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𝑃𝑒 – pressure at the nozzle exit [Pa], 

𝑃𝑐 – mean in-cylinder pressure [Pa]. 

The ability of the jet to retain momentum is assessed in terms of the jet momentum as a 

function of CA˚, where the jet momentum is defined as the mass of a fluid parcel 

(computational cell) multiplied by its velocity (𝑚𝑉) within the hydrogen jet, that is, where 

φR > 1 (see Figure 7.33). 

 

Figure 7.33. Portion of the in-cylinder volume with equivalence ratio above 1 used for jet 

momentum estimations. 

Figure 7.34 shows the injection momentum flow rate and the jet momentum traces for the 

High-T CDC and the DICI H2 combustion concepts. Initially, the hydrogen injection 

momentum flow rate is higher than that for the diesel due to the square injection rate in the 

former case. However, after about 2 CA˚ ASOMI, diesel injection momentum exceeds that 

of hydrogen, reaching about a factor of four higher values. The jet momentum of the DICI 

H2 case is initially higher than that of the CDC, but its rate of growth is significantly lower. 

After 4.7 CA˚ ASOMI, the momentum of the diesel jet becomes higher than that of H2 and 

remains so during most of the combustion process. Overall, both the injection momentum 

flow rate and the retained jet momentum are significantly higher with the CDC compared 
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to the DICI H2 case during most of the combustion process, despite the steeper decline in 

the retained momentum after the EOI caused by a more turbulent global mixing phase in 

the former case, as described below. 

 

Figure 7.34. Nozzle exit momentum flow rate (top) and jet momentum (bottom) for the 

high-T CDC and DICI H2 combustion cases. 

Another metric to evaluate the fuel-air mixing rate is via turbulent kinetic energy. Its 

calculation is confined to the narrow near-stoichiometric region where most of the 

combustion reactions occur. This region corresponds to 𝜙𝑅 ≈ 1. Such approach focuses 

the analysis only on the crucial reaction zone, the outer boundary of the jet, the 

effectiveness of which is demonstrated in [139]. The resultant quantity is mass-averaged 

and presented in Figure 7.35 (𝑇𝐾𝐸̅̅ ̅̅ ̅̅
𝑟𝑒𝑎𝑐𝑡), along with the limits within which 50% and 100% 

of the values lie. 𝑇𝐾𝐸̅̅ ̅̅ ̅̅
𝑟𝑒𝑎𝑐𝑡 is the turbulent kinetic energy of the reaction region, and is 
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referred to as reaction region turbulence or simply turbulence in the following. The reaction 

region turbulence for the High-T CDC is negligibly small between 0 and 3 CA˚ ASOMI, 

whereas that for the DICI H2 combustion is the highest during that period. The DICI H2 

concept sees a reduction in the reaction region turbulence starting from 1 CA˚ ASOMI, 

which matches well with the rapid slowdown of the jet described in the previous 

paragraphs. On the other hand, the turbulence for the High-T CDC case keeps increasing 

during the entire injection process, exceeding that for the DICI H2 combustion after 4 CA˚ 

ASOMI, jet-piston collision. This is the result of the High-T CDC case’s high retained jet 

momentum (Figure 7.34) and energetic global mixing generated via interactions with 

piston bowl and neighboring jets (or sectors). 

 

Figure 7.35. Turbulent kinetic energy (TKE) of the reaction zone (𝜙𝑅 ≈ 1) for the high-T 

CDC and DICI H2 combustion cases. The TKE is given in mass-averaged form (dash-

dotted lines), along with the limits where 50 % and 100 % of values lie. 
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Results presented in this section indicate that the DICI H2 combustion concept differs from 

the CDC in two major positive aspects. The DICI H2 has: 1. higher injection velocity, 2. 

higher mixing rate with air before collision with the piston. It also has negative distinctions: 

lower injected and retained momentum and lower air-fuel mixing rate during the global 

mixing phase. In addition, hydrogen jets do not exhibit significant air entrainment, unlike 

diesel jets. Once again, all these characteristics of the DICI H2 combustion should be taken 

into account when optimizing the combustion chamber and injector design. The 

recommendations are made in Section 7.10. 

7.8. Global flow structures 

Section 7.7 highlighted some of the important factors that distinguish the DICI H2 

combustion concept from the CDC. Hence, the global flow structures generated by the fuel 

jets are also expected to be different for the two concepts. Figure 7.36 presents cylinder 

slices taken at the centerline of the nozzle orifice and colored with reaction equivalence 

ratio, (according to Figure 7.30). Velocity vector field is colored with velocity magnitude 

and superimposed on the equivalence ratio slices. The velocity colormap range is set 

between 0 and 50 m/s for clear visibility of phenomena of interest, even though there are 

values far exceeding the upper bound of this range. 

The vector field in Figure 7.36 reveals recirculating flow structures or vortices generated 

by the H2 jet, located at the periphery just behind the jet front. These vortices are not 

observed with the diesel jet. They are located primarily within the H2 jet, where only H2 

molecules are present (see Figure 7.26). Hence, they do not contribute significantly to the 

transport of the oxidizer (air) into the reaction zone at their immediate locations. The 

vortices grow in size with time and a large-scale poloidal motion of air emerges. This 
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enhances mixing by establishing a flow of air into the portion of the jet upstream from the 

vortices. The large-scale poloidal motion of the in-cylinder gas also promotes lateral 

dispersion of the H2 jet by convective transport. Finally, it propels the stem of the H2 jet 

forward after the EOI (the last two rows of Figure 7.36) and establishes a flow of oxidizer 

into the fuel-rich region after the EOI, thus improving combustion efficiency.  

This is, however, not the case with the diesel jet. The higher momentum of the diesel jet 

can also be clearly recognized from the velocity vectors at the piston wall and sector sides 

on the last two rows of Figure 7.36. Upon impact, the diesel jet splits, giving rise to global 

mixing, as described in Section 7.6. H2 jet, on the other hand, does not require cylinder 

walls for effective mixing. Instead, the flow structures generated by the jet itself promote 

mixing (transport of fuel and oxidizer into the non-premixed reaction zone). 
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Figure 7.36. Reaction equivalence ratio slices of the cylinder with superimposed velocity 

vector fields for the high-T CDC and DICI H2 combustion cases. 
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7.9. Loss mechanisms and efficiency of a DICI H2 combustion engine 

This section discusses different cylinder energy flow components and quantifies them in 

relation to the fuel energy input. These components are: gross indicated work (GIW), 

exhaust energy, heat transfer (HT) loss, and combustion loss (unburned fuel). Figure 7.37 

illustrates their relative proportions for three combustion cycles – the reference CDC, High-

T CDC, and DICI H2 combustion. Note that the gross indicated efficiency (GIE), which is 

the percentage of the fuel energy converted to GIW in the combustion cylinder of the 

DCEE, is lower with the DICI H2 case mainly because the engine has not yet been 

optimized for this combustion mode. Instead, a version optimized for the CDC was used 

in this work. 

 

Figure 7.37. Fuel energy distribution between gross indicated piston work (GIW), 

exhaust enthalpy, heat transfer (HT) losses, and combustion losses for the reference 
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CDC, high-T CDC, and DICI H2 combustion cycles in the combustion cylinder of the 

DCEE. 

All cases presented in Figure 7.37 have almost equally small combustion losses; however, 

the remaining energy flow components vary in their proportions by considerable amount. 

HT loss for the reference CDC only equals to around 9 % of fuel energy, whereas that for 

the High-T CDC amounts to over 11 %, which is the result of overall higher in-cylinder 

temperatures. However, the HT loss for the DICI H2 combustion case is even lower than 

that for the reference CDC, despite higher TDC temperatures in the former. 

Accumulated HT losses to each combustion chamber wall (piston, head, and liner) for the 

High-T CDC and the DICI H2 combustion cases are illustrated in Figure 7.38. Each 

component of the HT loss is lower with the DICI H2 combustion. However, one component 

that is particularly different is the HT loss to the cylinder head, which accounts for 78% of 

the reduction in the total cylinder HT losses. This difference arises from the poor global 

mixing characteristics of the current DICI H2 combustion concept, as discussed in Section 

7.7. As a result, the flame plumes do not come into contact with the cylinder head as much 

as they do with the CDC, hence lower near-wall gas temperature and velocity. 
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Figure 7.38. Accumulated heat transfer (HT) losses to the piston, head, and liner of the 

combustion cylinder of the DCEE. 

Note that hydrogen is known to have small quenching distance compared to traditional 

hydrocarbon fuels, like gasoline, diesel, and methane. The quenching distance of H2 is 0.64 

mm at 1 bar, 298 K, and stoichiometric conditions, while that for hydrocarbon fuels is in 

the range of 2 mm [140]. Recall that in this work, the grid resolution near the cylinder walls 

is not sufficient to resolve viscous boundary layer. Instead, the wall function handles 

modeling of the boundary layer (Section 7.3.1). Thus, the effect of the difference in 

quenching distance of different fuels is unlikely to be captured in this work. 

Another assumption that must be emphasized is identical wall temperatures in the CDC 

and DICI H2 combustion simulations. This decision is, however, justified by the fact that 

wall temperatures are typically set in such a way to avoid premature thermal degradation 

of the combustion chamber materials. Hence, even if the heat flux to the cylinder walls is 
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lower with the DICI H2 combustion cycle, the wall temperatures would stay largely 

unchanged as a consequence of a reduced cooling rate that would be implemented with 

efficiency considerations in mind. 

As seen in Figure 7.37, the GIE of the DICI H2 combustion cycle is slightly lower than that 

of both the reference CDC and high-T CDC. However, owing to the considerably reduced 

HT losses, the exhaust energy of the DICI H2 combustion cycle is higher than that for both. 

In modern engine concepts, such as the DCEE, exhaust energy is used to extract additional 

useful work. As a result, the BTE of the entire powertrain system is only marginally lower 

with the DICI H2 concept compared to the CDC. The BTEs were estimated using a 1D GT-

Power model from [14] and reported in Table 7.9. Note that the engine configuration used 

for all 1D simulations was optimized for the CDC. Thus, the BTE value for the DICI H2 

combustion concept should be regarded as conservative, and prospects of further engine 

optimization specific to H2 combustion should be taken into account. 

Table 7.9. Brake thermal efficiency (BTE) of the DCEE with the reference CDC, high-T 

CDC, and DICI H2 combustion concepts, estimated using 1D GT-Power simulations. 

 BTE of the DCEE 

Ref. CDC 53.4 % 

High-T CDC 52.2 % 

DICI H2 comb. 53.1 % 
 

7.10. Summary and conclusions 

The present computational study attempted to provide a comprehensive understanding of 

a single-fuel compression-ignition non-premixed combustion for high-efficiency hydrogen 

internal combustion engines, as a viable technology towards carbon-neutral mobility. 
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Distinct fundamental characteristics of the H2 combustion concept were compared with the 

conventional diesel combustion. This thesis also offers a systematic guide to closed-cycle 

RANS modeling of such engines using the CONVERGE CFD solver. The key 

achievements and findings are summarized into two parts, on the modeling aspects of CI 

hydrogen engines, and on the physical characteristics of CI hydrogen combustion engines. 

7.10.1. CFD Modeling of a CI Hydrogen Combustion Engine 

Peculiarities of H2 gas were discussed and recommendations for CFD engine simulations 

were made, including the use of the Redlich-Kwong-Soave equation of state with species-

specific critical properties, as well as the inclusion of mixture-averaged binary diffusion 

coefficients in the species transport calculations. 

Sensitivity of the solutions to grid resolution and grid misalignment was analyzed, and the 

most optimal grid configuration, in terms of accuracy and computational cost, was 

identified. It was found that grid misalignment substantially affects the solution fidelity, 

hence a careful choice of optimal grid resolution and orientation is strongly recommended. 

The CFD models were then validated against experimental data obtained from the 

literature. Both diesel test engine data and optical H2 jet measurements were taken as 

reference for the model validation. 

Hydrogen combustion reactions were modeled using the SAGE closure model with the 

detailed H2/O2 kinetic mechanism by Burke et al. This mechanism was chosen for its 

accuracy in predicting high-pressure and dilute flames. The kinetic model was shown to 

capture the lean ignitability limit very well, while falling short of predicting the rich limit. 

Nevertheless, the accuracy of solution at such fuel-rich conditions is described as not 
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consequential in CI engines where non-premixed combustion mode prevail. The high-

pressure behavior of the kinetic mechanism is also assessed and shown to be reasonable. 

7.10.2. Analysis of a CI Hydrogen Combustion Engine 

The advantages and disadvantages of the non-premixed combustion approach for H2 

engines were discussed from a thermodynamic standpoint. The positive pneumatic work 

generated by the H2 gas injection at TDC (excluding work generated by combustion) is 

estimated to equal 2 – 4 % of fuel energy. This pneumatic work comes from a molar 

expansion in the non-premixed case, which would not be available with premixed 

combustion approaches, such as SI and HCCI. This, along with other advantages (lack of 

knock, higher volumetric efficiency, etc.) make the non-premixed CI H2 combustion cycle 

more efficient. 

A new H2 pilot-assisted ignition strategy, that enables a completely CO2-free engine 

operation, was introduced in this work. It involves a small pilot injection (~ 1 % of the 

main injection mass) of H2 that ignites in premixed combustion mode (φ ≈ 0.3 – 0.5) and 

serves as a powerful ignition source for the subsequent main injection. 

Next, the non-premixed combustion of H2 from the main injection is studied in detail. 

Much like in diesel combustion, most reactions in H2 jets are found to be occurring at near-

stoichiometric conditions at the periphery of the H2 jet. The non-premixed hydrogen 

combustion process in the current implementation seems to exhibit a dual behavior: first, 

mixing generated intrinsically by the jet; second, global mixing generated by the jet-piston 

interactions. 
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To further investigate the specifics of the non-premixed DICI H2 combustion, the results 

were compared to the conventional diesel combustion cases. It was found that the DICI H2 

combustion concept exhibits significantly faster heat release before the jet-piston collision 

(in the first jet-mixing phase). This was explained by not only the gaseous state of H2 fuel, 

but more importantly, the higher injection velocity and higher H2-air mixing (faster 

transport of oxidizer and fuel into the reaction zone). 

The CDC has much higher momentum injected and preserved, compared to the DICI H2 

case. As a result, most of the fuel-air mixing and heat release occurs after the jet-piston 

collision in the CDC case, making it much more efficient in the momentum dominated 

global-mixing phase. The DICI H2 combustion concept, on the other hand, has more 

intense mixing and burning in the first jet-mixing phase. Hence, it is concluded that the 

global mixing phase should be avoided with the DICI H2 combustion concept, and the 

amount of the heat released before the jet-piston collision should be maximized in CI H2 

engines – a totally different approach to CI diesel engines.  

Based on the findings in the present study, the following are some practical 

recommendations for a CI hydrogen engine optimization: 

1. The contact between H2 jets and the piston should be minimized by adopting wider 

piston bowls and adapting their shape to H2 jets. 

2. The number of injector nozzle orifices should be increased to further reduce jet-wall 

contact and improve in-cylinder air utilization, especially near the cylinder center. 

3. The volumetric flow rate of H2 fuel should be maximized by increasing the injector 

orifice diameter. 
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It was also found that, unlike with conventional diesel sprays, hydrogen jets in the DICI 

concept do not exhibit any significant air entrainment, and the fuel-air interface is much 

more stratified. 

Analysis of the cylinder vector field revealed the presence of vortices at the periphery just 

behind the H2 jet front. These vortices grow with time, generating a large-scale poloidal 

motion of the in-cylinder gas, which enhances the transport of oxidizer into the reaction 

zone, thus promoting burning rate and improving combustion efficiency. Such behavior 

was not observed with diesel jets, where most of the mixing stems from the jet-piston 

interactions (global mixing). 

Finally, the DICI H2 combustion concept was assessed in terms of the thermodynamic 

cycle efficiency. Gross indicated efficiency was found to be up to 4 %-points lower with 

the DICI H2 combustion concept compared to the CDC. However, all reduction is due to 

the larger exhaust loss, whereas the heat transfer loss is up to 3 %-points lower with the 

DICI H2 combustion concept. Thus, it is concluded that, with modern internal combustion 

engines capable of recovering exhaust energy, the DICI H2 combustion concept is expected 

to enable an overall system efficiency comparable to that of the CDC. 
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8. ADAPTATION OF THE COMBUSTION SYSTEM FOR A CI 

HYDROGEN ENGINE 

In this chapter, the combustion system, which includes the fuel injection system and the 

combustion cylinder, are adapted to the previously introduced hydrogen DICI combustion 

mode for improved thermodynamic characteristics of the engine. The challenges with 

hydrogen DICI combustion are also addressed here. 

This chapter outlines a hydrogen CI engine optimization path for future H2 engine 

development, and improves the combustion system for the subsequent assessment of its 

potential in the DCEE concept. 

8.1. Overview and re-optimization path 

As recommended in Section 7.10, the following modifications to the injector and piston 

bowl designs must be implemented to optimize the H2 engine for the intrinsic jet-generated 

mixing mode of operation: 

1. Jet-wall contact must be reduced by: 

(a) Maximizing distance between the injector nozzle and the piston bowl, 

simultaneously adapting the injector umbrella angle and the shape of the bowl to 

H2 jets; 

(b) Increasing the number of injector nozzle orifices (from 7) to further reduce jet-wall 

contact and improve in-cylinder air utilization. 

2. Injector volumetric flow rate capacity, and hence the fuel injection rate must be 

maximized by increasing the diameter of the nozzle orifices. 
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The optimization steps recommended above are reflected by the different cases simulated 

in this work, the details of which are given in Table 8.1. The different bowl designs 

referenced in the table are illustrated in Figure 8.1. Note that the injector umbrella angles 

are equal for all cases with wide piston bowls (DICI H2 Gen. 2, 3, and 4). Also, note that 

the crevice depth is increased for the wide bowl designs from piston cooling considerations. 

Table 8.1. Details of different cases simulated to showcase the optimization path 

recommended in this work. 

DICI H2 

combustion 

Bowl type Nozzle 

orifice # 

Orifice 

diameter 

Umbrella 

angle 

Injection 

pressure 

Gen. 1 Standard 7 1 mm 132˚ 300 bar 

Gen. 2 Wide (1) 7 1 mm 154˚ 300 bar 

Gen. 3 Wide (2) 12 0.76 mm 154˚ 300 bar 

Gen. 4 Wide (3) 12 1 mm 154˚ 220 bar 

Gen. 5 Wide (3) 12 1 mm 154˚ 300 bar 

 

 

Figure 8.1. Different piston bowl profiles tested. The straight dotted lines represent the 

injector umbrella angle. The umbrella angles are equal for all wide bowl cases. 
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The remaining details of the operating conditions imposed in the simulations are given in 

Table 7.4, Table 7.5, and Table 7.7. Note that the parameters reported in Table 7.7 apply 

to all DICI H2 combustion cases (Gen. 1-5). 

8.2. Minimizing jet-wall contact 

As per recommendation made in Section 8.1, the piston bowl and injector designs are 

adapted to the DICI H2 combustion concept to maximize the H2 jet traveling distance and 

minimize the jet-wall interactions. This is achieved in two steps to clearly observe the effect 

of each. First, the piston bowl is widened and the injector umbrella angle is increased. The 

resultant case is referred to as Gen. 2 in the following (see Table 8.1 and Figure 8.1). The 

second step is to increase the number of injector nozzle orifices to further reduce jet-wall 

interactions (elaborated in Section 8.2.2) and enable a better in-cylinder air utilization, 

especially near the cylinder center. This is done simultaneously with adapting the piston 

bowl shape to the H2 jet shape, thus further minimizing the contact between the two. The 

resultant case is referred to as Gen. 3 and elaborated also in Table 8.1 and Figure 8.1. 

8.2.1. Wide piston bowl 

Figure 8.2 shows that the wider piston bowl and a larger umbrella angle of the Gen. 2 case 

delay the jet-piston collision by 5 CA˚. As a result, the drop in the heat release rate due to 

the jet-wall collision is also delayed by the same amount of time. This is illustrated in 

Figure 8.3, where the injection rate, rate of heat release, and pressure traces for the original 

Gen. 1 and the adapted Gen. 2 and 3 are given. Amount of heat released before the jet-

piston collision is also more than twice as high with Gen. 2 compared to Gen. 1, as reported 

in Table 8.2. 
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Figure 8.2. Vertical temperature slices taken at the cylinder center showing the 

progression of the main injection for the DICI H2 Gen. 1 and Gen. 2 cases. 
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Figure 8.3. Injection rate, heat release rate, and pressure traces for the DICI H2 Gen. 1, 

2, and 3 cases. 

Table 8.2. Comparison of some global combustion parameters for the DICI H2 v1 and v2 

cases. 

 Gen. 1 Gen. 2 Gen. 3 

CA50 [CA˚ ATDC] 15.0 12.8 9.8 

CA90 [CA˚ ATDC] 55.7 59.3 36.8 

HR% before jet-

piston collision [%] 

17.0 35.5 74.5 

 

The combustion duration represented by CA90, on the other hand, is not significantly 

affected by the modifications implemented in Gen. 2, even though the combustion phasing 

(CA50) is advanced. The long combustion duration arises from the tail of the heat release 
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seen in Figure 8.3, which is detrimental for engine efficiency. The root cause of this 

behavior is illustrated in Figure 8.4 using stoichiometric iso-surfaces of equivalence ratio 

(φ = 1) colored with temperature. 

 

Figure 8.4. Stoichiometric (φ = 1) iso-surfaces of equivalence ratio colored with 

temperature for the DICI H2 Gen. 1 and Gen. 2 cases (sector of the cylinder volume). 
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Figure 8.4 shows that the non-premixed hydrogen flames move toward the cylinder center 

as a result of their collision with the piston bowl and subsequent redirection. However, the 

flame plumes did not travel as far toward the center in the Gen. 2 case as they did in Gen. 

1, suggesting that wider bowls do help with minimizing jet-piston interactions. This, 

however, also suggests that the modifications in the Gen. 2 case are not enough to 

completely eliminate the global momentum-dominated mixing. 

8.2.2. Larger number of nozzle orifices 

The second step (Gen. 3 case) to minimize the jet-wall interactions is to increase the 

number of nozzle orifices from seven to twelve, while maintaining the volumetric flow rate 

capacity of the injector, which can be achieved by either reducing the diameter of each 

orifice, or by lowering the injection pressure. Note that the nozzle and jet embedding 

resolution is doubled in the former case to ensure the accuracy of the solution with the 

smaller orifice diameter. 

8.2.2.1. Smaller orifice diameter 

The first strategy to maintain constant flow rate of fuel into the cylinder as in Gen. 2 is to 

use orifices with diameter of 0.76 mm instead of 1 mm. As seen from Figure 8.1, the shape 

of the wide piston bowl is also altered for a better fit to the H2 jet shape, thus further 

minimizing the jet-wall contact. The resultant heat release rate and pressure traces are given 

in Figure 8.3. The Gen. 3 case achieves a higher heat release rate during the whole injection 

process, while simultaneously shortening its tail. Note that the initial spike is due to a 

slightly delayed ignition of the main charge and, consequently, some premixed 
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combustion. This is likely because of the boundary layer effects on the pilot injection plume 

arising from the taller piston pip. 

The goal of further delaying and minimizing the jet-wall interactions is fulfilled with the 

Gen. 3 case. As illustrated in Figure 8.5, the non-premixed H2 flame is largely contained 

within the piston bowl in the Gen. 3 case, and high-temperature zones are relatively evenly 

distributed inside the cylinder. This is not the case with Gen. 2, where the flames ended up 

in the squish volume and high-temperature zones are concentrated more near the cylinder 

walls. 

 

Figure 8.5. Different temperature slices showing the progression of the main injection for 

the DICI H2 Gen. 2 and Gen. 3 cases. 
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Moreover, as seen in Table 8.2, not only the combustion phasing (CA50) is earlier and 

combustion duration (CA90) is shorter, but also the amount of the heat released before the 

jet-piston collision reaches almost 75 % of the total heat release in the Gen. 3 case. The 

above suggests that Gen. 3 relies largely on the intrinsic jet-mixing dominated mode of 

combustion – the primary target of this work. 

Figure 8.6 presents fuel energy distribution between the gross indicated piston work (GIW) 

and the potential work lost to exhaust, heat transfer (HT), and combustion (unburned fuel) 

losses. Note that the GIW as a percentage of the total fuel energy should be treated as a 

gross indicated efficiency (GIE). 

 

Figure 8.6. Fuel energy distribution between gross indicated piston work (GIW), exhaust 

enthalpy, heat transfer (HT) losses, and combustion losses for the Hydrogen Gen. 1, Gen. 

2, and Gen. 3 cases. 
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The GIE of the Gen. 3 case is 2.2 and 3.1 %-points higher than that of the Gen. 1 and 2 

cases, respectively. This demonstrates the effectiveness of the adopted strategy of 

minimizing the global momentum-dominated mixing with hydrogen CI non-premixed 

combustion. 

The improvements are achieved not only via more favorable thermodynamic cycle 

(reduced exhaust losses), but also minimized heat transfer losses, which are reduced by 

about 30 %. This is yet another benefit of the minimized jet-wall contact, achieved through 

the lower velocity gradients on the cylinder walls. As illustrated in Figure 8.7, most of the 

HT loss reductions are related to the piston, at 65.6 % of the difference. Second most 

important reduction is in the liner HT loss, at 41.6 %. The HT loss to the head, however, 

increased by 7.2 % of the difference, which is small compared to the improvements. 

 

Figure 8.7. Accumulated heat transfer (HT) losses to the piston, head, and liner for the 

DICI H2 Gen. 1 and Gen. 3 cases. 
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Despite the overall higher GIE, combustion losses in the Gen. 3 case are significantly 

increased compared to the Gen. 1 and even Gen. 2 cases. This suggests that the optimization 

path taken, despite all the benefits, has the drawback of poorer in-cylinder fresh air 

utilization. This issue will be discussed in detail in Section 8.4. Note that the global air-

fuel equivalence ratio in all cases in this study is set at 1.17, which implies that there is a 

very limited amount of excess air in the cylinder. Such strategy is adopted to test the 

concept in extreme conditions, thus identifying its potential intrinsic challenges. 

8.2.2.2. Lower injection pressure 

The other strategy to achieve fuel flow rate equal to that in Gen. 2 despite the larger number 

of nozzle orifices (12 instead of 7) is to reduce injection pressure from 300 bar down to 

220 bar, while keeping the 1 mm orifice diameter. This strategy may be preferred because 

of the potential pressure limitations of either the hydrogen gas storage system or the 

injector itself. If a hydrogen gas pump is not installed on board of the vehicle, this strategy 

would allow a longer range to be traveled using the high-pressure DICI combustion mode 

before the pressure of the hydrogen storage system falls below the required injection 

pressure. 

Figure 8.8 shows injection rate, rate of heat release, and pressure traces for the Gen. 1, 3, 

and 4 cases (also see Table 8.1). As seen in the Gen. 4 case (Pinj = 220 bar), the injection 

rate drops considerably toward the EOI. This is caused by the rising in-cylinder pressure, 

which approaches close to the injection pressure. As a result, the pressure differential 

between the injector and the cylinder becomes low enough to affect the injection rate 

considerably. Notably, the heat release and pressure traces for the Gen. 3 and Gen. 4 cases 

are very similar. The fuel energy distribution is also almost the same between the two cases, 
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even though Gen. 4 has slightly lower HT and higher exhaust losses (Figure 8.9). These 

observations suggest that the strategy of increasing the number of nozzle orifices while 

maintaining relatively constant injection rate leads to similar improvements in the 

combustion process (more intrinsic jet mixing, less global mixing), regardless of the 

method to maintain constant injection rate – smaller orifice diameter or lower injection 

pressure. 

 

Figure 8.8. Injection rate, heat release rate, and pressure traces for the DICI H2 Gen. 1, 

Gen. 3, and Gen. 4 cases. 
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Figure 8.9. Fuel energy distribution between gross indicated piston work (GIW), exhaust 

enthalpy, heat transfer (HT) losses, and combustion losses for the Hydrogen Gen. 1, Gen. 

3, and Gen. 4 cases. 

8.3. Maximizing fuel injection rate 

Another hypothesis proposed in Section 8.1 to increase the amount of fuel burned in the 

turbulent jet mixing dominated phase of combustion is to maximize the volumetric flow 

rate capacity of the injector, and hence the fuel injection rate. This is achieved by either 

increasing the diameter of the twelve nozzle orifices from 0.76 mm to 1 mm (if starting 

from Gen. 3), or by raising injection pressure from 220 bar back up to 300 bar (if starting 

from Gen. 4). 
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Figure 8.10 shows the changes in heat release and pressure traces of DICI H2 combustion 

with higher fuel volumetric flow rate. The RoHR early in the cycle is substantially higher 

with Gen. 5 than that with the Gen. 1 and 3 cases. In fact, it is approximately twice as high 

compared to Gen. 1. Combustion phasing (CA50) is advanced by over a factor of two, and 

combustion duration (CA90) is halved, as reported in Table 8.3. 

 

Figure 8.10. Injection rate, heat release rate, and pressure traces for the DICI H2 Gen. 

1, 3, and 5 cases. 
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Table 8.3. Combustion phasing and duration for the CDC and DICI H2 combustion 

cycles represented by CA50 and CA90, respectively. 

 Gen. 1 Gen. 3 Gen. 5 

CA50 [CA˚ ATDC] 15.0 9.8 6.9 

CA90 [CA˚ ATDC] 55.7 36.8 26.7 

HR% before jet-

piston collision [%] 

17.0 74.5 66.5 

 

However, the goal of increasing the amount of fuel burned in the turbulent jet mixing 

dominated phase does not seem to be fulfilled. Table 8.3 shows that the percentage of heat 

release before jet-piston collision is lower with Gen. 5 compared to Gen. 3. Figure 8.11 

shows that the Gen. 5 case has the highest indicated efficiency among all DICI H2 

combustion cases, at 45.5 %, exceeding the High-T CDC and approaching the reference 

CDC case. However, the improvements in the Gen. 5 case compared to Gen. 3 are achieved 

not because of the reduced global momentum-dominated mixing component, but owing to 

the earlier combustion phasing (Table 8.3). This strategy has its disadvantages, one of 

which is the high pressure rise rate, and consequently, expected high level of engine noise 

and, possibly, induced pressure waves giving rise to a phenomena called “diesel knock”. 
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Figure 8.11. Fuel energy distribution between gross indicated piston work (GIW), 

exhaust enthalpy, heat transfer (HT) losses, and combustion losses for the reference 

CDC, high-temperature CDC, and Hydrogen Gen. 1, Gen. 3, and Gen. 5 cases. 

Another issue with the strategy of increasing injection rate with Gen. 5 is the highest 

incomplete combustion loss among all other cases. The challenges that were already 

noticed with Gen. 3 and Gen. 4 have just been exacerbated with this case. The following 

Section 8.4 addresses this issue in detail, explaining the reasons behind it, and giving 

recommendations for future improvements. 

8.4. Incomplete combustion losses 

In this section, the reasons behind the larger incomplete combustion losses with turbulent 

jet-mixing dominated combustion mode are investigated. DICI H2 Gen. 3 and 5 cases are 
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chosen as the object for the bulk of the analysis owing to their larger amount of unburned 

H2. A jet-centerline vertical slice of the cylinder is made at 60 CA˚ ATDC and colored with 

H2 and O2 mole fractions. This is presented in Figure 8.12. The choice of the timing is 

predicated on two considerations: (1) it must be late enough to show the remaining fuel 

and oxidizer after most possible reactions have occurred, (2) it must be early enough in the 

cycle to avoid excessive distortions of the O2 and H2 distributions in the cylinder due to 

piston’s downward motion. 
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Figure 8.12. H2 and O2 vertical mole fraction slices taken at the cylinder center late in 

the cycle (60 CA˚ ATDC). 
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Figure 8.12 shows that for Gen. 5 the unreacted H2 is concentrated within the outer 

periphery of the piston bowl, whereas the unreacted O2 is mainly located in two other 

regions of the combustion chamber: (1) near the center, and (2) near the liner. It is also 

seen that the unburned H2 with Gen. 3 is more evenly distributed above the piston bowl, 

and the concentration of O2 near the cylinder center is not as high as in Gen. 5. 

However, because a cylinder volume is a non-linear function of the radius (V ~ r2), it is 

unclear where O2 is concentrated more, in the center, or near the liner. To clarify this point, 

a number of cylinder-shaped vertical slices are made at different radial distances from the 

cylinder center. The mass of the O2 species is integrated over these slices and normalized 

with respect to the highest value. The resultant total normalized mass of O2 molecules at 

different radial locations are presented in Figure 8.13. 

 

Figure 8.13. Unreacted O2 integrated at different radial distances from the cylinder 

center for DICI H2 Gen. 3 and 5 cases at 60 CA˚ ATDC. 
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It is observed that in the Gen. 5 case the unreacted O2 is concentrated in two general 

locations: 

1. Near the cylinder center, between 10 and 30 mm radii, 

2. Near the cylinder liner, outside the 44 mm radius. 

With Gen. 3, however, the O2 mass near the cylinder center is significantly reduced. This 

is the result of the larger amount of H2 near the cylinder center, as seen in Figure 8.12, 

which reacts with O2 and consumes it. Nevertheless, the reasons for significant presence 

of unreacted O2 near the cylinder liner for Gen. 3 and near the cylinder center and the liner 

for Gen. 5 are analyzed and discussed in Sections 8.4.1 and 8.4.2. 

8.4.1. Unreacted O2 near the cylinder center 

The root cause for the high O2 concentration between the 10 and 30 mm radii from the 

cylinder center is illustrated in Figure 8.14. It is the characteristic shape of the hydrogen 

jets and the not-fully-optimized cylinder head and piston shapes that result in the significant 

amount of unreacted O2, hence unburned H2. To alleviate this issue, a further optimization 

of the piston, and possibly, cylinder head designs is necessary. An alternative solution 

could be to implement short post-injections with low injection rates, which would likely 

eliminate most the fuel and oxidizer in the central region of the cylinder. 
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Figure 8.14. Vertical temperature slices at the cylinder center showing the cylinder 

regions near the nozzle that are not covered by H2 jets. 

8.4.2. Unreacted O2 near the cylinder liner 

The high O2 concentration near the cylinder liner might be originating from two sources, 

the crevice volume and the squish volume. Their relative significance in the Gen. 5 case is 

estimated in the following. 

The global air-fuel equivalence ratio (λ) is set at 1.17, hence, to achieve a combustion 

efficiency (ηc) of 100 %, 83 % of O2 molecules (by mass) have to be reached by H2 

molecules. However, the actual ηc is 96.6 %, suggesting that only 80.2 % of O2 molecules 

are reached. The remaining 19.8 % of O2 are left unreacted, and are distributed over the 
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combustion chamber according to Figure 8.13. The maximum fraction of the crevice 

volume relative to the entire cylinder volume is 0.9 % (maximum at TDC and reduces 

during expansion), which is also the maximum fraction of the total O2 mass that may be 

trapped in the crevices. Then, the fraction of the unburned O2 that may originate from the 

crevices cannot exceed 0.9 / 19.8 × 100 ≈ 4.5 % at any point during the cycle. If we define 

the unreacted O2 near the cylinder liner to be located outside the 44 mm radius (to the right 

from the local minimum in Figure 8.13), then that would amount to 47.5 % of the total 

unreacted O2. Thus, only around 4.5 / 47.5 × 100 ≈ 9.5 % of unburned oxygen near the 

cylinder liner can possibly come from the crevices in the Gen. 5 case (as the upper limit). 

This suggests that most of the unburned O2 near the liner (at least 90.5 %) is actually 

originating from the squish volume. This conclusion may also be supported by the fact that 

the case with the standard piston bowl (Gen. 1), which has similarly-sized crevices, enabled 

the much higher ηc of 99.7 %. 

The reason for the significant unreacted O2 concentration in the squish volume, and hence, 

the relatively high combustion loss, may be inferred from Figure 8.12. The unburned H2 is 

concentrated within the outer periphery of the piston bowl, never reaching the squish 

volume, where approximately half of the remaining O2 is located for Gen. 5 case. A further 

optimization of the combustion chamber shape may solve the issue. This may involve 

removing the piston top land and potentially using a cylinder liner equipped with a fire 

ring.  

8.5. Engine noise 

The anticipated engine noise in this study is qualitatively estimated using the calculated 

maximum pressure rise rate, which typically has the dominant effect on the engine noise 
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[141]. It is calculated according to Equation (8.1), and the results of the calculations are 

reported in Figure 8.15. 

 
P RR,max = max (

dP

dCA°
) 

(8.1) 

 

 

Figure 8.15. Maximum pressure rise rate for all combustion concepts considered in this 

work. 

Figure 8.15 shows that the CDC and DICI H2 combustion concepts may have very similar 

maximum pressure rise rates, hence engine noise, despite being governed by different fuel-

air mixing phenomena. Only the DICI H2 Gen. 5 case has around a factor of two higher 

pressure rise rate due to the rapid non-premixed combustion. With Gen. 3, on the other 

hand, the high value is explained by a premixed heat release spike observed in Figure 8.8 

at 0 CA˚ ATDC, which can be avoided by adjusting the timing and mass of the pilot 



332 
 

injection, or by adopting the Gen. 4 strategy instead, the performance of which was shown 

to be very similar to that of Gen. 3 (see Section 8.2.2.2). 

 

8.6. Summary and conclusions 

In this chapter, a hydrogen direct-injection compression-ignition (DICI) engine is 

investigated computationally, and an optimization path specific to this type of engines is 

outlined and tested. The following are the conclusions of this study: 

1. Maximizing the intrinsic turbulent jet-mixing component of combustion, while 

minimizing the momentum-dominated component, enables more favorable heat release 

profiles (higher rate and shorter tail) with the DICI H2 combustion concept. 

2. Jet-mixing dominated H2 combustion can be achieved by: 

(a) Using wider piston bowl designs, 

(b) Piston bowl profiles adapted to the shape of H2 jets, 

(c) Larger number of nozzle orifices. 

3. Jet-mixing dominated combustion mode enabled over 35 % lower wall heat transfer 

losses via minimized jet-wall contact, which combined with more favorable heat 

release rate, led to an increase in the indicated efficiency of 2.2 %-points. 

4. Achieving low incomplete combustion losses with the jet-mixing mode at high fueling 

rates is a challenge, which may be overcome by additional modifications to the 

combustion system: 
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(a) Implementation of a small post-injection, 

(b) Removal of the piston top land, 

(c) Further adaptation of the piston shape (non-axisymmetric designs). 

5. Maximizing fuel injection rate does not seem to improve the intrinsic combustion 

characteristics – it only advances combustion phasing and increases the amount of 

unburnt fuel. 
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9. HYDROGEN VERSUS DIESEL COMBUSTION IN THE DCEE 

In this chapter, the CI hydrogen and diesel combustion concepts simulated in Chapter 8 are 

implemented in the combustor unit of the DCEE to investigate its performance and 

potential. The results of this study show that hydrogen fuel may effectively be used in the 

DCEE, and high brake thermal efficiencies are reported. 

9.1. DCEE model components 

1D system simulations of the DCEE are performed using the GT-Power [82] engine 

simulation software. The layout of the 1D model is presented in Figure 9.1. It consists of 

the compressor, combustor, and expander units, every one of which is represented by an 

engine cylinder object. Each unit is connected to a single engine cranktrain mechanism. 

Operation of the compressor and expander is offset by 180˚ relative to the phasing of the 

combustor unit. As mentioned previously, the former two are two-stroke machines, 

whereas the latter one is four-stroke. The physical dimensions of each unit are given in 

Table 9.1. 
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Figure 9.1. Layout of the DCEE system. 

Table 9.1. Specifications of each dedicated unit of the DCEE. 

 Compressor Combustor Expander 

Bore [mm] 170 +, 180 ++ 131 225 *, 230 ** 

Stroke [mm] 158 158 158 

Compression ratio [-] 159 11.7 159 

Displacement [dm3] 3.59 2.13 6.28 

 

* For Ref. CDC, High-T CDC, and DICI H2 Gen. 5; 

** For DICI H2 Gen. 1, 3, and 4. 
+ For Ref. CDC 
++ For High-T CDC, and DICI H2 Gen. 1, 3, 4, and 5. 
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9.2. Heat transfer modeling 

9.2.1. Compressor unit 

Heat transfer in all cylinders is modeled with the WoschniGT model [82]. The compressor 

unit’s piston temperature is set at the cylinder oil temperature of 360 K for all cases, which 

is equal to the experimentally measured oil temperature for the CDC case. The cylinder 

liner and head temperatures are set to be equal to the measured coolant temperature of 355 

K. Convection and radiation heat transfer multipliers of 1.0 are selected for the compressor 

unit as the most reasonable assumption, for lack of more accurate data. The multipliers are 

changed to 0.1 in the cases with insulated compressor. 

Heat transfer in the inlet and exhaust ports and manifolds of the compressor unit is modeled 

using the calculated wall temperature method, where it depends on the port material and 

coolant temperature. The Colburn heat transfer correlation is adopted in the model. 

9.2.2. Combustor unit 

In all simulated cases, the combustor unit’s piston, liner, and head temperatures are set at 

800 K, 610 K, and 740 K, respectively. These values are taken from the 3D CFD 

simulations for consistency, which in turn were estimated from experimental data. The 

convection heat transfer multiplier is set at different values, depending on the temporal 

location within the cycle, and adjusted to fit the wall heat flux profile obtained via 3D CFD. 

The fitted multipliers are given in Table 9.2. Radiation heat transfer multiplier of the 

combustor unit is set at 1.0 for all cases. 
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Table 9.2. Combustor unit’s convection heat transfer multiplier. 

  
Int. + Comp. 

strokes 

Exp. + Exh. 

strokes 

CDC 
Reference 0.47 0.96 

High-T 0.40 1.06 

DICI H2 

combustion 

Gen. 1 0.40 0.81 

Gen. 3&4 0.60 0.40 

Gen. 5 0.60 0.55 

 

Heat transfer in the inlet and exhaust ports of the combustor unit is modeled using the 

imposed wall temperature method. The wall temperatures are set according to 

experimentally measured values of 367 K and 406 K for the intake and exhaust ports, 

respectively. The heat transfer multiplier for the intake ports is set at 1.5, while that for the 

exhaust ports is either 1.0 or 0.0, depending on the case (uninsulated- versus insulted-port 

cases). Heat transfer in the intake and exhaust manifolds, on the other hand, is modeled 

using the calculated wall temperature method, like with the compressor unit. 

9.2.3. Expander unit 

Because of the lack of the expander experimental data, heat transfer modeling in the 

expander unit is performed in a slightly different manner. Instead of specifying wall 

temperatures directly, a finite-element cylinder wall temperature solver is implemented in 

GT-Power, with specified geometrical and material parameters of the piston-cylinder-head 

assembly and the adjacent valves and ports. Both the convection and radiation heat transfer 

multipliers are set at 1.0, unless the expander is assumed insulated, in which case the 

multipliers are set at 0.1. 
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Heat transfer in the inlet ports and manifold of the expander unit is set to zero (adiabatic), 

assuming their perfect insulation. Heat transfer in the exhaust ports of the expander unit is 

modeled using the imposed wall temperature method (450 K) and Colburn correlation, 

while exhaust manifold is modeled using the calculated temperature method. 

9.3. Friction modeling 

Friction loss estimation in this work is performed by adopting a simple FMEP model – a 

linear function of the PCP. This correlation is adopted from [14], and presented in Equation 

(9.1): 

 
FMEP =

C1

C2
PCP 

(9.1) 

where, FMEP is a friction mean effective pressure, PCP is peak cylinder pressure (during 

combustion), C1 – first correlation coefficient (set at 1.2), C2 – second correlation 

coefficient (set at 200). The choice of this model is predicated on the observation that the 

FMEP correlates strongly with the PCP, as concluded by considering [14, 142-144]. This 

may be explained by the need for larger bearings, higher levels of piston ring tension, and 

overall more robust and heavy-duty structure of the engine, operating at higher PCPs. 

Figure 9.2 illustrates the adopted FMEP correlation, along with the measured values from 

the literature. It is observed that this approach yields conservative estimations of the 

friction losses. 
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Figure 9.2. Linear FMEP correlation [14] adopted in this work in comparison to the 

measured FMEP values reported in [142-144]. 

9.4. 1D model calibration 

The 1D model of the DCEE is calibrated against the previously validated 3D CFD 

simulation results. The combustion cycles obtained from CFD are imposed in the 

combustor unit of the DCEE. The models are calibrated against all operating points using 

the following metrics: 

1. In-cylinder pressure and chemical heat release 

2. In-cylinder mean temperature 

3. Heat transfer rate to the cylinder walls 

4. Pressure and temperature at IVC 

5. Pressure and temperature at EVO 
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6. Trapped in-cylinder mass 

7. Global equivalence ratio 

The calibration is performed by adjusting the displacement of the compressor and expander 

units, convection heat transfer multipliers at different stages in the cycle, expander IVC 

timing, and cooling load of the charge air cooler. 

9.5. Baseline DCEE efficiency and losses 

Results of the entire DCEE system simulations are presented and discussed in this section. 

Figure 9.3 shows the fuel energy distribution between the brake useful system work, 

friction, exhaust, charge air cooler, and heat transfer losses for the CDC and DICI H2 

combustion cases. Note that the incomplete combustion losses are not included in this chart 

because all unburned fuel is assumed to have oxidized in the catalyst incorporated inside 

the HP tank of the DCEE. Hence, otherwise to be combustion losses, are partly used in the 

expander to produce more work, and partly expelled as exhaust losses. 

Brake system work, which taken as a percentage of the fuel energy input, is equivalent to 

the BTE of the powertrain, is the highest with the DICI H2 Gen. 5, followed closely by 

Gen. 3&4 cases. Heat transfer losses in the entire system are significantly lower with Gen. 

3 – 5 cases, which is expected since combustor is the dominant contributor to the total heat 

transfer losses in the system, and combustor heat transfer is substantially lower with the 

optimized DICI H2 combustion.  

The amount of heat rejected via the charge air cooler are larger with the DICI H2 cases 

compared to the equivalent High-T CDC (with equal peak motoring temperature). This is 

explained by the higher in-cylinder pressures and temperatures at EVO (see Figure 9.4), 
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which lead to a larger amount of in-cylinder residual gases at higher temperatures after the 

end of exhaust stroke. As a result, the cooling load on the CAC must also be raised. 

Friction losses for all cases are relatively equal, while exhaust losses for the DICI H2 cases 

are higher, which is the result of the generally higher combustor EVO pressures and 

temperatures (Figure 9.4), reduced intercooling, and larger amount of unburned fuel in the 

combustor cylinder of the DCEE, which ends up burning later in the DCEE cycle. Note 

that the relative distribution of fuel energy between the exhaust losses and brake system 

work cannot be explained on the basis of Figure 9.3, thus another type of analysis is 

performed and discussed in the following. 

 

Figure 9.3. Fuel energy distribution between brake system work, friction, exhaust, charge 

air cooler (CAC), and heat transfer (HT) losses for the reference CDC, high-temperature 
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CDC, and DICI H2 Gen. 1, Gen. 3&4, and Gen. 5 cases with insulated exhaust ports of 

the combustor unit. 

 

Figure 9.4. In-cylinder pressure and temperature at exhaust valve opening (EVO) for the 

CDC and DICI H2 combustion cases. 

Figure 9.5 to Figure 9.9 present the distribution of fuel energy in the form of engine energy 

flow, starting from the work produced in the combustor unit, followed by the loss of work 

due to gas exchange in the combustor unit, and compression process in the compressor 

unit. This is followed by production of useful work in the expander unit and destruction of 

potential work due to friction losses, finally arriving at the brake work output of the entire 

system. Note that the combustor GIEs in this section do not necessarily match the GIEs 

presented in Chapter 8 because of the limitations of the closed-cycle CFD simulations in 

the latter, where the parts of the cycle before the IVC and after the EVO were reconstructed 

using an isentropic relation. This is, however, not the case in the current section, where the 

actual gas exchange process is modeled, which yields slightly different combustor GIE 
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values. It should be emphasized that, despite the discrepancies, the thermodynamic cycle 

parameters obtained from the 3D and 1D simulations still match during the closed-volume 

phase, as discussed in Section 9.4. 

 

Figure 9.5. Engine energy flow from compressor to expander of the DCEE concept using 

the reference CDC in the combustor with insulated exhaust ports. 
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Figure 9.6. Engine energy flow from compressor to expander of the DCEE concept using 

the high-temperature CDC in the combustor with insulated exhaust ports. 

 

Figure 9.7. Engine energy flow from compressor to expander of the DCEE concept using 

the DICI H2 combustion Gen. 1 in the combustor with insulated exhaust ports. 
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Figure 9.8. Engine energy flow from compressor to expander of the DCEE concept using 

the DICI H2 combustion Gen. 3&4 in the combustor with insulated exhaust ports. 

 

Figure 9.9. Engine energy flow from compressor to expander of the DCEE concept using 

the DICI H2 combustion Gen. 5 in the combustor with insulated exhaust ports. 
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Figure 9.5 and Figure 9.6 show that, even though, as a result of the slower heat release, the 

GIW of the combustor unit is lower with the High-T CDC case compared to the reference 

CDC, the BTEs of the entire DCEE system are not far apart. The work lost in the combustor 

is compensated with a lower negative compressor work and CAC loss, the latter of which 

is included in gas exchange component. The negative compressor work is lower due to the 

compressors smaller size, which could be reduced because of a smaller heat loss in the LP 

part of the DCEE, hence overall higher pressures for the same cylinder displacement. This 

showcases how insensitive the DCEE concept is to the changes in the combustion cylinder 

intake temperatures, which enables its efficient operation with high-octane-number fuels, 

such as hydrogen and potentially methane, methanol, ammonia, etc. 

Comparing the high-T CDC case (Figure 9.6) with DICI H2 combustion cases (Figure 9.7 

to Figure 9.9), it is observed that the useful work produced by the expander unit is larger 

with the latter three. This is because of the lower combustor heat transfer loss and higher 

exhaust pressures and temperatures, which is also consistent with the energy distribution 

diagram presented in Figure 8.11. An exception is Gen 5, which despite having lower 

combustor exhaust energy, still has a relatively high expander work. This is explained by 

the relatively large amount of unburned fuel in the combustor unit, which ends up oxidizing 

in the HP tank, thus adding more energy for the expander to extract as work. Gen. 5 also 

has the highest BTE, which suggests that optimization of the combustor unit is more 

important than that for the rest of the DCEE system. 

9.6. Charge air cooler losses 

The charge air cooler (CAC) is used in the DCEE to ensure high volumetric efficiency and 

low gas specific heat ratio for the combustor unit, which effectively lead to an overall 
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improved performance of the DCEE [145]. The benefits of intercooling on the burning rate 

and heat transfer losses in the combustor unit were previously shown to be minor. 

However, one of the limitations of the previous analyses was the assumption of constant 

inlet pressures, and hence the PMPs, of the combustor unit, regardless of the level of 

intercooling. If the pressure is allowed to change freely with the intercooling load, then the 

effects of the CAC on the efficiency of the DCEE are not always positive. 

A parametric study of the effects of the CAC on the DCEE system losses with and without 

the restrictions on the combustor PMP is carried out in this work. Table 9.3 reports 

important system parameters affected by the removal of the intercooling. Some notable 

effects are the increase in the temperatures and pressures in the combustor inlet manifold, 

HP tank and expander inlet manifold, while the global equivalence ratio in the combustor 

unit remained unchanged. Figure 9.10 (w/o CAC), compared to Figure 9.5 (with CAC), 

shows that, as concluded in [145], the combustor indicated efficiency reduces when no 

intercooling is applied (w/o CAC), and the negative compressor work increases, as a result 

of the higher LP tank pressures. However, the improvements in the positive expander work 

offset the drawbacks upstream of the expander, leading to a 0.2 %-points higher BTE of 

the entire system. The expander work improvements are the result of the higher HP tank 

pressures and temperatures, which in turn, arise from the overall increased combustor 

pressures and temperatures (see Table 9.3). 

Note that the combustor pressure level could also be increased without removing the CAC; 

however, this would require a larger compressor unit, hence more negative compression 

work. As shown in Figure C.2 (top right plot) and Table C. in the Appendix, the tradeoff 

would overall be unfavorable. Removing the intercooling but restricting the combustor 
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inlet pressure would, on the other hand, yield lower combustor and expander work output, 

which should also be avoided (see Appendix, Figure C.2, bottom left plot). Also note that, 

considering the higher PMP in the combustor unit for the non-intercooled case, the 

effective compression ratio of the entire DCEE is also higher, at around 47:1 instead of the 

previous 40:1 (assuming γ = 1.36 with the EGR). Taking into account that the higher 

effective compression ratio did not yield better results for the intercooled case (see Figure 

C.2 in the Appendix), it is also concluded that the optimum compression ratio with no 

intercooling is higher. 

The above discussion suggests that the pressure level, at which the 3D CFD simulations of 

the DICI H2 combustion were performed, is not optimum for the DCEE system efficiency. 

Recall that the inlet temperatures were raised to achieve easier ignition of H2 pilots, hence 

less intercooling was applied. However, higher pressure levels may also impose more strict 

requirements on the gaseous fuel injection system, thus a careful consideration of the 

tradeoffs should be carried out before the future attempts on the further system 

optimization. 

 

 

 

 

 



349 
 

Table 9.3. DCEE system parameters with and without intercooling (CAC) for the 

reference CDC and DICI H2 Gen. 3&4 cases, with no restrictions on the combustor inlet 

pressures. 

 Reference CDC DICI H2 Gen. 3&4 

 
With CAC 

Without 

CAC 
With CAC 

Without 

CAC 

Combustor inlet T [K] 333.81 528.81 421.19 514.21 

Combustor inlet P [bar] 5.10 7.14 5.49 6.41 

Combustor global λ 1.368 1.362 1.202 1.198 

Combustor trapped 

mass [mg] 

10201.94 9997.75 8415.76 8379.78 

Combustor PMP [bar] 147.66 185.68 148.91 166.44 

Combustor PCP [bar] 206.61 231.17 200.75 213.53 

HP tank and Expander 

inlet T [K] 

899.89 1007.26 1022.27 1074.93 

HP tank and Expander 

inlet P [bar] 

7.74 8.37 7.63 8.18 
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Figure 9.10. Engine energy flow from compressor to expander of the DCEE concept 

using the reference CDC in the combustor with insulated exhaust ports and without the 

charge air cooler. 

Gen. 3&4 of the DICI H2 combustion system were selected to perform similar type of 

analysis on the effects of the CAC. Comparing Figure 9.11 with Figure 9.8, similar 

conclusions to those with the CDC are drawn. Despite the lower combustor indicated 

efficiency and higher negative compressor work, the system BTE is 0.5 %-points higher 

without intercooling, as a result of the significantly increased expander positive work.  
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Figure 9.11. Engine energy flow from compressor to expander of the DCEE concept 

using the DICI H2 combustion Gen. 3&4 in the combustor with insulated exhaust ports 

and without the charge air cooler. 

Note that the HP tank and expander inlet temperatures increased quite significantly with 

the removal of the CAC, reaching especially high values with the DICI H2 combustion 

cases, as seen in Table 9.3. Temperatures in the range of 1000 K may cause thermal 

corrosion of the HP tank materials. Solutions to this issue may include the use of different 

metal alloys and/or more dilute operation of the combustor unit. Considering that the 

former option will increase the price of the powertrain, the latter is more appealing, 

especially in the case of H2 combustion, which owing to the different stoichiometry, may 

be implemented at a higher λ while keeping the same EGR ratio. 
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9.7. Compressor and expander insulation 

Compressor and expander units of the DCEE were specifically designed to allow their 

effective insulation. This involves unique valve design, flat cylinder heads, and the use of 

temperature “swing” coating on the piston [146, 147]. Note that, due to the fact that there 

is no fuel injection or combustion in the expander unit, the usual challenges associated with 

the use of temperature “swing” coatings, such as unburned hydrocarbons and buildup of 

soot, would not be faced in the expander unit of the DCEE, thus increasing their 

effectiveness and ease of use. 

In the current 1D study, to simulate the effects of insulation on the compressor and 

expander units, the heat transfer multipliers (both convection and radiation) in these 

components of the model are set at 0.1 instead of the usual 1.0. The results of these 

simulations are presented in this section. Note that the heat transfer in the compressor unit 

is generally low due to its operating temperatures, as seen in Figure 9.12. Thus, compressor 

insulation may be avoided taking into account additional costs. However, expander heat 

transfer is significant, in the range of 4 % of fuel energy, hence expander insulation is 

justified. 
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Figure 9.12. Wall heat transfer as a percentage of fuel energy for the compressor, 

combustor, and expander units in the Reference CDC case without intercooling and 

cylinder insulation. 

The results of simulations with insulated compressor and expander units and no 

intercooling show a minor deterioration in the performance of the compressor and 

combustor units, which includes slightly larger negative compressor and gas exchange 

work (see Figure 9.13 and Figure 9.14 versus Figure 9.10 and Figure 9.11). However, the 

improvements in the positive expander work are much more significant, 1.6 % and 1.7 % 

of fuel energy for the reference CDC and DICI H2 Gen. 3&4 cases, respectively. The 

improved expander performance is the result of not only reduced heat transfer losses in the 

expander itself, but also a more favorable ratio of pressure and temperature in HP tank and 

expander inlet. As seen in Table 9.4, the HP tank and expander inlet pressures increased 

with insulation, while the temperatures reduced, thus allowing less work to be lost to the 

exhaust. The increased pressure in the HP part of the system also carries through to the LP 
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part, thus causing a higher λ in the combustor unit, which in turn, leads to the lower 

temperatures in the exhaust of the combustor and inlet of the expander. 

Table 9.4. DCEE system parameters with and without compressor and expander 

insulation for the reference CDC and DICI H2 Gen. 3&4 cases, assuming no intercooling 

and no restrictions on the combustor inlet pressures. 

 Reference CDC DICI H2 Gen. 3&4 

 Unins. Ins. Unins. Ins. 

Combustor inlet T [K] 528.81 530.89 514.21 514.95 

Combustor inlet P [bar] 7.14 7.28 6.41 6.52 

Combustor λ 1.362 1.398 1.198 1.214 

Combustor trapped mass 

[mg] 

9997.75 10142.40 8379.78 8510.93 

Combustor PMP [bar] 185.68 189.56 166.44 168.18 

Combustor PCP [bar] 231.17 234.21 213.53 216.01 

HP tank and Expander 

inlet T [K] 

1007.26 1005.70 1074.93 1071.95 

HP tank and Expander 

inlet P [bar] 

8.37 8.63 8.18 8.43 
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Figure 9.13. Engine energy flow from compressor to expander of the DCEE concept 

using the reference CDC in the combustor with insulated exhaust ports, assuming 

insulated compressor and expander units and no intercooling. 
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Figure 9.14. Engine energy flow from compressor to expander of the DCEE concept 

using the DICI H2 combustion Gen. 3&4 in the combustor with insulated exhaust ports, 

assuming insulated compressor and expander units and no intercooling. 

As seen in Figure 9.15, with insulated compressor and expander, and without the CAC, the 

DCEE with all combustion concepts considered has significantly lower heat transfer losses 

(cylinder + CAC), but higher exhaust losses, compared to the baseline variant. The tradeoff 

is overall positive, yielding the highest BTE of 55.9 % with the DICI H2 Gen. 3&4 cases. 

Thus, among all H2 combustion cases considered, Gen. 3&4 are also the best, not only from 

the efficiency standpoint, but also because of  their relaxed requirements on the fuel 

injection system, lower engine noise (compared to Gen. 5, see Section 8.5), and likely 

lower NOx emissions (as will be further explored in a future study). Furthermore, the 

elimination of most of the incomplete combustion losses in the combustor unit should yield 
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even higher BTE for the DICI H2 combustion cases, even though it is not of the highest 

importance, owing to the possibility of H2 oxidation in the HP tank. 

 

Figure 9.15. Fuel energy distribution between brake system work, friction, exhaust, and 

heat transfer (HT) losses for the reference CDC, high-temperature CDC, and DICI H2 

Gen. 1, Gen. 3&4, and Gen. 5 cases with insulated compressor, expander, and exhaust 

ports of the combustor unit, and assuming no intercooling. 

It should be noted that insulation of the compressor and expander would not be as effective 

without removing the CAC loss. As presented in Figure C.3 the Appendix, the deterioration 

of the expander performance would reduce the entire system efficiency by 0.5 %-points, 

which is also consistent with the results from Section 9.6. 
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9.8. Benefits of hydrogen over diesel combustion in the DCEE 

Finally, the entire system BTE is presented in Figure 9.16. It is seen that the DICI H2 

combustion has a greater potential than the CDC for modern engines like the DCEE. This 

is because of the few factors highlighted in this and the previous study. First, the non-

premixed H2 combustion approach offers a larger molar expansion compared to the CDC, 

as discussed in detail in Section 7.1. Second, the lack of soot emissions allow minimization 

of the intense momentum-dominated global mixing, typically used in modern diesel 

engines for a better soot-NOx tradeoff. The minimized global mixing enables significantly 

lower heat transfer losses in the combustion cylinder, which unlike the exhaust energy, 

cannot be effectively used in the expander unit or other waste heat recovery systems of 

modern engines. Additionally, due to a different stoichiometry of hydrogen combustion, 

the engine may also be operated at higher levels of dilution, either with air or EGR. The 

former would lead to further improved indicated efficiency, while the latter would enable 

lower NOx emissions (and potentially heat transfer), without the typically associated 

increase in soot emissions.  
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Figure 9.16. Brake thermal efficiency of the entire DCEE system using the DICI H2 

combustion versus the CDC in the combustor unit with uninsulated and insulated exhaust 

ports. 

9.9. Summary and conclusions 

In this study, all variations of the DICI H2 combustion concept developed previously, along 

with the CDC, are computationally integrated into the DCEE to estimate its system 

performance. The following are the conclusions of this work: 

1. DICI H2 combustion in modern engine concepts, such as the DCEE, may enable around 

56 % brake thermal efficiency. 

2. Among all the H2 combustion system variants tested, Gen. 3 and 4 showed the best 

performance in the DCEE. 
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3. The CI H2 combustion has a greater potential than the conventional diesel combustion 

because of the minimized heat transfer, which is possible owing to the lack of the soot-

NOx tradeoff. This, combined with a larger molar expansion, results in at least 1 %-

point higher BTE with H2 combustion compared to diesel, with a potential for further 

improvements. 

4. Removal of the intercooling improves the BTE by 0.5 %-points, but causes higher HP 

tank temperatures, which may promote thermal corrosion of its materials. 

5. Compressor and expander insulation gives additional 1.3 %-points on top of the BTE 

improvements achieved by eliminating the intercooling losses. 

6. The DCEE performance is insensitive to the combustion cylinder intake temperatures, 

thus making it suitable for use with high-octane fuels, such as hydrogen, methane, 

methanol, ammonia, etc. 
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10.  DISSERTATION SUMMARY 

This Ph.D. dissertation aims to develop a clean and efficient combustion system for a 

highly-efficient split cycle engine concept – the double compression-expansion engine 

(DCEE). It started with a comparative analysis of the life-cycle greenhouse gas (GHG) 

emissions attributed to driving modern vehicles powered by conventional and hybrid 

powertrains, to those associated with other modes of transport, such as bicycling and 

walking/running. The results of this study showed that the GHG emissions from the 

aforementioned modes of transport are comparable in magnitude, and depending on the 

situation, driving cars may even be more environmentally friendly than opting for other 

transportation methods. Consequently, a general motivation for a continued research of the 

internal combustion engine – the most popular energy conversion device for automotive 

applications – was provided. 

Consequently, the development of a combustion system most suitable for the DCEE was 

commenced, starting with an investigation of the isobaric combustion concept. It was 

shown how to achieve isobaric combustion with a conventional fuel injection system, how 

to operate the engine at different load points under the isobaric combustion constraints, and 

how to simplify the complex injection strategies required for this combustion concept, 

without impacting the engine performance and emissions. An in-situ injector 

characterization technique was developed to study the injection strategies and enable more 

accurate modeling of isobaric combustion using computational fluid dynamics (CFD) 

tools. The isobaric combustion concept was compared to the conventional diesel 

combustion (CDC) at different pressures, exhaust gas recirculation (EGR) rates, and 

compression ratios (CR). The results showed that isobaric combustion may reduce cylinder 
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wall heat flux by over 20 %, simultaneously improving the engine-out NOx emissions by 

a factor of two compared to the CDC. The lower heat transfer losses and increased exhaust 

enthalpy were regarded as positive for the DCEE due to its ability to use combustor exhaust 

gases in the expander unit during the second expansion stroke. A reduction in the CR 

further amplified the trend (heat transfer versus exhaust enthalpy), but negatively impacted 

the performance at higher engine loads. At certain conditions (λ < 2) isobaric combustion 

manifested drastically increased soot emissions, which was explained by a larger extent of 

spray-to-spray interactions with the multiple closely-phased injections from a single 

injector. Also, very high engine loads may not be trivial to achieve, especially with low 

CRs. 

To solve the issues mentioned above, a multiple fuel injector concept was investigated, as 

it enables a spatial stratification of injection events, as well as higher fuel injection 

capacity. These investigations were performed using the CDC with the model validity 

considerations in mind, at conditions relevant for the DCEE, i.e. high EGR rate and high 

load. Multiple fuel injectors per cylinder showed satisfactory performance at those 

conditions and 8 % lower heat transfer losses. The study also revealed that the injection 

strategies previously used with multiple fuel injectors do not provide adequate enough 

global mixing. Moreover, the previously used flat bowl design proved ineffective at high 

loads and low λ. Thus, alternative piston designs were studied, which improved the global 

mixing and thermodynamic characteristics of the engine. Additionally, 24% reduction in 

NOx emissions were achieved. However, the results of the analysis ultimately 

demonstrated the need to use isobaric combustion with multiple fuel injectors, and 

potentially, port-induced swirl. 
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CFD modeling setup for isobaric combustion was also developed in this dissertation for 

future detailed computational studies of the concept.  

Another combustion concept that was developed in this dissertation is the hydrogen direct-

injection (DI) compression-ignition (CI) combustion. It definitively solves the issue of the 

engine-out CO2 emissions, as the only major product of hydrogen combustion is water. 

Considering the recent developments in the hydrogen infrastructures, this technology is 

expected to be intensely studied in the near future. In this work, it was shown that the DICI 

H2 combustion concept can enable significantly higher engine efficiency than the 

drastically more common spark-ignition (SI) concept. This is not only due to the lack of 

knock limitations, higher volumetric efficiency, and other issues associated with premixed 

concepts, but also owing to a significant molar expansion available with the non-premixed 

approach adopted in this work, which increased the fraction of fuel energy converted to 

useful work by 2-4 %. Hydrogen is known to have a high research octane number (RON ≈ 

130), thus a hydrogen pilot ignition strategy was introduced to enable reasonable ignition 

delays. CFD modeling approach for the DICI H2 combustion concept was developed in 

this dissertation, which takes into account important peculiarities of hydrogen fuel. Then, 

the computational models were used to study the concept and compare it with diesel 

combustion. It was found that hydrogen jets, unlike diesel, do not exhibit significant air 

entrainment, are significantly faster in the beginning, but slow down drastically. CI 

hydrogen combustion also manifested more intense fuel-air mixing and heat release in the 

combustion phase dominated by intrinsic turbulent jet mixing. On the other hand, the 

momentum-dominated global mixing proved highly ineffective with H2. Thus, it was 

concluded that the latter phase must be minimized to improve the performance of the 
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combustion system. This may be done by adopting a wider piston bowl design, increasing 

the number of injector nozzle orifices, as well as the flow rate capacity of the injector. Also, 

the presence of vortices generated by H2 jets was revealed, which promote burning and 

improve combustion efficiency. 

Consequently, an optimization path for the DICI H2 combustion concept was laid out, and 

the engine combustion system was adapted in this dissertation taking into account the 

findings mentioned above. As expected, maximizing the intrinsic turbulent jet-mixing 

component of combustion, while minimizing the momentum-dominated component, 

enabled more favorable heat release profiles, 35% reduction in wall heat transfer, and as a 

result, 2.2 %-points higher indicated efficiency. This was achieved by using wider piston 

bowl designs, adapted bowl profiles, and larger number of nozzle orifices. The biggest 

challenge with the jet-mixing mode was also identified, which is incomplete combustion 

losses. This work made recommendations for improvements in this area, which include 

implementation of a small post-injection, removal of piston top land, and the use of non-

axisymmetric piston bowl designs. 

Finally, all developed variations of the DICI H2 combustion concept, along with the CDC, 

were computationally integrated into the DCEE to estimate its system performance and 

predict necessary modifications. The results showed which variation of the DICI H2 

combustion is overall best, and the DCEE system brake thermal efficiency (BTE) of around 

56 % was achieved. This study also showed that CI H2 combustion has much greater 

potential than the CDC, owing to the reduced heat transfer losses, larger molar expansion, 

and consequently superior efficiency. Removal of intercooling resulted in 0.5 %-point 

improvement in the BTE, while the expander unit insulation gave additional 1.3 %-points. 
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Finally, it was shown that the DCEE performance is insensitive to the combustion cylinder 

intake temperature, making it ideal for use with high-octane fuels, such as hydrogen, 

methane, methanol, ammonia, etc. 

The two combustion concepts studied independently in this dissertation (isobaric and DICI 

H2) may now be combined and effectively used in the DCEE. Thus, the necessary 

foundations for the development of a CO2-free high-efficiency energy conversion device 

were laid. 
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11.  FUTURE WORK 

In this PhD thesis, fundamentally two combustion systems, along with their numerous 

variations, were investigated to identify the most suitable strategy to be used in the 

combustor unit of the double compression-expansion engine. These are the isobaric 

combustion and the compression-ignition hydrogen combustion concepts. It was also 

shown how the multiple fuel injector concept may improve isobaric combustion. The 

following potential future studies may further improve our understanding of the above and 

provide guidance for future high-efficiency and zero-emission engine developments. 

11.1. Isobaric combustion using multiple fuel injectors 

Now that the pros and cons of isobaric combustion and multiple fuel injector system are 

known, it seems logical to combine the two concepts. This should help alleviate the 

shortcomings of both by reducing the spray-to-spray interactions and the associated higher 

soot emissions, as well as improve the limited rate of heat release with isobaric combustion, 

and the limited in-cylinder mixing and fresh air utilization with multiple fuel injectors. 

Such strategy is also expected to further enhance the advantages of both, such as the lower 

heat transfer losses and reduced NOx emissions. 

11.2. Experimental studies of high-pressure hydrogen injections 

In this work, only computational studies of the high-pressure hydrogen injection process 

were performed. Even though the models were reasonably well validated against 

experimental data, some important aspects of hydrogen injections remain unknown. First, 

it is not fully understood how the pressure levels at which injections are executed affect 

hydrogen jets. Experiments performed thus far do not represent the actual pressure 
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conditions found in modern heavy-duty engines. Thus, an important step is to develop a 

hydrogen “spray” rig and perform fundamental investigations on hydrogen jets in engine-

relevant conditions. This may also involve use of laser diagnostic techniques to gain deeper 

insights into sub-sonic and sonic under-expanded hydrogen jets, which should additionally 

improve the calibration and reliability of CFD models. 

High-pressure hydrogen fuel injectors are another direction for potential future research. 

As of now, there are no commercially available hydrogen injectors capable of injection 

pressures relevant for modern CI diesel engines. Hence, research collaborations with major 

fuel system development companies may be undertaken, prototype systems may be tested, 

thus advancing the development of this vital technology. 

Characterization of hydrogen injectors, potentially using the in-situ technique developed 

in this work, would also be of great interest. This should help better describe the CI 

hydrogen combustion process, and improve the reliability of the CFD models. 

11.3. Experimental studies of SI and CI hydrogen engines 

As of now, publicly available experimental data for hydrogen engines is extremely scarce. 

This is especially the case for CI hydrogen engines. Considering the current immense 

interest in hydrogen technologies around the world, there is a strong demand for high-

quality experimental research of SI and CI hydrogen engines. Thus, the future activities 

may start with the technology of a higher readiness level, which is the SI mode, and 

gradually progress toward the more efficient but apparently challenging CI mode. The 

findings from this thesis may be confirmed in the experimental phase of the engine 
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research, and the knowledge gained in the future activities described in Section 11.2 may 

be put to practical use.  

11.4. Further optimization of combustion system for CI hydrogen engines 

As suggested in this thesis, CI hydrogen combustion is substantially more effective in the 

intrinsic jet-mixing dominated mode, which requires a completely different optimization 

path for practical engine development. In this work, a number of modifications to the 

combustion system have already been implemented, yielding positive results; however, 

there is still a room for improvement. One of the limitations of this work was that the 

changes in piston geometry assumed its rotational symmetry. However, this does not have 

to be the case. In fact, non-axisymmetric piston designs, such as the WAVE piston 

illustrated in Figure 11.1, have already been used for a number of years. The piston shape 

expected to be effective with the jet-mixing CI hydrogen combustion, however, is expected 

to be different from the WAVE piston, in that the shape of the bowl would be adjusted to 

precisely accommodate the hydrogen jet with its characteristic shape, thus further 

minimizing the jet-wall contact. 
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Figure 11.1. The dividing-colliding piston design by Volvo Trucks, also known as the 

WAVE piston [148]. 

Another strategy expected to improve CI hydrogen combustion via reductions in the 

incomplete combustion losses, is a removal of the piston top land and the use of a cylinder 

liner equipped with a fire ring. These hypotheses should first be investigated numerically, 

and if deemed effective, tested experimentally in an actual engine. 

11.5. Hydrogen isobaric combustion with a single and multiple fuel 

injectors 

Even though, in this thesis, the CI hydrogen and isobaric combustion concepts were 

presented as two alternative directions for future engine development, it does not 

necessarily have to be the case. In fact, combining the two concepts, along with the use of 

multiple fuel injectors, may prove most effective in maximizing engine efficiency, while 

maintaining zero CO2 and extremely low NOx emissions. Furthermore, this work 

suggested that CI hydrogen combustion is substantially more effective in the turbulent jet-

mixing mode. Taking into account the overall slower spray speeds and longer injection 
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durations with isobaric combustion, it is expected to be effective in minimizing the global 

momentum-dominated mixing mode of combustion, thus maximizing the intrinsic jet 

mixing for CI hydrogen engines. 

Moreover, multiple fuel injector concept, combined with hydrogen isobaric combustion, 

should further improve the latter by further reducing jet-wall interactions and NOx 

emissions. 

11.6. The DCEE concept with hydrogen isobaric combustion using multiple 

fuel injectors 

Finally, all the improvements in the combustion systems already achieved and planned in 

the future bring no value without a powertrain system capable of effectively utilizing them. 

As demonstrated in this dissertation, one such powertrain system is the double 

compression-expansion engine, which has been intensely studied for more than five years 

now. However, most research on this engine concept was performed computationally. 

Thus, the final, step in the development of the high-efficiency CO2-free hydrogen 

automotive propulsion system is an expansion of experimental research activities on the 

DCEE and experimental implementation of all the technologies outlined above in this split-

cycle engine. This may be used to validate many of the predictions made in this thesis and 

help in the future attempts to further improve the DCEE by adapting each of its components 

for the potential use with the hydrogen isobaric combustion with multiple fuel injectors. 
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SUMMARY OF PUBLICATIONS DURING PHD 

Paper 1: 

Should We Walk or Take a Car for Minimum Greenhouse Gas Emissions? 

Rafig Babayev, and Bengt Johansson 

SAE Technical Paper, 2019-01-0996, 2019 

This publication involves a comparison of greenhouse gas emissions attributed to driving 

popular production vehicles (conventional and hybrid) with the emissions associated with 

walking, running, and bicycling in different counties. The conclusions of this work show 

the importance of life-cycle assessment of transport emissions, the comparable levels of 

greenhouse gas emissions from motorized and human-powered modes of transport, and the 

importance of public transport for impact minimization. 

My contribution to this publication includes gathering and investigating life-cycle analysis 

data from the literature, developing the methodology for the comparative study, analyzing 

and visualizing the results, as well as writing the paper. I further presented this work at 

the SAE World Congress in Detroit, USA in 2019. 
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Paper 2: 

Isobaric Combustion: A Potential Path to High Efficiency, in Combination with the 

Double Compression Expansion Engine (DCEE) Concept 

Rafig Babayev, Moez Ben Houidi, Arne Andersson, and Bengt Johansson 

SAE Technical Paper, 2019-01-0085, 2019 

This publication involves experimental investigation of isobaric combustion in a heavy-

duty engine test rig at medium- and high-pressure conditions and different rates of exhaust 

gas recirculation, and compares it to conventional diesel combustion in terms of details in 

the thermodynamic cycle, indicated efficiency, and emissions. The conclusions of this 

work include the feasibility of isobaric combustion concept with traditional fuel injection 

systems, comparable efficiency levels with isobaric and conventional diesel combustion, 

over 20% reduction in heat transfer losses with the isobaric concept, and a factor of two 

lower NOx emissions. Soot emissions, on the other hand, are found to be increased at some 

operating points. 

My contribution to this publication includes commissioning and debugging of the engine 

test rig and exhaust gas analyzing system, performing the experiments, post-processing, 

analyzing, and visualizing the results, as well as writing the paper. I further presented this 

work at the SAE Powertrains, Fuels and Lubricants meeting in San Antonio, USA in 2019. 
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Paper 3: 

Injection Strategies for Isobaric Combustion 

Rafig Babayev, Moez Ben Houidi, VS Bhavani Shankar, Bassam Aljohani, and Bengt 

Johansson 

SAE Technical Paper, 2019-01-2267, 2019 

This publication is a continuation of the first isobaric combustion study, this time focusing 

on investigating the effects of different injection strategies. A load variation strategy is 

developed under the constraints of isobaric combustion, simultaneously demonstrating its 

feasibility at high-load conditions. The effects of altering the injection strategy by 

progressively reducing its complexity at a constant fueling rate are studied and shown 

inconsequential, as long as more than one injection is used. Furthermore, an in-situ 

injection rate measurement technique is developed and implemented to study the different 

injection strategies. 

My contribution to this publication includes setting up and performing experiments on the 

engine test rig, development and installation of the hardware for the in-situ injector 

characterization technique, performing the engine test rig and injector characterization 

experiments, post-processing, analyzing, and visualizing the results, as well as writing the 

paper. I further presented this work at the JSAE Powertrains, Fuels and Lubricants 

meeting in Kyoto, Japan in 2019, where this publication was awarded The Best Paper 

Award. 

  



384 
 

Paper 4: 

In Situ Injection Rate Measurement to Study Single and Split Injections in a Heavy-

Duty Diesel Engine 

Bassam SE Aljohani, Moez Ben Houidi, Rafig Babayev, Khalid Aljohani, and Bengt 

Johansson 

SAE Technical Paper, 2019-24-0136, 2019 

This publication involves a development of an in-situ injection rate measurement technique 

to study complex multiple injection strategies. This technique allows a close replication of 

real-engine operating conditions, thus capturing acoustic phenomena in the fuel injection 

system, which is not possible with conventional injector characterization techniques. This 

method also greatly simplifies and reduces the cost of the measurements. The conclusions 

of this work include the effects of dwell time between multiple injections, rail pressure, 

and injection duration. 

My contribution to this publication includes development and installation of the hardware 

for the technique, performing part of the experiments, development of a post-processing 

methodology, as well as reviewing and editing the paper. 
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Paper 5: 

Isobaric Combustion at a Low Compression Ratio 

Aibolat Dyuisenakhmetov, Harsh Goyal, Moez Ben Houidi, Rafig Babayev, Jihad Badra, 

and Bengt Johansson 

SAE Technical Paper, 2020-01-0797, 2020 

This publication expands upon the previous studies of isobaric combustion, involving 

experiments at a lower compression ratio (11.5:1), which is optimum for the combustor 

unit of the DCEE. The results show that isobaric combustion has similar or higher indicated 

efficiency than conventional diesel combustion at the low compression ratio. The exhaust 

enthalpy is found to be higher, while the heat transfer losses are lower, which is a favorable 

trade-off for the DCEE. It is also confirmed that the number of injection events does not 

play a major role in the performance of an isobaric combustion engine, even with low 

compression ratios. NOx emissions are a factor of two lower with isobaric combustion 

compared to conventional diesel, while soot emissions are higher for some operating 

points. 

My contribution to this publication includes planning the experimental campaign, setting 

up the engine test rig, performing part of the experiments, and aiding in the analysis of the 

results. 
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Paper 6: 

Validation of Computational Models for Isobaric Combustion Engines 

Hammam H. Aljabri, Rafig Babayev, Xinlei Liu, Jihad Badra, Bengt Johansson, and Hong 

G. Im 

SAE Technical Paper, 2020-01-0806, 2020 

This publication involves development of CFD models for isobaric combustion simulations 

at high pressures. Effects of different modeling components, such as kinetic mechanism, 

liquid fuel properties, equation of state, heat transfer modeling, and the number of spray 

parcels are investigated. The models are then validated against experimental data. The 

outcome of this publication is a working isobaric combustion CFD model that can be used 

for future computational investigations. 

My contribution to this publication includes performing experiments for CFD model 

validation, aiding in the development of the models, aiding in the validation of the models 

against the experimental data, as well as reviewing and editing the paper. 
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Paper 7: 

Numerical Investigation of Isobaric Combustion Strategy in a Compression Ignition 

Engine 

Xinlei Liu, Hammam Aljabri, Balaji Mohan, Rafig Babayev, Jihad Badra, Bengt 

Johansson, and Hong Im 

International Journal of Engine Research (2020): 1468087420970376 

This publication expands upon the previous computational investigations of isobaric 

combustion by using the previously developed CFD models to study the combustion 

system in detail. This work investigates the effects of swirl, spray angle, and piston 

geometries on isobaric combustion at different fueling conditions. The results show that 

swirl leads to increased heat transfer losses, and hence a lower indicated efficiency; 140˚ 

and 150˚ injector umbrella angles enabled less contact of the high-temperature zones with 

cylinder walls; the piston bowl geometry is also proven important for the performance of 

an isobaric combustion engine. The conclusions from this work will aid in the practical 

implementation of the isobaric combustion concept in the DCEE. 

My contribution to this publication includes performing experiments for CFD model 

validation, aiding in the development of the models, aiding in the validation of the models, 

as well as reviewing and editing the paper. 
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Paper 8: 

Computational Study of a Multiple Fuel Injector Concept under High-Load and 

High-EGR Conditions 

Rafig Babayev, Gustav Nyrenstedt, and Bengt Johansson 

SAE Technical Paper, 2020-01-2034, 2020 

This publication presents a computational study on a multiple fuel injector system under 

high-efficiency and low-emission engine operating conditions (high load and high EGR). 

The results of this study show that the injection strategies used previously with the multiple 

fuel injector system perform poorly at these conditions due to deficient fresh air utilization. 

The previously used flat-bowl piston design is found to be ineffective in reducing heat 

transfer losses at these conditions, thus several alternative piston designs are proposed and 

investigated. Some of them are found to reduce heat losses and improve mixing. The 

conclusions of this work demonstrate the need to use the isobaric combustion concept with 

the multiple fuel injector system for improved engine performance and lower emissions. 

My contribution to this publication includes setting up the CFD models, validating the 

models against experimental data, performing the simulations, post-processing, analyzing, 

and visualizing the results, as well as writing the paper. I further presented this work at 

the SAE Powertrains, Fuels and Lubricants online meeting in 2020, where it was selected 

to further appear in another SAE Journal: SAE International Journal of Advances and 

Current Practices in Mobility. 
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Paper 9: 

Computational Fluid Dynamics Investigation on Multiple Injector Concepts at 

Different Swirl Ratios in a Heavy Duty Engine 

Gustav Nyrenstedt, Moez Ben Houidi, Rafig Babayev, Hong G. Im, and Bengt Johansson 

Proceedings of the ASME, 2020 

This publication involves computational studies of a multiple fuel injector concept with 

different number of injectors and swirl ratios. The conclusions of this work show that, in 

general, higher swirl leads to reduced indicated efficiency; however, three injectors 

provided higher efficiency. Also, injection against the swirl with multiple injectors improve 

efficiency. 

My contribution to this publication includes participation in setting up the CFD models, 

their validation against experimental data, and proofreading the paper. 

  



390 
 

Paper 10: 

Computational Characterization of Hydrogen Direct Injection and Nonpremixed 

Combustion in a Compression-Ignition Engine 

Rafig Babayev, Arne Andersson, Albert S. Dalmau, Hong G. Im, and Bengt Johansson 

Submitted to International Journal of Hydrogen Energy, 2020 

This publication involves development of a CFD modeling methodology for a hydrogen 

direct-injection compression-ignition (DICI) combustion concept, focusing on hydrogen’s 

unique characteristics such as high diffusivity, the choice of equation of state, kinetic 

mechanism, computational mesh optimization, and the direct injection process modeling 

methodology. The models are validated against constant-volume optical chamber and 

diesel engine experimental data. Comparison with the conventional diesel combustion 

revealed that DICI H2 differs significantly: hydrogen jets do not exhibit significant air 

entrainment, and the fuel-air interface is drastically more stratified with no sign of 

premixing. It is also found that the DICI H2 concept is governed first by free turbulent jet 

mixing, then by global in-cylinder mixing, and the former is drastically more dominant 

with hydrogen compared to conventional diesel engines. The free-jet mixing is also more 

effective with the non-premixed hydrogen flames, indicating the need to rethink common 

CI engine optimization strategies when using hydrogen as fuel. 

My contribution to this publication includes conceptualization of the combustion system, 

setting up the CFD models and methodology, validating the models against experimental 

data, performing the simulations, post-processing, analyzing, and visualizing the results, 

as well as writing the paper.  
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Paper 11: 

Computational Comparison of Diesel and Hydrogen Nonpremixed Combustion in a 

Direct-Injection Compression-Ignition Engine 

Rafig Babayev, Arne Andersson, Albert S. Dalmau, Hong G. Im, and Bengt Johansson 

To be submitted to Fuel, 2021 

This publication is a continuation of the study on the DICI hydrogen non-premixed 

combustion system, focusing on explaining some of the phenomena observed in the 

previous study, as well as performing detailed comparison with diesel fuel combustion to 

understand practical implications for actual H2 engine development. A pilot H2 fuel 

injection strategy, that would potentially allow CO2-free engine operation, is described in 

detail. The previously observed higher effectiveness of the free-jet mixing combustion 

phase with DICI H2 is explained by the gaseous state of the fuel, higher injection velocity, 

and higher reaction region turbulence. At the same time, H2 jets are shown to have lower 

initial and retained momentum, thus explaining the slow heat production in the second 

momentum-dominated global mixing phase. H2 jets are also shown to generate vortices, 

which promote the transport of oxidizer into the reaction zone. Finally, the efficiency of a 

DICI H2 engine is calculated and recommendations for further improvements are made. 

My contribution to this publication includes conceptualization of the combustion system, 

setting up the CFD models and methodology, validating the models against experimental 

data, performing the simulations, post-processing, analyzing, and visualizing the results, 

as well as writing the paper. 
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Paper 12: 

Computational Adaptation of an Engine Combustion System for Hydrogen Direct-

Injection Compression-Ignition Combustion Dominated by Free-Jet Mixing 

Rafig Babayev, Arne Andersson, Albert S. Dalmau, Hong G. Im, and Bengt Johansson 

To be submitted to International Journal of Engine Research, 2021 

This study focuses on implementing the recommendations made in the previous study, and 

laying out a potential optimization path for CI hydrogen engines. The strategies of 

maximizing the intrinsic turbulent jet mixing component of combustion are tested 

computationally and proven effective in improving the thermodynamic cycle 

characteristics of the engine. The modifications to the original system include the use of 

wider piston bowl designs, adapted bowl profiles, and larger number of injector nozzle 

orifices, while maintaining constant injector flow rate capacity. The achieved 

improvements include 35% lower heat transfer losses, and 2.2 %-points higher indicated 

efficiency. However, achieving low incomplete combustion losses with this strategy is 

found to be a challenge, thus further recommendations are made for overcoming it. 

My contribution to this publication includes conceptualization of the combustion system, 

setting up the CFD models and methodology, validating the models against experimental 

data, performing the simulations, post-processing, analyzing, and visualizing the results, 

as well as writing the paper. 
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Paper 13: 

Hydrogen Double Compression-Expansion Engine (H-DCEE): A Computational 

Parametric Study and Comparison to DCEE Fueled with Diesel 

Rafig Babayev, Arne Andersson, Albert S. Dalmau, Hong G. Im, and Bengt Johansson 

To be submitted to Transportation Engineering, 2021 

In this work, all previously achieved successful variations of the DICI H2 combustion are 

computationally integrated into the DCEE system, and a parametric study is performed 

using 1D “balance-of-plant” type of simulations. The performance of the DCEE with H2 

and diesel fuel is compared. Effects of charge air cooler and compressor and expander unit 

insulation are investigated, and the system is optimized for DICI H2 combustion, yielding 

56 % brake thermal efficiency for the entire powertrain. This work demonstrates the 

potential of the DCEE fueled with hydrogen as a highly competitive environmentally-

friendly powertrain system for future vehicles. 

My contribution to this publication includes conceptualization of the combustion system, 

setting up 1D models, calibrating the models against experimental and 3D CFD data, 

performing the simulations, post-processing, analyzing, and visualizing the results, as well 

as writing the paper. 
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APPENDIX 

Appendix A. Motorized versus other modes of transport: A look into the global 

warming implications 

A1. Well-to-wheels analysis 

FC [
gf

km
] =

FC [
L

100km
]

100
× ρf [

gf

L
] 

TTW GHG [
gCO2

km
] = TTW GHG [

gCO2

gf
] × FC [

gf

km
] 

WTT GHG [
gCO2e

gf
] = WTT GHG [

gCO2e

MJf
] × LHV [

MJf

gf
] 

WTT GHG [
gCO2e

km
] = WTT GHG [

gCO2e

gf
] × FC [

gf

km
] 

WTW GHG [
gCO2e

km
] = TTW GHG [

gCO2e

km
] + WTT GHG [

gCO2e

km
] 

Where: FC [
L

100km
] – NEDC fuel consumption of a vehicle, 

 TTW GHG [
gCO2

gf
] – Amount of CO2 emitted per amount of fuel burned estimated based on 

the stoichiometric gasoline combustion reaction, 

WTT GHG [
gCO2e

MJf
] – Well-to-tank GHGs emitted on a fuel energy basis [149], 

A2. Respiratory CO2 emissions 

Human respiratory system obtains oxygen for use by body cells and expels carbon dioxide 

produced by the cells. The primary respiration reaction occurs between glucose and oxygen 
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producing water, ATP and carbon dioxide. According to Jette et al. walking, bicycling and 

running can be considered light-, moderate-, and very heavy-intensity physical activities, 

respectively [39]. The workload associated with these activities were summarized in the 

second column of Table 2. 

A study done by Richard Casaburi and his colleagues at Harbor-UCLA Medical Center 

explored the influence of workload on human gas exchange characteristics and suggests 

the human volumetric carbon dioxide output for the aforementioned activities listed in the 

third column of Table A. [150]. Assuming the speed of walking, bicycling and running to 

be 4.8 km/h, 16 km/h and 9.7 km/h, respectively, and taking the density of CO2 as 1842 

g/m3, the average amount of CO2 per unit distance was estimated and given in the fourth 

column of Table A.1. 

Table A.1. Workload and carbon dioxide emissions attributed to human breathing [39, 

150]. 

 Workload CO2 emitted 

[W] [L/min] [gCO2/km] 

Walking 28-69 1 22.9 

Bicycling 70-104 1.5 10.4 

Running 140-174 2.5 28.6 

 

It can be concluded that the respiratory CO2 emissions add approximately 20% to the total 

GHG emissions of an average person in the US, regardless of whether the person was 

walking, bicycling or running. In Sweden, this ratio is a little higher at 25-29%, for Diet B. 

In the UK, however, it is a little lower at 10-14%, for the medium-meat diet. 
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Knowing the concentration of CO2 in the exhaled air, the “equivalence ratio” of a human 

body can also be estimated. The calculations are presented in A5. Human equivalence ratio. 

A3. Peak aerobic power calculations 

Running 

Leger et al. [38]: 

VȮ2peak [
ml

kg × min
] = 2.209 + 3.1633 v 

Van der Walt et al. [151]: 

VȮ2peak [
L

min
] = −0.419 + 0.03257 m + 0.000117 mv2 

American College of Sports Medicine [152]: 

VȮ2peak [
ml

kg × min
] = 0.2 [

m

s
] + 0.9 [

m

s
]  F + 3.5 

Walking 

Van der Walt et al. [151]: 

VȮ2peak [
L

min
] = 0.00599 m + 0.000366 mv2 

American College of Sports Medicine [152]: 

VȮ2peak [
ml

kg × min
] = 0.1 [

m

s
] + 1.8 [

m

s
]  F + 3.5 

Where:  v – Speed [km/h], 
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m – Body mass [kg], 

F – Fractional grade. 

A4. Human body energy balance 

 

Figure A.1. Human body energy balance [51]. 

A5. Human equivalence ratio 

Knowing the CO2 emissions associated with breathing, the air-fuel equivalence ratio (λ) 

of humans can also be estimated with the following assumptions:  

1. Breakdown of glucose is complete 
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2. Concentration of carbon monoxide is negligible 

3. Nitrogen in air does not participate in the reaction. 

Then the global chemical equation of cellular respiration becomes: 

CaHbOc + λ (a +
b

4
−

c

2
) (O2 + 3.773 N2)

⇌ a CO2 +
b

2
H2O + (λ − 1) (a +

b

4
−

c

2
)  O2 + 3.773 λ (a +

b

4
−

c

2
) N2

+ ATP 

Where, a=6, b=12, c=6. 

The wet concentration of carbon dioxide in the exhaled air is approximately 4% [153]. The 

Ventilatory Equivalent for Carbon Dioxide (VE/VCO2), which refers to the number of 

liters of ventilation per liter of CO2 output, is typically 25 and remains at or near this level 

in healthy individuals with progressive exercise. This indicates that the concentration of 

carbon dioxide in the expelled air normally does not vary much until the ventilatory 

threshold is reached [154]. 

Consequently, defining the concentration of CO2 from equation the cellular respiration 

reaction as follows: 

XCO2
=

a

a +
b
2

+ (λ − 1) (a +
b
4

−
c
2

) + 3.773 λ (a +
b
4

−
c
2

)
 

𝜆 can be calculated according to: 

λ =
a − (

b
4 +

c
2) XCO2

4.773 (a +
b
4 −

c
2) XCO2
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yielding λ ≈ 5. 

It should be emphasized that cellular respiration reaction given here does not describe the 

actual process of the breakdown of glucose. This is rather a summary (global) reaction, 

since the actual process of cellular respiration involves many steps. However, the chemical 

kinetics are not important in the context of this study as only the final equilibrium product 

concentrations are needed for the calculation of λ. 

 

Appendix B. Isobaric combustion experiments 

B1. Mean effective pressures 

 
Low-pressure study  

NO EGR MIN EGR MAX EGR  
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o
b
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o
b
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 H

 

FuelMEP 10.29 11.14 11.09 10.84 11.29 11.21 10.88 10.87 10.62 

HTMEP 3.27 3.39 2.89 3.30 3.18 2.65 3.14 2.67 2.44 

EXMEP 2.42 3.05 3.21 2.55 3.15 3.33 2.71 3.32 3.26 

IMEPg 4.58 4.67 4.96 4.97 4.94 5.20 5.00 4.85 4.90 

PMEP 0.81 0.82 0.77 0.50 0.52 0.65 0.63 0.65 0.68 

IMEPn 3.78 3.86 4.20 4.47 4.42 4.56 4.37 4.20 4.21  
High-pressure study 

FuelMEP 22.27 23.04 22.45 22.16 21.65 22.04 22.51 20.85 22.63 

HTMEP 5.45 5.18 4.68 5.34 4.59 4.81 5.28 4.00 4.73 

EXMEP 5.87 6.96 6.65 5.84 6.54 6.55 6.27 6.72 7.10 

IMEPg 10.92 10.88 11.08 10.94 10.49 10.65 10.95 10.09 10.78 

PMEP 1.17 1.39 1.12 1.07 1.08 1.28 1.37 1.33 1.57 

IMEPn 9.75 9.49 9.96 9.88 9.41 9.37 9.58 8.76 9.21 
 

* For low- and high-pressure studies denotes 17 % and 10 % EGR, respectively, 

** For low- and high-pressure studies denotes 39 % and 52 % EGR, respectively. 
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B2. Air-fuel equivalence ratios 

Low-pressure study: 

 CDC Isobaric L Isobaric H 

0% EGR 3.0 3.0 4.1 

17% EGR 2.4 2.5 3.3 

39% EGR 1.9 1.9 2.8 

 

High-pressure study: 

 CDC Isobaric L Isobaric H 

0% EGR 3.3 3.3 4.4 

10% EGR 3.0 3.2 4.2 

52% EGR 1.8 1.8 2.2 
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Appendix C. Hydrogen versus diesel combustion in the DCEE 

C1. 

Table C.1. DCEE system parameters obtained in the parametric study of the effects of the 

CAC, assuming reference CDC in the combustor unit. 

 With CAC Without CAC 

 

PMP w. 

CAC: 

unrestricted 

PMP w. 

CAC  

≈  

PMP w/o 

CAC 

(unrestricted) 

PMP w/o 

CAC  

≈  

PMP w. 

CAC 

(unrestricted) 

PMP w/o 

CAC: 

unrestricted 

Combustor inlet T [K] 333.81 332.85 497.88 528.81 

Combustor inlet P [bar] 5.10 6.25 5.64 7.14 

Combustor λ 1.368 1.890 1.099 1.362 

Combustor trapped mass 

[mg] 

10201.94 12880.82 8141.66 9997.75 

Combustor PMP [bar] 147.66 185.96 145.32 185.68 

Combustor PCP [bar] 206.61 239.44 198.32 231.17 

HP tank and Expander 

inlet T [K] 

899.89 787.73 1094.58 1007.26 

HP tank and Expander 

inlet P [bar] 

7.74 8.35 7.36 8.37 
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Figure C.2. Results of the parametric study for the effects of the CAC on the DCEE 

system losses and efficiency assuming reference CDC in the combustor unit. 
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Figure C.3. Engine energy flow from compressor to expander of the DCEE concept using 

the reference CDC in the combustor with insulated exhaust ports, assuming insulated 

compressor and expander units and a regular intercooling. 

 


