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ABSTRACT 

A Computational Investigation of Multiple Injection Strategy in an Isobaric Combustion Engine 

Hammam Aljabri 

This thesis aims to contribute to the development of the isobaric combustion engines by exploring 

multiple injection strategies, by means of computational simulations using a commercial software 

Converge. A single injection case validated with experimental data in terms pressure trace and 

heat release rate was used as a baseline reference. The adjustment of the turbulent kinetic energy 

dissipation constant is found to have the most significant influence in reproducing the pressure and 

heat release rate histories observed in the experiment. As a first attempt to achieve isobaric 

combustion, a multiple injection strategy using a single injector was explored with up to four 

consecutive injections. Considering that the computational simulations were unable to reproduce 

the experimental data due to a number of uncertainties in the implemented models, the present 

study attempted to identify the main causes of the discrepancies through various parametric 

studies. First, different liquid fuel properties were examined and it was found that, while the 

physical properties of the fuels have a notable effect in terms of evaporation and atomization, such 

variations were not sufficient to reproduce the experimentally observed heat release cycle. Next, 

the effects of the uncertainties in the kinetic mechanisms were assessed by the reaction multiplier, 

an artificial adjustment of the rate constants, and it was found that the reaction multiplier affected 

the ignition of the first injection, but not the subsequent injection events. As such, the use of 

reaction multipliers to reproduce the experimental data was found to be unsuccessful. The effect 

of thermodynamics properties was also examined by employing real-gas equations of state, such 

as Redlich-Kwong and Peng-Robinson, and the results showed little difference at the conditions 

under consideration. Finally, advancing the start of injection was found to have the most significant 
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effect on pressure trace and heat release rate to lead to a substantial improvement in the numerical 

prediction. The results suggest that the key uncertainties in modeling of the present engine 

combustion are likely the accurate timing of the start of injection combined with the exact injection 

rate shape profile. 
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CHAPTER 1 

INTRODUCTION 

1.1 Motivation  

Diesel engines have been widely used in the disciplines of transportation of goods as well as 

passengers. They have also been used extensively in the industry and agriculture fields. In terms 

of the best fuel economy, the direct injection (DI) diesel engine is superior compared to other types 

of internal combustion (IC) engines. Thus, it is considered to be the engine of the future. As 

roughly 60% of the energy demand in the world is met by fluid fossil fuels, the present fossil fuel 

demand is predicted to double between now and 2050 which is an opportunity to increase the use 

of DI diesel engines where fuel consumption is an important factor [1]. 

Due to its low fuel consumption, the DI diesel engines is capturing the in passenger car market 

where the best fuel economy car consuming 3L of fuel for a 100 km is developed with the modern 

DI diesel engine. Despite its attractive fuel economy, the DI engines have stringent emissions 

standards, especially for NOx and particulate matter (PM) [2]. For example, the European emission 

standards have grown stricter over the years. The following figure shows different EU regulations 

over the years. 
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Figure 1. European emission standards for diesel vehicles over the years [3]. 

Many researches have been conducted in an attempt to improve exhaust emissions and fuel 

economy. These improvements can be made by experimental and computational studies. The 

modeling of the CI engine process is useful as it gives more insight to different phenomena and 

allows to carry out extensive parametric studies. Additionally, it is an arduous task to asses a high 

number of available options and their optimum combinations through the experimental studies, 

especially for engines. Therefore, a validated DI diesel engine simulation model is necessary for 

optimizing engine performance. 

A lot of computational studies have been done to increase the efficiency and enhance the 

performance of DI diesel engine. In most of the studies, they focus on isochoric combustion trying 

to improve thermal efficiency. For example, advanced injection timing, PCI (premixed 

compression ignition) combustion [4], HCCI (homogenous charge compression ignition) 

combustion [5], etc. However, a substantial improvement in the brake thermal efficiency has not 

been reported yet. This is due to the tradeoff between different individual efficiencies 

(thermodynamic, gas exchange, combustion, and mechanical efficiency). On the other hand, 
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Marine engines achieved a brake thermal efficiency exceeding 50%. The difference between this 

engine and a conventional vehicle diesel engines is that the marine engine has a low fuel injection 

pressure and low effective compression and expansion ratios. This results in a near isobaric 

combustion cycle which exhibits a very low heat and mechanical losses.  

This computational study approaches the isobaric combustion cycle by the use of single injector 

with multiple injections. Additionally, a sensitivity analysis has been conducted. This 

computational study addresses the possibility of achieving an isobaric combustion cycle using a 

single injector. 

1.2 High-Pressure Combustion  

The majority of high-pressure combustion cases occurs under supercritical pressure conditions, 

according to [6] the critical pressure of most of the hydrocarbon fuels is in the range of 

approximately~15 < 𝑃𝐶 < 30 𝑎𝑡𝑚. The major advantage of using high-pressure combustion that 

it will increase the thermodynamic efficiency of the ICE; that is, maximizing the heat energy 

released by the combustion process where it is converted into useful work. Furthermore, it will 

result in more lean mixture conditions. These distinguishing features lead to increasing fuel 

efficiency, reducing emissions of combustion, including carbon dioxide, which is considered to be 

a contributor to global warming [7]. 

1.3 Isobaric Combustion  

The idealized diesel engine cycle can be achieved theoretically with some assumptions which are 

not valid for real engines. One of the crucial assumptions that the cycle is considered to be 

reversible and adiabatic [8]. The ideal cycle with isobaric heat addition is shown in figure (2) 

where this ideal cycle can be used as an approximation to represent the real engine cycle.   
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Figure 2. Ideal constant pressure combustion cycle. 

The ideal isobaric combustion cycle is formed from the following processes: 

1-2 Adiabatic and reversible (isentropic) compression. 

2-3 Heat addition at constant pressure. 

3-4 Adiabatic and reversible (isentropic) expansion. 

4-1 Heat rejection at constant volume. 

According to Heywood [8], the isochoric cycle always has a higher thermal efficiency than the 

isobaric cycle that is for a fixed compression ratio. On the other hand, for a fixed maximum 

pressure, the isobaric cycle will have a higher thermal efficiency (and higher compression ratio) 

compared to isochoric. These results are explained in figure (3). 
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Figure 3. Thermal efficiency comparison as a function of compression ratio between isochoric, isobaric, and limited pressure 

cycles. The number (33, 67, and 100) represents the ratio of peak pressure to starting pressure [8]. 

Some studies have been conducted on isobaric combustion, in 2016 Uchida and Okamoto [9] 

studied the effect of placing three injectors instead of one, where the three injectors were placed 

in the center and on the two sides. They investigated several cycles, namely isochoric, isobaric, 

and dual (Sabathe), as shown in figure (4). They concluded that the dual cycle gave the maximum 

BTE and by use of multiple injector approach, the emissions of NOx and smoke were reduced, and 

more control on the heat release rate is allowed. 
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Figure 4. Different cycles reported by [9]  

Where the values mentioned in the figure (𝑟𝑝 =1.18, 1.59, etc.;) is defined as  

𝑟𝑝 =
𝑝𝑒𝑎𝑘 𝑐𝑦𝑙𝑖𝑛𝑑𝑒𝑟 𝑝𝑟𝑒𝑠𝑠𝑢𝑟𝑒

 𝑐𝑜𝑚𝑝𝑟𝑒𝑠𝑠𝑖𝑜𝑛 𝑝𝑟𝑒𝑠𝑠𝑢𝑟𝑒
   

It is interesting how they been able to almost achieve an isobaric cycle for 𝑟𝑝 = 1.18, but multiple 

injectors are not required to achieve an isobaric cycle which already has been reported by [10] 

where he used one injector with multiple injections to achieve an isobaric cycle. 

In 2019 Babayev et al [10] investigated the use of isobaric combustion cycle in the double 

compression expansion engine (DCEE) concept in which he concluded that by using the isobaric 

cycle the heat transfer losses would be minimized as well as the NOx emission compared to 

traditional diesel cycle. 
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1.4 Engine Calculations  

Following the energy flow, as shown in figure (5) where all the energies are normalized by 

displacement volume and expressed as mean effective pressure. First, fuel is fed to the engine, and 

the normalized amount of energy stored in the fuel can be expressed as 

 𝐹𝑢𝑒𝑙𝑀𝐸𝑃 =
𝑚𝑓𝑄𝐿𝐻𝑉

𝑉𝐷
 (1) 

Where 𝑚𝑓 in (kg) and 𝑄𝐿𝐻𝑉 in (J/kg) are the mass and lower heating value of the fuel, 𝑉𝐷 is the 

displacement volume in m3. 

 

Figure 5. Energy flow expressed as mean effective pressure [11]. 

Then the fuel chemical energy is converted into thermal energy. Incomplete combustion could 

affect this process and result in some energy losses (combustion losses) which is represented as 

CLMEP and expressed as  

 𝐶𝐿𝑀𝐸𝑃 = 𝐹𝑢𝑒𝑙𝑀𝐸𝑃 − 𝑄𝑀𝐸𝑃 (2) 
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Where QMEP is the amount of heat released per cycle and can be calculated as  

 𝑄𝑀𝐸𝑃 = 𝐹𝑢𝑒𝑙𝑀𝐸𝑃 × 𝜂𝐶  (3) 

Where 𝜂𝐶   is the combustion efficiency which can be expressed in terms of exhaust emissions as  

 𝜂𝐶 = 1 −

∑
𝑀𝑖

𝑀𝑝
𝑥𝑖(1 − 𝑥𝐻2𝑂)𝑄𝐿𝐻𝑉,𝑖

1
1 + 𝐴/𝐹

𝑄𝐿𝐻𝑉

 (4) 

Where 𝑀𝑖 is the molar mass of species 𝑖, 𝑀𝑝 is the molar mass of fuel, 𝑡ℎ𝑒 𝑥𝐻2𝑂 concentration of 

water in exhaust, 𝑄𝐿𝐻𝑉,𝑖 is the heating value of species 𝑖, 𝐴/𝐹 is the air-fuel ratio.  

The heat released from the combustion process will be converted into work which will act on the 

piston during the expansion stroke where the work considering both compression and expansion 

can be expressed as indicated work 𝑊𝑖. 

 
𝑊𝑖 = 𝑊𝐶 + 𝑊𝐸 = ∫ 𝑝 𝑑𝑣 + ∫ 𝑝 𝑑𝑣 =

𝐵𝐷𝐶

𝑇𝐷𝐶

𝑇𝐷𝐶

𝐵𝐷𝐶

∫ 𝑝 𝑑𝑣
𝐵𝐷𝐶

𝐵𝐷𝐶

 

 

(5) 

But not all the heat will be converted into work, there will be some losses due to exhaust gas as 

the temperature of the exhaust gas is higher than ambient, and it is expressed as exhaust mean 

effective pressure (𝐸𝑋𝑀𝐸𝑃) which can be expressed as  

 
𝐸𝑋𝑀𝐸𝑃 =

𝑄𝑒𝑥

𝑉𝐷
 

 

(6) 

Where 𝑄𝑒𝑥 is the exhaust energy and is given by  

 
𝑄𝑒𝑥 = 𝑚𝐶𝑝∆𝑇 = 𝑀𝐶𝑝(𝑇𝑒𝑥ℎ − 𝑇𝑎𝑚𝑏) 

 
(7) 
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The other type of loss is the heat transfer loss to the walls of the combustion chamber (𝐻𝑇𝑀𝐸𝑃) 

which is expressed as 

 𝐻𝑇𝑀𝐸𝑃 =
𝑄𝐻𝑇

𝑉𝐷
 (8) 

By only using the compression and expansion strokes for a four strokes engine the gross 

indicated mean effective pressure (𝐼𝑀𝐸𝑃𝑔) can be given as   

 
𝐼𝑀𝐸𝑃𝑔 =

𝑊𝐶 + 𝑊𝐸

𝑉𝐷
=

1

𝑉𝐷
∫ 𝑝 𝑣𝑑

360

0

 

 

(9) 

The thermodynamic efficiency can be calculated as  

 
𝜂𝑇 =

𝐼𝑀𝑃𝐸𝑔

𝑄𝑀𝐸𝑃
 

 

(10) 

And using the four strokes, the net indicated mean effective pressure (𝐼𝑀𝐸𝑃𝑛)  can be calculated 

as  

 
𝐼𝑀𝐸𝑃𝑛 =

𝑊𝐶 + 𝑊𝐸 + 𝑊𝑒𝑥ℎ𝑎𝑢𝑠𝑡 + 𝑊𝑖𝑛𝑙𝑒𝑡

𝑉𝐷
=

1

𝑉𝐷
∫ 𝑝 𝑣𝑑

720

0

 

 

(11) 

In this part of the cycle, the gas exchange process takes place, and there will be some losses 

expressed as pumping mean effective pressure (𝑃𝑀𝐸𝑃) losses which are defined as the 

difference between the exhaust pressure 𝑝𝑒𝑥ℎ𝑎𝑢𝑠𝑡 and inlet pressure 𝑝𝑖𝑛𝑙𝑒𝑡 

 
𝑃𝑀𝐸𝑃 = 𝑝𝑒𝑥ℎ𝑎𝑢𝑠𝑡 − 𝑝𝑖𝑛𝑙𝑒𝑡 

 
(12) 

And the gas exchange efficiency is defined as  

 
𝜂𝐺𝐸 =

𝐼𝑀𝐸𝑃𝑛𝑒𝑡

𝐼𝑀𝐸𝑃𝑔𝑟𝑜𝑠𝑠
=

𝐼𝑀𝐸𝑃𝑔𝑟𝑜𝑠𝑠 − 𝑃𝑀𝐸𝑃

𝐼𝑀𝐸𝑃𝑔𝑟𝑜𝑠𝑠
= 1 −

𝑃𝑀𝐸𝑃

𝐼𝑀𝐸𝑃𝑔𝑟𝑜𝑠𝑠
 

 

(13) 
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The work in the piston expressed as 𝐼𝑀𝐸𝑃𝑛 must be transferred to the output shaft where the 

engine output is expressed as brake mean effective pressure (𝐵𝑀𝐸𝑃) which is defined as  

 
𝐵𝑀𝐸𝑃 =

𝑊𝐵

𝑉𝐷
 

 

(14) 

 

Where 𝑊𝐵 is the useful energy produced by the engine.  

There will be some friction losses during transferring energy from the piston to the shaft, these 

losses as expressed as friction mean effective pressure (𝐵𝑀𝐸𝑃) 

 
𝐹𝑀𝐸𝑃 = 𝐼𝑀𝑃𝐸𝑛 − 𝐵𝑀𝐸𝑃 

 
(15) 

And the mechanical efficiency can be calculated by 

 
𝜂𝑀 =

𝐵𝑀𝐸𝑃

𝐼𝑀𝐸𝑃𝑛
= 1 −

𝐹𝑀𝐸𝑃

𝐼𝑀𝐸𝑃𝑛
 

 

(16) 

Now the engine total or brake efficiency can be calculated as  

 
𝜂𝐵 = 𝜂𝑐 × 𝜂𝑇 × 𝜂𝐺𝐸 × 𝜂𝑀 =

𝐵𝑀𝐸𝑃

𝐹𝑢𝑒𝑙𝑀𝐸𝑃
 

 

(17) 

1.5 Multiple Injection Strategy  

Multiple injections have been used over the years as a way to reduce NOx, particulate, and other 

emissions as well as reducing the combustion noise. In 1994 Tow [12] conducted an experiment 

where a comparison between single, double, and triple injection for a heavy-duty DI diesel engine 

at high and low loads was studied in terms of emissions. He conclude that using double injection 

at high load will lead to a reduction in particulate a factor of 3 with no increase of NOx and no 

change was reported at low load compared to single injection while using the triple injection at 
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high load resulted in a particulate reduction by a factor of 2 with no increase in NOx and a 40% 

reduction in particulate and 16% reduction in NOx at low load compared to single injection.  

Another study was conducted by Han [13] where he investigated the mechanisms of NOx and soot 

reduction numerically and resulted in NOx reduction using multiple injections in which he reported 

to be similar to retarded single injection.  

 

Figure 6. Schematic showing model injection scheme (the numbers in the bracket indicates SOI) taken from [13]. 

The effect of fuel injection rate on combustion noise and fuel consumption using pilot injection 

and injection rate shaping with a great focus on the start of combustion was studied by Nishimur 

[14]. He concluded that a better ignition control, as well as a reduction in NOx with serene 

combustion, are achieved using pilot injection. 

 

Figure 7. Pilot injection, as explained by [14]. 
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Most of the studies mentioned in literature investigated the effect of multiple injections strategy 

on exhaust emissions utilizing different combustion and injections strategies in DI diesel engines 

for example [15], [16], [17], [18] and [19]. They all focused on isochoric combustion, and the 

brake thermal efficiency has not been investigated. 

1.5.1 Injection Pressure  

The injection pressure has a great influence on the combustion process, which in turn affects the 

exhaust emissions and noise of the diesel engine. Fuel is injected into the combustion chamber at 

the end of the compression stroke where atomization takes place. Atomizing the fuel into fine 

droplets allow for better mixing as the surface area of the droplets will increase. The atomization 

process is done by injecting the fuel at high pressure via a small nozzle. In the case of low injection 

pressure, the droplet diameter as well as the ignition delay period will increase during combustion.  

Increasing the injection pressure will result in finer droplets, which will improve the mixing during 

the ignition period [20]. 

Some of the advantages of using high injection pressure are listed below: 

 Finer fuel droplets which will evaporate faster, leading to improved mixing. 

 The injection duration will be minimized. 

 Shorter ignition delay as the fuel is injected close to TDC. 

 The fuel penetration distance becomes longer and better air utilization. 

Besides, a high-pressure injection will improve NOx- PM trade-off as shown in the figure below  
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Figure 8. Effect of high injection pressure on PM-NOx trade-off for DI diesel engine [20] 

The effect of injection parameters on spray characteristics has been studied experimentally by [21] 

for high-speed direct injection (HSDI) diesel engine where they investigated injection pressure, 

injection system, and orifice diameter on spray characteristics. They concluded that nozzle 

diameter and injection pressure are the most variables that influence the droplet size. Another 

experimental study was conducted by [22] in which the injection pressure was varied taken 60 

MPa as a minimum and 160 MPa as a maximum in a DI single-cylinder diesel engine. The 

experimental study resulted in a reduction in break-up time and ignition delay under higher 

pressure injection, which improved the fuel-air premixed combustion. In terms of exhaust 

emissions and fuel consumption, [23] concluded that using a very high injection pressure with 

variable injection timing will contribute in reducing smoke, NOx, and fuel consumption.  

1.5.2 Injection Rate Shaping  

The fuel injection rate shape is one of the crucial parameters that can be used to control fuel-air 

mixing in the combustion chamber. Many studies have been conducted where they proved that the 

injection rate has the potential to improve NOx-soot trade-off. In 2005 Tanabe et al. [24]conducted 

an experiment in a heavy-duty DI diesel engine where they compared different injection rate 
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shapes by varying engine speed and load range. They proposed a map which identifies optimum 

injection parameters across different speeds and loads, as shown in figure (5).  

 

Figure 9. Optimal injection rate shape map as proposed by [24]. 

They concluded that at high load and mid-speed regions, it is better to use the boot shape to get 

more isobaric combustion as well as reducing emissions in terms of NOx-PM trade-off. On the 

other hand, using a square shape is favorable at low loads where premixed combustion needs to be 

suppressed. 

A numerical study is conducted by [25], where four different injection rate shapes with constant 

injection duration and fuel mass were investigated at full load as seen in figure (6). They concluded 

that in terms of longest ignition delay and furthest distance between TDC and combustion center, 

the triangle shape was the worst, which indicates that it has the lowest thermal efficiency. In terms 

of NOx emission, saddle and hump injections rate were the worst due to the larger high-temperature 

area, which indicates higher initial injection pressure leading to better atomization and shorter 

ignition delay. The higher pressure in the later injection period in the hump shape leads to a 
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backflow which improved the mixing fuel and air and as a consequence reduced soot emission 

compared to all other shapes. 

 

Figure 10. Different injection rate shapes taken from [25] 

1.6 Objectives 

The main objectives of this thesis work can be summarized as follow: 

 The possibility of achieving an isobaric combustion cycle numerically. 

 A sensitivity analysis of the chemical and physical properties that affect the combustion 

cycle. 

 Validation of the numerical model against the experimental data. 
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CHAPTER 2 

GOVERNING EQUATIONS  

The governing equations of any CFD package are the Navier-Stokes equations. These equations 

can be written as conservation of mass, momentum, and energy. Turbulence and the transport of 

species can be described by additional equations. In this chapter, the governing equations used in 

this study are described. 

2.1 Mathematical Formulation 

2.1.1 Mass Transport Equation  

The compressible equation for mass transport in the differential form can be written as  

 

𝜕𝜌

𝜕𝑡
+

𝜕𝜌𝑢𝑖

𝜕𝑥𝑖
= 𝑆 

 

(18) 

2.1.2 Momentum Transport Equation  

The momentum transport equation in compressible form can be written as  

 

𝜕𝜌𝑢𝑖

𝜕𝑡
+

𝜕𝜌𝑢𝑖𝑢𝑗

𝜕𝑥𝑗
= −

𝜕𝑃

𝜕𝑥𝑖
+

𝜕𝜎𝑖𝑗

𝜕𝑥𝑗
+ 𝑆𝑖 

 

(19) 

Where the viscous stress tensor can be written as  

 
𝜎𝑖𝑗 = 𝜇 (

𝜕𝑢𝑖

𝜕𝑥𝑗
+

𝜕𝑢𝑖

𝜕𝑥𝑖
) + (𝜇′ −

2

3
𝜇) (

𝜕𝑢𝑘

𝜕𝑥𝑘
𝛿𝑖𝑗) 

 

(20) 

In the above equations 𝑢, 𝜌 and 𝑆 are the velocities, density and source term respectively, 𝑃 is the 

pressure, 𝜇 and 𝜇′ are viscosity and dilatational viscosity respectively, 𝛿𝑖𝑗 is the Kronecker delta. 

It should be noted that in the matter of turbulence modeling, the turbulent viscosity should be used 

instead of viscosity which can be given by  
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𝜇𝑡 = 𝜇 + 𝐶𝜇𝜌

𝑘2

휀
 

 

(21) 

Where 𝐶𝜇 and 𝑘 are the turbulent models constant and turbulent kinetic energy respectively, and 

휀 is the turbulent dissipation. 

Both the mass and momentum equations allow for the source terms. For the mass equation, the 

source terms can arise from the evaporation or other submodels. On the other hand, the source 

term in the momentum equation can arise from gravitational acceleration.  

It is important to note that the pressure gradient in the momentum equation requires to solve the 

mass and momentum equations together. 

2.1.3 Energy Transport Equation  

The energy equation is written in a compressible form as follows 

 

𝜕𝜌𝑒

𝜕𝑡
+

𝜕𝑢𝑗𝜌𝑒

𝜕𝑥𝑗
= −𝑃

𝜕𝑢𝑗

𝜕𝑥𝑗
+ 𝜎𝑖𝑗

𝜕𝑢𝑖

𝜕𝑥𝑗
+

𝜕

𝜕𝑥𝑗
(𝐾

𝜕𝑇

𝜕𝑥𝑗
) +

𝜕

𝜕𝑥𝑗
(𝜌𝐷 ∑ ℎ𝑚

𝜕𝑌𝑚

𝜕𝑥𝑗
) + 𝑆

𝑚

 

 

(22) 

Where 𝜌 and 𝑒 are the density and the specific internal energy respectively, Ymand ℎ𝑚 are the mass 

fraction and enthalpy of species 𝑚 respectively, 𝐷 is the mass diffusion coefficient,  𝑃 and 𝑆 are 

pressure and source term respectively, 𝐾 and 𝜎𝑖𝑗 represent conductivity and stress tensor 

respectively, and 𝑇 is the temperature. It should be mentioned here that if a turbulence model is 

activated, the turbulent conductivity should be used instead of conductivity which can be written 

as 

 
𝐾𝑡 = 𝐾 + 𝑐𝑝

𝜇𝑡

𝑃𝑟𝑡
 

 

(23) 
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Where Pr𝑡 and 𝜇𝑡 are the turbulent Prandtl number and the turbulent viscosity respectively. The 

turbulent Prandtl number is given by  

 
𝑃𝑟𝑡 = 𝑐𝑝

𝜇𝑡

𝐾𝑡
 

 

(24) 

Where 𝑐𝑝 is the specific heat, 𝜇𝑡 and 𝐾𝑡 are turbulent viscosity and turbulent conductivity 

respectively. 

Beside of the convection and diffusion terms, there are some extra terms. First, a source term which 

represents energy sources and turbulent dissipation. The pressure term expressed as −𝑃
𝜕𝑢𝑗

𝜕𝑥𝑗
  that 

represents compression and expansion. The viscous dissipation term expressed as 𝜎𝑖𝑗
𝜕𝑢𝑖

𝜕𝑥𝑗
 which 

accounts for kinetic energy viscously dissipating into heat. Finally, a species diffusion term 

expressed as 
𝜕

𝜕𝑥𝑗
(𝜌𝐷 ∑ ℎ𝑚

𝜕𝑌𝑚

𝜕𝑥𝑗
)𝑚  that represents energy transport due to species diffusion.   

2.1.4 Species Transport Equation 

The species conservation equation in compressible form can be written as  

 

𝜕𝜌𝑚

𝜕𝑡
+

𝜕𝜌𝑚𝑢𝑗

𝜕𝑥𝑗
=

𝜕

𝜕𝑥𝑗
(𝜌𝐷

𝜕𝑌𝑚

𝜕𝑥𝑗
) + 𝑆𝑚 

 

(25) 

Where 𝜌𝑚 is the species density defined as 

 
𝜌𝑚 = 𝑌𝑚𝜌 

 
(26) 

𝑌𝑚 is the mass fraction of species 𝑚 defined as  

 
𝑌𝑚 =

𝑀𝑚

𝑀𝑡𝑜𝑡
=

𝜌𝑚

𝜌𝑡𝑜𝑡
 

 

(27) 
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Where 𝑀𝑚, 𝑀𝑡𝑜𝑡, and  𝜌𝑡𝑜𝑡 represents the mass of species 𝑚 in the cell, total mass in the cell, and 

the density of the cell, respectively. 

𝑢 is the velocity, 𝜌 is the density, 𝐷 is the mass diffusion coefficient, and 𝑆𝑚 is the source term 

which accounts for evaporation, chemical reactions (combustion) and other submodels. The 

molecular mass diffusion coefficient is defined as 

 
𝐷 =

𝑣

𝑆𝑐
 

 
(28) 

Where 𝑆𝑐 is the Schmidt number. In case of turbulence model has been activated, the turbulent 

mass diffusion coefficient is used  

 
𝐷𝑡 =

𝑣𝑡

𝑆𝑐𝑡
 

 

(29) 

Where 𝑆𝑐𝑡 is the turbulent Schmidt number. 

2.2 Turbulence Modeling  

Turbulence modeling is crucial to obtain accurate CFD simulation results in internal combustion 

engines as it increases the rate of mixing of momentum, energy, and species. 

Turbulence enhanced mixing results from the presence of turbulent eddies in the flow. Turbulent 

eddies exist at many length scales. The CFD solver cannot entirely account for the enhanced 

mixing effects of turbulence in the simulation if it does not contain a discretized domain that can 

resolve the smallest eddy length scale. So, turbulence modeling is of high importance to obtain to 

compensate for the additional mixing [26]. 
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2.2.1 RANS Models  

Converge contains the following Reynolds-Averaged Navier-Stokes (RANS) turbulence models: 

Standard 𝑘 − 휀, RNG (Renormalization Group)𝑘 − 휀, Rapid Distortion RNG 𝑘 − 휀 [27], 

Realizable 𝑘 − 휀, Standard 𝑘 − 휀 1998 [28], Standard 𝑘 − 𝜔 2006 [29], and 𝑘 − 𝜔 𝑆𝑆𝑇. In these 

models, the flow variables like velocity are braked down into an ensemble mean and a fluctuating 

term as given 

 
𝑢𝑖 = �̅�𝑖 + 𝑢𝑖

′ 

 
(30) 

Where 𝑢𝑖 is the instantaneous velocity,�̅�𝑖 is the ensemble mean, and 𝑢𝑖
′ is the fluctuating term.  

The RANS decomposition should be substituted into Navier-Stokes equations to derive the RANS 

transport equations and to average. The compressible RANS equation for mass can be written as  

 

𝜕�̅�

𝜕𝑡
+

𝜕�̅��̃�𝑗

𝜕𝑥𝑗
= 0 

 

(31) 

While the compressible RANS equation for momentum can be written as 

 

𝜕�̅��̃�𝑖

𝜕𝑡
+

𝜕�̅��̃�𝑖�̃�𝑗

𝜕𝑥𝑗
= −

𝜕�̅�

𝜕𝑥𝑖
+

𝜕

𝜕𝑥𝑗
[𝜇 (

𝜕�̃�𝑖

𝜕𝑥𝑗
+

𝜕�̃�𝑗

𝜕𝑥𝑖
) −

2

3
𝜇

𝜕�̃�𝑘

𝜕𝑥𝑘
𝛿𝑖𝑗] +

𝜕

𝜕𝑥𝑗
(−�̅�𝑢𝑖

′𝑢𝑗
′)̃ 

 

(32) 

And the Favre average,~, for the velocity is defined as  

 
�̃�𝑖 ≡

𝜌𝑢𝑖̅̅ ̅̅̅

�̅�
 

 

(33) 

The last term in on the right of the momentum RANS equation (−�̅�𝑢𝑖
′𝑢𝑗

′)̃ is called the Reynolds 

stresses, which represents the effects of turbulence. The Reynolds stresses 𝜏𝑖𝑗 can be expressed as  

 
𝜏𝑖𝑗 = −�̅�𝑢𝑖

′𝑢𝑗
′̃  

 
(34) 

In this work, RNG 𝑘 − 휀 is used. Thus, the focus will be on the derivation of this equation. 
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2.2.1.1 RNG 𝐤 − 𝛆 model 

Reynolds stress for the RNG 𝑘 − 휀 can be written as  

 
𝜏𝑖𝑗 = −�̅�𝑢𝑖

′𝑢𝑗
′̃ = 2𝜇𝑡𝑆𝑖𝑗 −

2

3
𝛿𝑖𝑗 (𝜌𝑘 + 𝜇𝑡

𝜕�̃�𝑖

𝜕𝑥𝑖
) 

 

(35) 

Where 𝑘 is the turbulent kinetic energy and is defined as 1/2 of the stress tensor trace 

 
𝑘 =

1

2
𝑢𝑖

′𝑢𝑗
′̃  

 

(36) 

And 𝜇𝑡 is the turbulent viscosity which is given by  

 
𝜇𝑡 = 𝑐𝜇𝜌

𝑘2

휀
 

 

(37) 

Where 𝑐𝜇 is the model constant and can be tuned for particular flow and 휀 is the dissipation 

turbulent kinetic energy.  

𝑆𝑖𝑗 is the mean strain rate tensor which is given by  

 
𝑆𝑖𝑗 =

1

2
(

𝜕�̃�𝑖

𝜕𝑥𝑗
+

𝜕�̃�𝑗

𝜕𝑥𝑖
) 

 

(38) 

To account for the presence of turbulence in mass and energy transport the model use the turbulent 

diffusion and conductivity terms which can be written as  

 
𝐷𝑡 = (

1

𝑆𝑐𝑡
) 𝜇𝑡 

 

(39) 

and  

 

𝐾𝑡 = (
1

P𝑟𝑡
) 𝜇𝑡𝑐𝑝  

 

(40) 
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Where 𝐷𝑡is the turbulent diffusion, 𝑆𝑐𝑡 is the turbulent Schmidt number, 𝐾𝑡 is the turbulent 

conductivity, and P𝑟𝑡 is the turbulent Prandtl number. 

To obtain the turbulent viscosity, the RNG 𝑘 − 휀 model requires two extra transport equations. 

One is needed for the turbulent kinetic energy 𝑘 and can be written as  

 

𝜕𝜌𝑘

𝜕𝑡
+

𝜕𝜌𝑢𝑖𝑘

𝜕𝑥𝑖
= 𝜏𝑖𝑗

𝜕𝑢𝑖

𝜕𝑥𝑗
+

𝜕

𝜕𝑥𝑗

𝜇

P𝑟𝑘

𝜕𝑘

𝜕𝑥𝑗
− 𝜌휀 +

𝑐𝑠

1.5
𝑆𝑠 

(41) 

While the other one is needed for the dissipation of the turbulent kinetic energy 휀 which is given 

by  

      
𝜕𝜌휀

𝜕𝑡
+

𝜕(𝜌𝑢𝑖휀)

𝜕𝑥𝑖
=

𝜕

𝜕𝑥𝑗
(

𝜇

P𝑟𝜀

𝜕휀

𝜕𝑥𝑗
) + 𝑐𝜀3𝜌휀

𝜕𝑢𝑖

𝜕𝑥𝑖
+ (𝑐𝜀1

𝜕𝑢𝑖

𝜕𝑥𝑗
𝜏𝑖𝑗 − 𝑐𝜀2𝜌휀 + 𝑐𝑠𝑆𝑠)

휀

𝑘
+ 𝑆 − 𝜌𝑅 (42) 

Where 𝑆 is the user-supplied source term, 𝑆𝑠 is the source term that represents interactions with 

spray, 𝑐𝜀1 , 𝑐𝜀2, and 𝑐𝜀3 are model constants that accounts for compression and expansion.  

𝑅 is defined as  

 𝑅 =
𝐶𝜇𝜂3 (1 −

𝜂
𝜂0

)

(1 + 𝛽𝜂3)

휀2

𝑘
 (43) 

Where 𝜂 can be expressed as  

 
𝜂 =

𝑘

휀
|𝑆𝑖𝑗| =

𝑘

휀
 √2𝑆𝑖𝑗𝑆𝑖𝑗 

(44) 

2.3 Spray Modeling 

A combination of Lagrangian and Eulerian approaches are implemented in diesel spray 

simulations. An Eulerian framework is used to describe the air in the combustion chamber, while 

the liquid spray is discretized into computational parcels where these parcels represent a group of 
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identical drops which have the same properties (velocity, temperature, radius, etc.). The entire 

spray field is represented by these parcels. The main advantage of using these parcels that it 

reduces the computational time of the simulation significantly. The spray parcels are subjected to 

several processes form the start of injection up to the time of vaporization [26]. These processes 

include liquid injection, spray breakup, drop drag, collision models, drop/wall interaction, 

evaporation model, etc. as can be seen in the figure below. 

 

Figure 11. Various stages of high-pressure diesel spray breakup [30] 

 A brief description of the spray breakup will be introduced. 

2.3.1 Spray Breakup 

Normally fuel injection is handled by the use of blob injection model, and the interaction of the 

parcels with the environment leads to surface instabilities. 

The instabilities are typically described in diesel spray by Kelvin-Helmholtz (KH) and Rayleigh-

Taylor (RT) models which are used to predict primary and secondary breakup. 
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2.3.1.1 Kelvin_Helmholtz Breakup Model 

In 1986 Reitz and Bracco [31] proposed a linearized model where they considered a cylindrical 

liquid jet discharged from a circular orifice into a stationary incompressible inviscid gas. A first-

order linear theory is used to examine the stability of the liquid surface to perturbation. A 

cylindrical polar coordinate system is used which moves with the jet velocity, 𝑈. Infinitesimal 

axisymmetric surface displacement is imposed on the initially steady motion which has the form  

 𝜂 = 𝜂0𝑒𝑖𝑘𝑧+𝜔𝑡 (45) 

This equation relates the growth rate 𝜔𝐾𝐻, of an initial perturbation of infinitesimal amplitude, 𝜂0, 

to its wavelength 𝜆𝐾𝐻 where the wavenumber 𝑘𝐾𝐻 =
2𝜋

𝜆𝐾𝐻
 .  

The linearized hydrodynamic equations for the liquid are solved with wave solutions where ∅1 

and 𝜓1 are velocity potential and stream function, respectively.  

 ∅1 = 𝐶1𝐼𝑜(𝑘𝐾𝐻𝑟)𝑒𝑖𝑘𝐾𝐻𝑧+𝜔𝐾𝐻𝑡 (46) 

 𝜓1  = 𝐶2𝐼1(𝐿𝑟)𝑒𝑖𝑘𝐾𝐻𝑧+𝜔𝐾𝐻𝑡 (47) 

Where 𝐶1 and 𝐶2 are integration constants, 𝐼𝑜 and 𝐼1 are modified Bessel functions of the first kind, 

𝐿2 = 𝑘𝐾𝐻
2 + 𝜔𝐾𝐻/𝑣1, where 𝑣1is the liquid kinematic viscosity. 

By eliminating the integration constants and substituting the pressure and velocity solutions, the 

dispersion relation can be obtained, which is mentioned in details by [31]. The equation can predict 

the maximum growth rate for different flow conditions by fitting a curve of numerical solutions. 

The maximum growth rate Ω𝐾𝐻 and the corresponding wavelength Λ𝐾𝐻   can be calculated as  

 

Λ𝐾𝐻

𝑟𝑝
= 9.02

(1 + 0.45𝑍𝑙
0.5)(1 + 0.4𝑇0.7)

(1 + 0.87𝑊𝑒𝑔
1.67)

0.6  
(48) 
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And  

 Ω𝐾𝐻 [
𝜌𝑙𝑟𝑝

3

𝜎
]

0.5

=
(0.34 + 0.38𝑊𝑒𝑔

1.5)

(1 + 𝑍𝑙)(1 + 1.4𝑇0.6)
 (49) 

Where 𝜌𝑙 is the density of the liquid, 𝑍𝑙 = √𝑊𝑒𝑙/𝑅𝑒𝑙 is the Ohnesorge number where 𝑅𝑒𝑙 is 

Reynolds number defined as 𝑅𝑒𝑙 = 𝑈𝑟𝑝/𝑣𝑙  , 𝑇 = 𝑍𝑙√𝑊𝑒𝑔 is the Taylor number, the liquid and 

gas Weber number are defined as 𝑊𝑒𝑙 = 𝜌𝑙𝑈2𝑟𝑝/𝜎 and 𝑊𝑒𝑔 = 𝜌𝑔𝑈2𝑟𝑝/𝜎 respectively. It should 

be noted that 𝑈 = |𝑢𝑖 − 𝑣𝑖| where 𝑢𝑖 is the fluid phase velocity and 𝑣𝑖 is the droplet velocity. 

This model assumes that the initial parcel diameter is set to be the same as the nozzle hole diameter. 

The radius of the drops resulting from the breakup of the parcels 𝑟𝑐 is proportional to the maximum 

wave length Λ𝐾𝐻. This relation can be written as  

 
𝑟𝑐 = 𝐵𝑜Λ𝐾𝐻 

(50) 

Where 𝐵𝑜 is the model constant reported by [31] to be 0.61, but it can be adjusted for different 

cases. A smaller value of 𝐵𝑜 results in smaller drops, and large values of 𝐵𝑜 results in larger drops. 

The change of the parent drop radius concerning time can be given as 

 

𝑑𝑟𝑝

𝑑𝑡
= −

(𝑟𝑝 − 𝑟𝐶)

𝜏𝐾𝐻
 

(51) 

Where 𝜏𝐾𝐻 is the breakup time and can be calculated as  

 
𝜏𝐾𝐻 =

3.726𝐵1𝑟𝑝

Λ𝐾𝐻Ω𝐾𝐻
 

(52) 

Where 𝐵1 is the breakup time constant, and it varies from an injector to injector.  
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2.3.1.2 Rayleigh-Taylor Breakup Model 

Beside the KH model, the Rayleigh-Taylor(RT) instability is believed to be responsible for droplet 

breakup. The unstable RT waves are said to occur due to the significant deceleration of the drops 

from the magnitude of the drag force, |𝐹𝐷,𝑖|, which is given by  

 |𝐹𝐷,𝑖| = 𝑀𝑑|𝑎𝑖| = 𝑀𝑑

3

8
𝐶𝐷  

𝜌𝑔|𝑈𝑖|
2

𝜌𝑙𝑟𝑜
 (53) 

Where |𝑎𝑖| is the deceleration of the drop, 𝑀𝑑 is the mass of the drop, and 𝐶𝐷 is the drag coefficient. 

As mentioned by Ricart, the typical RT model neglects the viscosity of liquid and gas [32]. In this 

case, the fastest-growing wavelength for the RT model is given by [33] as 

 
Λ𝑅𝑇 = 2𝜋√

3𝜎

𝑎(𝜌𝑙 − 𝜌𝑔)
′ (54) 

And the maximum growth rate which corresponds to this wavelength is given by 

 Ω𝑅𝑇 = √
2

3√3𝜎

[𝑎(𝜌𝑙 − 𝜌𝑔)]
3/2

𝜌𝑙 + 𝜌𝑔
 (55) 

The RT model in Converge can be extended to include viscosity, as explained by [34], which can 

have a significant effect on the cases with high decelerations. When the viscosity is included in 

the RT model, the growth rate can be shown [35] to be 

 𝜔𝑅𝑇 = −𝑘𝑅𝑇
2 (

𝜇𝑙 + 𝜇𝑔

𝜌𝑙 + 𝜌𝑔
) + √𝑘𝑅𝑇 (

𝜌𝑙 − 𝜌𝑔

𝜌𝑙 + 𝜌𝑔
) 𝑎 −

𝑘𝑅𝑇
3 𝜎

𝜌𝑙 + 𝜌𝑔
+ 𝑘𝑅𝑇

4 (
𝜇𝑙 + 𝜇𝑔

𝜌𝑙 + 𝜌𝑔
)

2

 (56) 

Where 𝑘𝑅𝑇 is the wavenumber. The above equation reduces to standard RT model in the absence 

of viscosity. 
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As mentioned by [33] if the wavelength is smaller than the droplet diameter, the RT waves are 

assumed to be growing on the surface of the droplet. In case the amount of time that the wave 

grow is more significant than the breakup time, the parent droplet is broken up into a collection 

of smaller drops. The breakup time can be assumed to be  

 
𝜏𝑅𝑇 = 𝐶𝜏/Ω𝑅𝑇 

(57) 

Where 𝐶𝜏 is an adjustable constant which usually has the value of 1.  While the smaller drops 

radius is given to be   

 
𝑟𝑐 = 𝜋𝐶𝑅𝑇/𝐾𝑅𝑇 

(58) 

Where 𝐶𝑅𝑇 is assumed to equal 0.3 unless otherwise stated. This constant can be adjusted to 

increase or decrease the size of the predicted RT breakup radius. 

2.3.1.3 KH-RT Breakup Length Model 

As the name suggests, Converge allows running the KH and RT models concurrently. In case this 

model is activated, the breakup length is given as  

 
𝐿𝑏 = 𝐶𝑏𝑙√

𝜌𝑙

𝜌𝑔
𝑑0 

(59) 

This model uses the KH instability inside of the characteristic breakup distance 𝐿𝑏 while both KH 

and RT models are activated outside the breakup length. First, the RT instability mechanism is 

activated and incase that the mechanism couldn't break up the droplet; the KH mechanism is used.    
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Figure 12. KH-RT breakup length model schematic 
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CHAPTER 3 

NUMERICAL SETUPS 

The equation of state used in all simulations is the Redlich-Kwong equation where it accounts 

for the effects of attractive and repulsive forces among molecules unless stated otherwise. 

3.1 Geometry Creation  

The modeled engine is a Volvo D13C500 6-cylinders with engine specifications given in table (1) 

and operating conditions given in table (2)  

Table 1. Engine specifications 

Engine Configuration  Single-cylinder / 4 stroke 

Displacement Volume  2130 cm3  

Stroke 158 mm 

Cylinder Boer  131 mm 

Connecting Rod length  255 mm 

Geometric Compression Ratio  17:1 

IVC (intake valve closing) 160 BTDC (before top dead center) 

EVO (exhaust valve opening) 140 ATDC (after top dead center) 

Number of Nozzles  7 

Nozzle Diameter  0.225 mm 
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Table 2. Operating conditions 

Operating Condition Single Injection Case Multiple Injections Case 

Engine Speed (rpm) 1200 1200 

Injection Pressure (bar) 1250 2250 

Load (bar)  9.5 11 

Fuel N-heptane Diesel 

Mass of Fuel Injected 

(mg/cycle) 

99.2 117.6 

 

A sector geometry was used to reduce the computational time without affecting the accuracy of 

the results. Due to the symmetrical locations of the nozzles in the combustion chamber, the sector 

geometry is defined based on the number of nozzles. For example, the engine used for the 

validation has seven nozzles. Then, to create the sector, a 51.428° is used (360/7) as can be seen 

in figure (13) 
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Figure 13. Creation of engine sector geometry (the figures on the left represent the full geometry and the figures on the right 

represent sector geometry) 

3.2 Chemical Kinetic Model 

It is possible to find a lot of reaction mechanisms to simulate the chemical reactions that occur in 

the gaseous phase.  The mechanisms considered in this thesis are 

 Zeuch mechanism [36] 

 Li mechanism (TPRFE) [37]  

 Ranzi mechanism [38] 
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Table 3. Mechanisms specifications 

Mechanism Elements Number  Number of species Number of Reactions 

Zeuch 5 121 593 

Ranzi 5 106 1791 

Li (TPRFE) 7 61 270 

 

3.3 Solver Parameters   

3.3.1 PISO Algorithm  

The Pressure Implicit with Splitting of Operators (PISO) procedure was proposed by [39], which 

involves one predictor step, and two corrector steps are used. The predictor step gives a guess of 

pressure to solve for velocity using a discretized momentum equation. The velocity component 

resulted from the predicted pressure may not satisfy the continuity equation, so correction factors 

for the pressure and velocity components are needed, and the momentum equation is solved by 

using the correct pressure and getting the corresponding right velocity component. The second 

corrector can be used as the first one to get the pressure and velocity component, and this procedure 

can be repeated as many times as necessary to obtain the desired accuracy. By comparing the 

guessed and solved pressures, based on the tolerance and the max and min PISO values, the PISO 

loop may or may not continue. The loop will continue if the solution doesn’t converge before 

reaching the max PISO iterations. If the solution converges between the max PISO and twice max 

PISO Converge writes a file for time step limiter and reduce time step size. If the solution does not 

converge within twice the number of max PISO iterations, Converge will resolve the iterations 

using a smaller and more stable time step.  
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3.3.2 SOR Algorithm  

The linear solver used to solve the governing equations is the point-wise successive over-relaxation 

(SOR) algorithm. The successive over-relaxation is an iterative method with a relaxation factor to 

accelerate the convergence  

As it is recommended by Converge to use SOR where the number of pressure iterations per PISO 

is less than 15. This solver is suitable for cases with compressible flows and small time-steps like 

engine simulations. 

After discretizing the governing equations, each equation can be written in a linear system form as  

𝐴𝑥 = 𝑏 

The solver starts with an initial guess 𝑥0 and tries to find the next value that approaches the true 

solution 𝑥. The process can be described as the limit  

lim
𝑛→∞

𝑥𝑛 = 𝑥 

The following check is done after each iteration  

‖𝑟𝑛 − 𝑟0‖

‖𝑟0‖
<

1

𝑡𝑜𝑙𝑒𝑟𝑎𝑛𝑐𝑒
 

Where  

𝑟 =
‖𝐴𝑥 − 𝑏‖2

‖𝑏‖2
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3.4 Boundary and Initial Conditions  

The boundary type used to model the piston, cylinder wall, and cylinder head is the wall boundary 

type. While for the front and back face the boundary type is periodic as can be seen in the table 

below 

Table 4. Boundary conditions 

Boundary Wall Motion 

Type 

Surface 

Movement 

Temperature 

(K) 

Piston Translating Moving 533 

Cylinder Wall Stationary Fixed 433 

Cylinder Head Stationary Fixed 523 

 

Law of the wall is used for the three boundaries mentioned above, where it is suitable to use this 

model for turbulent flows to resolve the viscous sublayer of the stream. 

The initial pressure and temperature for the multiple injection case at IVC are 3.470749 bar and 

394 K, while for the single injection case are 2.6 bar and 293.67 K and the residuals are obtained 

using the GT-Power Suite package.   

3.5 Physical Setup  

Once the spray is injected, a model is needed to convert the liquid into the gas phase. Frossling 

model was used as an evaporation model; the model is well described in [40]. An estimation of 

droplet collisions and their outcome is done by implementing the No Time Counter (NTC) model, 

which is described in [41]. This model involves stochastic sub-sampling of the parcels in each cell. 
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For the drop/ wall interaction wall film model is used. For injector modeling, the KHRT model is 

used. 

SAGE detailed chemistry solver is used to simulate the combustion process where this solver can 

predict a wide range of cases (premixed, partially premixed, non-premixed) [26]. To save 

computational time, an adaptive zoning model is used in this solver, based on the thermodynamic 

states of the cells where the cells are grouped into zones based on the temperature and equivalence 

ratio which are given in this case to be 5 K and 0.05 respectively. 

Another way to accelerate the SAGE solver is that not to solve unless the difference between the 

cell temperatures from two consecutive time steps exceeds a specified value where in this case the 

value is given to be 2 K. 

 As described in the previous section, the RNG 𝑘 − 휀 model is used to model turbulence.  

3.6 Grid Control 

3.6.1 Grid Scaling 

The base grid size used in all the cases is 1.4 mm. Grid scaling is also used as it can reduce the run 

time by coarsening the grid at not-crucial-times and refining the grid at critical times. For example, 

in this case, the grid needs to be refined during spray and combustion and needs to be coarsened 

during compression. The base grid size can be changed according to 

𝑠𝑐𝑎𝑙𝑒 𝑔𝑟𝑖𝑑 = 𝑑𝑥_𝑏𝑎𝑠𝑒/2𝑔𝑟𝑖𝑑_𝑠𝑐𝑎𝑙𝑒 

Where 𝑔𝑟𝑖𝑑_𝑠𝑐𝑎𝑙𝑒 is the scaling factor, and the scaled grid is the new base grid size. It obvious 

from the above equation that 𝑔𝑟𝑖𝑑_𝑠𝑐𝑎𝑙𝑒 value of 0 will not change the base grid, a positive value 
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will refine the grid, and a negative value will coarsen the grid, 𝑑𝑦_𝑏𝑎𝑠𝑒, and 𝑑𝑧_𝑏𝑎𝑠𝑒 grids are 

also scaled according to the previous equation [26]. 

3.6.2 Fixed Embedding 

Fixed embedding is used to refine the grid at specified locations where a finer resolution is crucial 

to the accuracy of the results and keeping a coarse grid in the rest of the domain to reduce the 

simulation time.  The embedding scale must be specified which will scale the base grid according 

to  

𝑑𝑥_𝑒𝑚𝑏𝑒𝑑 = 𝑑𝑥_𝑏𝑎𝑠𝑒/2𝑒𝑚𝑏𝑒𝑑_𝑠𝑐𝑎𝑙𝑒 

A time period is also specified to further reduce the run time by refining the grid only for a portion 

of the simulation. 

The fixed embedding specifications are listed below  

Table 5. Fixed embedding specifications 

Entity type Scale Start time (CAD) End time (CAD) 

Injector 2 -7.5 23 

Piston  1 0 140 

Cylinder head 1 0 140 

  

3.6.3 Adaptive Mesh Refinement  

Adaptive Mesh Refinement (AMR) is used to automatically refine the mesh where fluctuating and 

moving conditions such as temperature and velocity. This method is useful as it reduced the 

simulation time where a globally refined mesh is not needed [26]. A good AMR algorithm will 
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refine the grid where the curvature of a specified field is the highest. In all the simulations, AMR 

is used where the curvature of velocity and temperature is changing with the maximum embedding 

of 2, where the minimum and maximum cell count are one cell and 2 million cells respectively.  

The following figure demonstrates the use of fixed embedding and AMR. 

 

Figure 14. Grid control by using fixed embedding and AMR 
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CHAPTER 4 

RESULTS and DISCUSSION  

This chapter describes the validation part against the experimental data for the two cases (single 

injection and multiple injections) as well as the validation of the model by changing some 

parameters. In particular, the simulation validation has been carried out by comparing: 

 In-cylinder pressure trace. 

 Rate of heat release. 

The boundary conditions and initial conditions used in the validation are well mentioned in the 

previous chapter.  

The first step in validation of the experimental data is to validate the motored pressure trace 

and to get the effective compression ratio as the geometrical compression ratio can be affected 

by blow-by and connecting rod flex. So, the validation of the motored pressure trace was done 

without the use of injection as well as combustion. 

4.1 Single Injection Case 

The following figure shows a comparison of the experimental and motored pressure trace where 

the effective compression ratio is taken to be 16.4. 
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Figure 15. Comparison of simulation motoring pressure with experiment (Single injection case)  

As can be seen, from the figure 15, the chosen compression ratio gave a really good match with 

the experimental motored pressure trace. 

Unfortunately, the experimental injection rate shape is not measured for the seven holes injector. 

Thus, a square injection rate is used, which provides a constant mass flow rate during the injection. 

The following table lists the experimental data used in the simulation of this case.  

Table 6. Baseline operating conditions for single injection simulations  

SOI -4.4 CAD 

Injection duration 10.2 CAD 

Mass of fuel 99.2 mg/cycle 

Kinetic mechanism Zeuch (121 species) [36] 

 



51 

 

4.1.1 Baseline Case 

Using these baseline data, a comparison between the experimental and simulation results are 

plotted in the figure below  

 

Figure 16. Comparison of in-cylinder pressure and ROHR between experimental data and simulation using default values. 

We can see from the figure 16, that the simulation fails to reach similar peak pressure as the 

experiment. The results show that there is an approximately 4.2% error between simulation and 

experimental result in terms of peak pressure. 
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4.1.2 Verified Case   

In the second case, the same baseline parameters mentioned in table (6) are used. The only 

difference is, in this case, is the turbulence kinetic energy dissipation model constant 𝑐𝜀1 is changed 

from the default value 1.42 to 1.26 which will increase the turbulence and leading to an 

improvement in the mixing process giving an increase in peak pressure (better combustion).  

 

Figure 17. Comparison of turbulent kinetic energy for 𝑐𝜀1 = 1.42 and 𝑐𝜀1 = 1.26. 

The mixing process is expressed in terms of equivalence ratio, where it approaches a stoichiometric 

equivalence ratio indicates a better mixing. Figure (18) shows that reducing the value of 𝑐𝜀1 will 

improve the mixing and as a result, the droplet size will decrease at a faster rate due to an increased 

evaporation and mixing as can be seen in figure (19). 
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Figure 18. A set of equivalence ratio profiles at different crank angles at 𝑐𝜀1 = 1.42 and 𝑐𝜀1 = 1.26 . 
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Figure 19. Comparison of droplet radius using  𝑐𝜀1 = 1.42 (left) and 𝑐𝜀1 = 1.26 (right) at -4 CAD (top) and -2 CAD (bottom). 

Figure (20) shows a comparison between experimental and simulation results. 

 

Figure 20. Comparison of in-cylinder pressure and ROHR between experimental data and simulation using 𝑐𝜀1 = 1.26 

 Figure (20) shows a good match in terms of peak pressure, where the error between the 

experimental and simulation results is about 0.13%. 
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4.2 Multiple Injections Case 

The effective compression ratio is calculated to be 15.56 which gave a good match as can be 

seen in the figure below 

 

Figure 21. Comparison of simulation motoring pressure with experiment (Multiple injection case) 

The experimental injection rate for the multiple injections case is not given. Thus, following the 

same approach as in the single injection case, a square injection rate is used where the following 

table lists the experimental data used in the simulation for this case. 
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Table 7. Baseline operating conditions for multiple injections simulations 

Injections SOI (CAD) Injection duration 

(CAD) 

Injected mass (%) 

First injection -0.6 1.2 1 

Second injection 2.4 1.6 7 

Third injection 6.4 2.4 16.5 

Fourth injection 10.8 6.4 75.5 

 

4.2.1 Baseline Case 

Using Diesel as fuel with Zeuch mechanism, a comparison between the experimental and 

simulation results are plotted in the figure below  

 

Figure 22. Comparison of in-cylinder pressure and ROHR between experimental data and simulation using baseline data and 

Diesel as fuel. 
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It is obvious for the figure 22, that the simulation pressure trace and heat release doesn't match the 

experimental data. One of the reasons that could lead to this is ignition delay, which can be divided 

into physical delay and chemical delay. 

4.2.2 Physical Properties 

In terms of a physical delay, two different fuels were used, which are Diesel and n-heptane. The 

same chemical mechanism (Zeuch 121 species) were used for both of them, and both of the cases 

were modeled using the baseline conditions listed in the table (7). The results are plotted in the 

figures (23) and (24). 

 

Figure 23. Comparison of in-cylinder pressure and ROHR between experimental data and simulation using Diesel as fuel (on the 

left) and n-heptane (on the right). 
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Figure 24. Comparison of Diesel and n-heptane as fuels in terms of pressure trace and heat release rate. 

 Figure (24) shows that using n-heptane as fuel instead of Diesel have a little improvement in the 

simulation results. This is due to the difference in the physical properties between Diesel and n-

heptane. The critical temperatures of the considered Diesel and n-heptane fuels are 736 and 540.26 

K, respectively. The following figures show the differences between the two fuels in terms of 

physical properties. 
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Figure 25. Liquid density profiles for Diesel and n-heptane 

fuels. 

 

Figure 26. Vapor pressure profiles for Diesel and n-

heptane fuels. 

 

Figure 27. Profiles of specific heat for Diesel and n-

heptane fuels. 

 

Figure 28. Surface tension profiles for Diesel and n-

heptane fuels. 

 

Figure 29. The heat of vaporization profiles for Diesel and 

n-heptane fuels. 

 

Figure 30. Viscosity profiles for Diesel and n-heptane fue
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Figure 31. Thermal conductivity for Diesel and n-heptane fuels. 

It is noted from figure (28) that the surface tension for Diesel is higher than that for n-heptane 

above 250 K temperature implying lower Weber numbers, which will result in slower atomization. 

Additionally above 400 K the heat of vaporization for diesel is higher for that of n-heptane, which 

implying that n-heptane requires less energy than Diesel to evaporate. Moreover, lower vapor 

pressure decreases the evaporation rate. In terms of specific heat, there is no significant difference 

between the two fuels. Thermal conductivity is lower for Diesel below 350 K and lower for n-

heptane above that which shows that above 350 K Diesel droplets conduct transfer more heat than 

n-heptane. 

In 2008 Reitz and Ra [42] conducted a CFD study where they investigated the effect of physical 

properties of the fuel on engine combustion where two different fuels using the same chemical 

mechanism are investigated. One of the essential results mentioned in their study is that the effects 

of physical property differences become less important in terms of their impact on the peak 

cylinder pressure as injection timing is advanced. Some of the properties considered in the study 

and their effects are listed in the table below.  
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Table 8. Physical properties and their effects 

Physical property Attributes 

Liquid density Affect vaporization and spray behaviour 

Vapour pressure Spray atomization 

Surface tension Breakup model, collision/coalescence models 

Liquid viscosity Drop internal flow, KH breakup, wall film motion 

Heat of vaporization Vaporization behaviour 

Heat capacity Heat transfer from and to the drop 

 

One of the significant results published by [42] is that the liquid density and vapor heat capacity 

are predicted to be very influential in the engine combustion cases. On the other hand, vapor 

pressure doesn't seem to have a dominant effect. The reduction of surface tension from that of 

Diesel to that of n-heptane affects the breakup process, resulting in a smaller averaged drop size, 

and substantially enhances vaporization. The effect of density on penetration length has been 

studied by [43] where it was mentioned that fuel density and liquid penetration length has a 

proportional correlation as seen in figure (32) and the vapor penetration length shows that the 

injection velocity for n-heptane and Diesel is the same. Figure (33) shows that n-heptane fuel 

evaporates faster than Diesel. 
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 Figure 32. Comparison of liquid and vapor penetration lengths using Diesel and n-heptane as fuel. 

 

 

 

Figure 33. Comparison of liquid spray mass using Diesel and n-heptane. 
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4.2.3 Chemical Properties  

4.2.3.1 Reaction Multiplier 

The chemical mechanism used for the cases mentioned above is (Zeuch 121 species) where this 

mechanism is only validated up to 50 bar. Attempting to tune the chemical mechanism, different 

values of reaction multiplier (RM) were tried. The reaction multiplier is used to increase the rate 

of reactions during combustion. Two benefits of reaction multiplier were used as see in the figure 

below, where a reaction multiplier = 1 is plotted in figure (9) in comparison with the 

experimental data. It should be mentioned here that the fuel used in this study is Diesel

 

Figure 34. Comparison of in-cylinder pressure and ROHR between experimental data and simulation using RM = 2 (on the left) 

and RM = 5 (on the right). 
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Figure 35. Comparison of Pressure trace (on the top left) and heat release rate (on the top right) using different values of 

reaction multiplier. The figure in the bottom is a comparison of heat release rate for the first injection only.  

It is noted from the figure 34 and 35 that the reaction multiplier doesn’t have a significant effect 

on the pressure trace nor heat release rate except it advances the first injection. The reaction 

multiplier will not have a notable impact on the other injections as the fuel is being injected into a 

high-temperature flame where an almost an instantons ignition will take place.   

 

Figure 36. Temperature profiles at different crank angles (the black dots represent parcels). 
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An ignition delay study is conducted using the Chemkin package to see the effect of reaction 

multiplier on ignition delay. Using different equivalence ratios and different pressures, the 

following results are obtained from a zero-D simulation

 

Figure 37. Effect of reaction multiplier = 2 on ignition delay using different pressures and different equivalence ratio.
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Figure 38. Effect of reaction multiplier = 5 on ignition delay using different pressures and different equivalence ratio. 
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As shown in the figures above, increasing the reaction multiplier will reduce the ignition delay 

time. To have some accurate results, the simulation data are used to get the right pressure which is 

found to be 147 bar as stated in the experimental data, and the equivalence can be approximated 

by knowing exactly which cell ignited first and looking at the corresponding equivalence ratio. 

The following plot demonstrates the method used in finding the right equivalence ratio and a plot 

of ignition delay is based upon that. 

 

Figure 39. The maximum temperature to find the equivalence ratio (on the left) and the effect of reaction multiplier on ignition 

delay (on the right). 

The figure above shows that the reaction multiplier will have a minimal effect on ignition delay 

at 1.6 equivalence ratio. 

4.2.3.2 Chemical Mechanisms  

Three different mechanisms were tried and compared to each other in an attempt to find which 

mechanism is suitable for this case. The mechanisms are mentioned in table (3). The figure below 
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shows a comparison between the three mechanisms in terms of pressure trace and heat release rat

 

Figure 40. Comparison of Pressure trace (on the left) and heat release rate (on the right) using different chemical mechanisms. 

The figure above shows that using different mechanisms will have no significant effect on pressure 

trace nor heat release rate. It will only have a minimal effect on the ignition delay for the first 

injection. 

4.2.4 Thermodynamics Properties  

4.2.4.1 Equation of State  

All the simulations conducted above used Redlich-Kwong as the equation of state but as the 

equation poorly predicts liquid phase properties, Peng Robinson equation is used as it performs 

well for gas and condensate systems and where there is a variation in densities [44]. A comparison 

between the two different equations of state in terms of pressure trace and heat release rate is 

plotted in the figure below. 



69 

 

 

Figure 41. Comparison of Pressure trace (on the left) and heat release rate (on the right) using a different equation of state. 

The figure above shows that changing the equation of state will not have a significant effect on 

pressure trace nor heat release rate.  

4.2.5 Turbulence Coefficient   

Following the same approach for the single injection case by reducing the turbulent kinetic energy 

dissipation constant where the default value of 𝑐𝜀1 = 1.42 was reduced to 𝑐𝜀1 = 1.26, which will 

improve the mixing the process. The figure below shows a little improvement in the pressure trace 

as well as the heat release rate. 
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Figure 42. Comparison of Pressure trace (on the left) and heat release rate (on the right) in terms of turbulence dissipation 

constant. 

4.2.6 Advancing SOI 

Advancing the start of injections by trying to match the experimental heat release rate resulted in 

a significant improvement in the simulations results as can be seen in the figure (43). The 

differences between the baseline and Advanced SOI are listed in the table (9).  

Table 9. Comparison of SOI. 

 SOI (CAD) 

Injections Baseline Advanced SOI 

First injection -0.6 -0.6 

Second injection 2.4 1 

Third injection 6.4 3.6 

Fourth injection 10.8 7 
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Figure 43. Comparison of pressure trace and heat release rate by advancing the SOI (top). Injection rate shape comparison 

(bottom).  

Figure (43) shows a good agreement between the experimental and simulation results this is due 

to advancing the SOI which implies the possibility that the baseline case provided from the 

experiment is not accurate in terms of SOI. The injection rate shape also can play an essential role 

in defining pressure trace, and heat release rate as previously mentioned in the chapter (1) which 

in this case is assumed to be square as the experimental rate shape is not provided. 

 

 

 

 

 

 

 

 



72 

 

CHAPTER 5 

CONCLUSION and FUTURE WORK  

8.1 Conclusion 

This study investigates the effect of different parameters on single injection using the isochoric 

cycle and multiple injections trying to achieve an isobaric cycle. 

The following results summarize the sensitivity analysis conducted for single injection case: 

 A single injection isochoric cycle is investigated where the turbulent kinetic energy 

dissipation constant is adjusted to match the experimental data. Changing the constant 

value resulted in improved mixing and a reduction in the liquid penetration length. 

While for multiple injections case, the sensitivity analysis resulted in: 

 The physical properties were investigated by using Diesel and n-heptane as fuel. The 

simulation results were compared against the experiment data in terms of pressure trace 

and heat release rate, where n-heptane showed an improvement compared to Diesel. 

 In terms of chemical properties, the reaction multiplier was used in an attempt to tune the 

chemical mechanism where it is found that it only advances the first injection. Besides, 

three different mechanisms are compared in terms of pressure trace and heat release rate 

where no significant difference was shown. 

  Two different equations of state, namely Redlich-Kwong and Peng Robinson, were 

compared. The results showed that changing the equation of state will not have a significant 

effect on pressure trace nor heat release rate.  
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 The turbulent kinetic energy dissipation constant is reduced in an attempt to maintain a 

constant peak pressure. The result shows a little improvement compared to the default 

value. 

 Advancing the SOI gave a good match in terms of pressure trace and heat release rate. 

8.2 Future Work 

More work can be done as an extension of this study. Some ideas are listed below: 

 Tuning and validation of the chemical mechanism for high-pressure conditions. 

 Investigating the effect of injection rate shape in terms of pressure trace and heat 

release. 

 Characterize the injector to get the right injection rate shape. 

 Study the effect of spray to spray interaction in terms of heat release rate. 
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